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PREFACE

A tubular heat exchanger exemplifies many aspects of the challenge in
designing a pressure vessel. High or very low operating pressures and
temperatures, combined with sharp temperature gradients, and large
differences in the stiffnesses of adjoining parts, are amongst the legion of
conditions that behoove the attention of the heat exchanger designer.
Pitfalls in mechanical design may lead to a variety of operational problems,
such as tube-to-tubesheet joint failure, flanged joint leakage, weld cracks,
tube buckling, and flow induced vibration. Internal failures, such as pass
partition bowing or weld rip-out, pass partition gasket rib blow-out, and
impingement actuated tube end erosion are no less menacing. Designing to
avoid such operational perils requires a thorough grounding in several
disciplines of mechanics, and a broad understanding of the inter-
relationship between the thermal and mechanical performance of heat
exchangers. Yet, while there are a number of excellent books on heat ex-
changer thermal design, comparable effort in mechanical design has been
non-existent. This apparent void has been filled by an assortment of
national codes and industry standards, notably the ‘‘ASME Boiler and
Pressure Vessel Code’ and the ¢Standards of Tubular Exchanger
Manufacturers Association.”” These documents, in conjunction with
scattered publications, form the motley compendia of the heat exchanger
designer’s reference source. The subject matter clearly beckons a
methodical and comprehensive treatment. This book is directed towards
meeting this need.

Many of our readers have been witness to the profound changes that have
occurred in recent years in heat exchanger design practice. Only two short
decades ago, seismic analysis was an alien term to the heat exchanger trade.
Words like “‘response spectrum’’, ‘‘flow induced vibration’’, ‘‘nozzle load
induced vessel stresses’’, etc., held little kinship to the heat exchanger design
technology. Today, these terms occupy a great deal of the designer’s at-
tention. A thorough grasp of the underlying concepts in flow induced
vibration and seismic analysis, along with pressure vessel mechanical design
and stress analysis techniques, is essential for developing cost effective and
reliable designs. Successful troubleshooting of problems in operating units
relies equally on an in-depth understanding of the fundamentals. Our object
in this book is to present the necessary body of knowledge for heat ex-
changer design and operating problems-resolution in a logical and
systematic manner.

The book begins with a comprehensive introduction to the physical
details of tubular heat exchangers in Chapter 1, followed by an introduction



to the stress classification concept in Chapter 2. The following three
chapters are devoted to bolted flange design with particular emphasis on
devising means to improve joint reliability. Chapter 6 treats the so-called
“‘boltless’” flanges. The subject of tube-to-tubesheet joints is taken up in
Chapter 7 wherein a method to predict the ‘‘optimal tube expansion’’ is
presented. The subsequent four chapters deal with the tubesheets for
various exchanger styles, viz. U-tube, fixed and floating head, double
tubesheet, and rectangular tubesheets. Methods for complete stress analysis
of tubesheets, with the aid of computer programs, are given. Additional
topics of mechanical design/stress analysis covered are: flat cover (Chapter
12); heads (Chapter 13); U-tubes (Chapter 14); and expansion joints
(Chapter 15). Chapter 16 is devoted to fostering an understanding of flow
induced vibration in tube bundles; design methods to predict its incidence
and design remedies to obviate its occurrence are presented.

The group of chapters from 17 through 20 deal with heat ex-
changer/pressure vessel support design and seismic analysis. Chapter 21 is
intended to introduce the application of the ‘‘response spectrum’’ analysis
technique to heat exchangers. Finally, Chapter 22 contains a brief resumé of
operational and maintenance considerations in heat exchanger design.

Since much of the pressure vessel design theory requires some knowledge
of plate and shell theory, a self contained treatment of this subject is given
in Appendix A at the end of the text. Additional material, pertinent to a
particular chapter, is presented in appendices at the end of each chapter.

Since many of the design/analysis techniques presented here require
lengthy computations, sometimes impossible by manual means, suitable
computer programs are provided in the text. The source listings of twenty-
two (out of a total of twenty-seven computer codes), along with input in-
structions, are provided in the text. In order to avoid manual transfer of
these codes, source codes (including the five codes not listed in the book) in
more computer amenable form (such as tape, mini-disc, cards, etc.), can be
obtained from the publisher separately.

This book is written with two audiences in mind. The practicing engineer,
too harried to delve into the details of analysis, may principally use the
computer codes with the remainder of the book serving as a reference
source for design innovation ideas or for operational diagnostics work. A
university student or a researcher seeking to obtain an exoteric (as opposed
to esoteric) knowledge of the state-of-the-art in heat exchanger technology
can concentrate on the theoretical developments. As such, this book can be
used for teaching a senior/first year graduate level course in ‘‘heat ex-
changers’” or ‘‘pressure vessel design technology’’. We have made a con-
certed effort to bridge the gap between analytical methods and practical
considerations.

Many men and women have contributed towards the successful con-
clusion of this effort which sometimes appeared to us to be never ending.
From the Joseph Oat Corporation, M. J. Holtz, L. Ng, R. Shah, F.
McAnany, deserve mention. The encouragement and support of Mr.
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Maurice Holtz of the Joseph Oat Corporation, Dr. William S. Woodward
of the Westinghouse Corporation, and Dr. Ramesh Shah of General
Motors Corporation are also acknowledged. Mr. Xu Hong, of the Beijing
Institute of Chemical Technology, contributed to the development of two
of the computer codes during his term as a visiting researcher at the
University of Pennsylvania. Ms., Nancy Moreland of the Joseph Oat
Corporation pursued the task of word processing with unwavering zeal and
fervor, and Mrs. Dolores Federico and Mr. John T. Sheridan, both of
Sheridan Printing Company brought forth tireless effort to bring out the
book in record time. We deeply appreciate their contributions.

Finally, we acknowledge the contributions of our Ph.D. thesis advisors,
Dr. Burton Paul of the University of Pennsylvania, and Dr. Maurice A.
Brull, of the Tel Aviv University. It was their original efforts which started
both of us on the paths leading to the creation of this book.

K. P. SINGH

A.I SOLER

Cherry Hill, New Jersey
February, 1984
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GLOSSARY OF COMPUTER PROGRAMS

HEADSKIRT (Chapter 2): Evaluation of discontinuity stresses at
ellipsoidal head-shell-skirt junction.

FLANGE (Chapter 3) Flange analysis using Taylor Forge Method. 5 types
of flange configurations: welding neck, slip on hubbed flange; lap joint;
hubbed lap joint; and ring joint: Options: Given flange ring thickness
computer flange stresses—or given stress limits determine flange ring
thickness.

TRIEL (Chapter 4) Stress analysis of a three element flanged joint
(tubesheet sandwiched between two flanges) in U-tube heat exchangers. The
concept of flange-tubesheet contact outside of the bolt circle is included in
the analysis (controlled metal-to-metal contact). A two element joint, or a
bolted joint consisting of a flat cover and a welding neck flange, can also be
analyzed. Stresses in all elements are predicted.

GENFLANGE (Chapter 5) Analysis of a two or three element bolted joint
having gaskets too wide to be modelled as line elements. Full faced gaskets
can be treated. Non-linear gasket stress strain curves are allowed. The
gasket compression and decompression history is followed using an in-
cremental solution technique. Joint leakage pressure as well as bolt and
flange stress is computed. Effects of bolt overstress can be studied.
Compression stops at different locations can be accommodated.

LIGTEM (Chapter 7) Prediction of temperature distribution in a tube
wall and in a tubesheet ligament (through the thickness of the tubesheet)
under specified thermal boundary conditions on the tubesheet surfaces, and
on the tube inside surface.

TBROLL (Chapter 7) Fortran microcomputer code using CRT input and
output and also printer hard copy. Evaluates residual roll pressures using
Tresca Yield Condition.

GENROLL (Chapter 7) Elastic-Plastic analysis of tube rolling process
and a single cycle of subsequent thermal loading. The von Mises Yield
Condition is assumed without strain hardening. Large deformation effects
are included. The code does an incremental analysis of loading, unloading,
and subsequent thermal cycling. The tube-tubesheet interface pressure is
traced throughout the problem. Arbitrary tube/tubesheet material com-
binations can be used.

UTUBE (Chapter 8) Interactive Microcomputer code written in BASIC
for analysis of a tubesheet in a U-tube heat exchanger. The effect of un-
perforated rim is included in the model. Support conditions permitted are:
integral construction both sides; one side integral, one side gasketed; and,
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two side gasketed. The effect of different gasket radii on each side of the
tubesheet as well as the effect of edge bolting is accommodated. Shell and
channel stresses are also computed.

FIXSHEET (Chapter 9) Performs a complete stress analysis of two side
integral tubesheets in fixed tubesheet heat exchangers. The two tubesheets
are identical, and vertical and horizontal orientations are permitted. The
effect of elevation in vertically mounted units, the pressure loss due to fluid
flow, and quasi-static seismic acceleration effects along the tubesheet axis
can be incorporated. Complete stress analysis of all portions of the unit are
obtained. The unperforated rim of the tubesheets is treated by plate theory,
so that there is no restriction on the width of the unperforated zone.

FIXFLOAT (Chapter 9) Program assumes heat exchanger symmetry so
only one tubesheet need be modelled. Analysis of the tubesheet of fixed
tubesheet exchangers, or the stationary tubesheet of a floating head unit can
be carried out. The program computes stresses in all relevant portions of the
exchanger for a given tubesheet thickness and unit geometry. Mechanical
and thermal loads are included, and a thickness based on the TEMA for-
mulas can also be determined. The unperforated rim is treated by ring
theory and the tubesheet attachment to shell and channel can be two side
integral, one side integral and one side gasketed, or two side gasketed
construction. Bolt loading and different gasket radii on each side of the
tubesheet can be accommodated.

MICROFIXFLOAT (Chapter 9) Interactive microcoputer BASIC
code which uses the same basic theory as FIXFLOAT but utilizes additional
data, input by user, from graphs to predict the tubesheet stress, tube load,
and shell force.

PRESHEET* (Chapter 10) A pre-processor code to construct a finite
element model for analysis of single and double tubesheets for U-tube
construction or for fixed tubesheet exchangers. The pre-processor accepts a
minimum of user supplied geometry and material data and constructs the
necessary data file for a model with 310 node points and 270 elements. The
data file created is usable directly by the finite element code AXISTRESS.

AXISTRESS* (Chapter 10) A 2-D elastic finite elements code for plane or
axi-symmetric ‘‘finite element analysis.”’

POSTSHEET* (Chapter 10) A post-processor for analysis of single or
double tubesheets. The code processes the results of an AXISTRESS
analysis and presents the results in a form for easy checking of critical stress
areas.

DOUBLESHEET (Chapter 11) Solves field equations for closely spaced
double tubesheets under mechanical and thermal load. The tubesheets can
be either simply supported or clamped. The tubesheets are modelled as thick

*Listing not given in the text
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plates; the tubing between tubesheets is modelled by appropriate stiffness
elements which reflect the effects of both bending and shear in the tubes.
Stresses are computed for user specified radial locations in the tubesheet
and in the tubes.

LAPCOYV (Chapter 12) Responses of a Bolted Cover-Lap Joint Flange
Under Seating and Pressurized Conditions. Metal to metal contact at any
radius outside of the bolt circle is permitted.

UBAX (Chapter 14) Computes the bending and direct stresses in the tube
overhang and U-bend regions due to a specified interleg differential thermal
expansion, and an increase in U-bend radius due to a temperature rise. The
code incorporates the effect of baffle restraint on U-tube thermal growth.

EXJOINT (Chapter 15) Stress and deformation analyses of expansion
joints using an improved theoretical analysis of the classical Kopp and
Sayre model.

EJMAREC (Chapter 15) Analysis of rectangular expansion joints using
EJMA formulas.

FLANFLUE* (Chapter 15) Pre- and Post-Processor for a finite element
analysis of a single convolution of an expansion joint. The codes are set up
to construct a data file for AXISTRESS, and to present the results of the
finite element analysis in a convenient form for checking stress in critical
locations. The spring rate of the joint is computed based on the finite
element results.

MULTSPAN (Chapter 16) Computes natural frequencies and mode
shapes for a straight tube on multiple supports. The straight two ends are
assumed built-in and N-1 intermediate supports can be located along the
tube.

UVIB* (Chapter 16) Computes natural frequencies and mode shapes for
the out-of-plane vibrations of tubes in the U-bend region.

UFLOW (Chapter 16) Computes the quantities needed to describe the
flow field in the U-bend region of a heat exchanger. It is assumed that
double-segmental baffles are present in the unit. The code computes the
flow velocity for different tube layers at various radial locations.

RINGSUP (Chapter 17) Calculates the total membrane and bending stress
at the junction of an annular ring type support and the barrel of a pressure
vessel.

FORLEG (Chapter 18) Determines the orientation of horizontal force and
overturning moment on a vertical unit with a four leg support structure that
maximizes the stress in one of the support legs. This stress is then computed
and all loads on the highly loaded leg are printed out for use in foundation
design and for use in local stress analysis of the vessel.

HORSUP (Chapter 19) Analyzes a horizontal saddle mounted vessel
subject to discrete nozzle loads at arbitrary locations and to seismic inertia

*Listing not given in the text 1
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loads. The program computes the overturning moment and axial force at
both supports and determines the maximum concrete pressure and bolt
stress. The maximum support stress is also computed.

VERSUP (Chapter 20) The code determines the support reactions in a
vertically mounted unit supported at two locations. Both supports can resist
lateral loads and bending moments; only the bottom support resists torsion
or vertical force. The magnitudes of nozzle loads, but not their sense of
action, is assumed given. The code determines the sense of action of all
components of nozzle loads so that each one of the reaction components is
maximized in turn. These maximized reactions are combined with seismic g-
loads to compute the maxi-max of each reaction component in turn. If the
sense of action of all loads is specified, then no maxima are found.
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Numbering Scheme for Equations, Tables, etc.; notes on
arrangement of the text

All equations are labelled as ‘‘chapter number. section number.
equation number.”” For example, Eq. (3.10.4) means equation
number 4 in section 10 of Chapter 3. Tables and references are also
numbered in an identical manner. Appendices pertinent only to a
particular chapter are labeled with the chapter number followed by
an alphabetic appendix number (A, B, C in sequence). Equations,
tables, etc. in appendices are labelled sequentially. For example,
equation 16.A.1 is the first labelled equation in Appendix 16.A.
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1. HEAT EXCHANGER CONSTRUCTION

1.1 INTRODUCTION

A wide range of industries — pharmaceutical, chemical, petrochemical,
dairy, food, refrigeration, bio-chemical, fossil and nuclear power, etc.—
utilize tubular heat exchangers. Exchangers have been given a variety of
names depending on their heat transfer functions; viz. kettle reboiler,
condenser, thermosiphon reboiler, regenerator, recuperator, blow-down
heat exchanger, heating element, and so on. These names serve to identify
the heat transfer function of the hardware, and in many cases, also conjure
up the image of the shape and appearance of the unit. In most instances,
thermal design considerations dictate the external appearance of the unit.
Rating engineers recognize that boiling, partial or total condensation,
highly viscous flows, etc., are considerations which may profoundly affect
the desirable shape of the heat exchanger. Books covering thermal design of
heat exchangers must labor through the maze of heat transfer conditions
which might exist in an operating unit. The picture from the mechanical
design viewpoint, however, is far more unified.

In essence, as a piece of mechanical hardware, a tubular heat exchanger
consists of two intertwined pressure vessels. The inlet header, outlet header,
inside of the tubes and the inlet/outlet nozzles define the domain of the
pressure vessel commonly referred to as the ‘‘tubeside’” chamber (Fig.
1.1.1). The remaining space in the heat exchanger between the shell and the
tubes is the other pressure vessel, known as the “‘shellside’” chamber. Two
fluids at different temperatures enter the two pressure chambers, exchange
heat across the tube walls through a combined conduction-convection
mechanism, and then exit through the outlet nozzles. The central challenge
in thermal design lies in effecting the desired amount of heat transfer with a
minimum amount of tube surface while remaining within prescribed limits
on pressure loss due to flow of the fluids in the two chambers. The
arrangement of the flow of fluids in the two chambers is thus con-
ceptualized in the process of thermal design. Subsequently, the mechanical
design effort must contend with the problems arising from two integrally
attached pressure vessels subject to different pressure and temperature
fields. This has led to the evolution of several styles of heat exchanger
construction which are reviewed briefly in the following so we can acquire
an understanding of the relative merits of each type.

The internal anatomy of the tubular heat exchanger is also exposed in this
chapter with particular reference to its effect on mechanical design. In

1
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Fig. 1.1.1. Integral tubesheet head exchangers (through tube design).

addition, some unusual heat exchanger designs are discussed to help
reinforce the understanding of the limitations of conventional designs. Our
central goal in this chapter is to familiarize the reader with all essential
details of heat exchanger construction, and to provide the building blocks
on which in-depth treatment of subsequent chapters can be carried out
without loss of continuity.

1.2 HEAT EXCHANGER STYLES

Heat exchanger construction styles may be broadly divided into three
categories:

(i) Fixed tubesheet
(i) U-tube
(iii) Floating tubesheet
(i) Fixed Tubesheet Heat Exchanger

In this design, the straight tubes are fastened to tubesheets at their two
extremities. The two tubesheets are welded to the two ends of the shell.
Bonnet head, channel (with flat cover), or reducer type of headers may be
provided at the two ends. For example, Fig. 1.1.1 shows a fixed tubesheet
exchanger with integral channel type headers. In this construction, the
tubesheet is welded to the shell and to the header at both ends. This is
referred to as all-integral construction. In other variations the tubesheets
may be welded to the shell but bolted to the headers; or one tubesheet may
be integrally welded to both shell and header, while the other tubesheet is
welded to the shell and bolted to the header. The header may be shaped in
the form of a bonnet (see Chapter 13 for bonnet types), conical reducer, or
cylindrical shell.* Figure 1.2.1 and Photograph 1.a show fixed tubesheet
heat exchangers with removable headers and removable flat covers,
respectively. In common terminology, a fixed tubesheet welded to the shell
(or channel) is called ‘‘integral’’ with the shell (or the channel).

*In this text, we usually employ the terms ‘‘bonnet’’ and ‘‘channel’’ as generic notation for
the header.
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Fig. 1.2.1. Fixed tubesheet heat exchanger with removal headers (TEMA
type BEM).
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Photograph 1.a. Integral tubesheet heat exchanger with removable flat
cover. (Courtesy Joseph Oat Corporation.)
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It is unusual to make a fixed tubesheet exchanger where the tubesheets are
bolted to the shell. This is due to the fact that the closure gasket cannot be
replaced after the unit is tubed. In some rare commercial applications that
require the use of weld incompatible materials for shell and tubesheet,
pliable packings have been used in bolted shell to tubesheet designs. Such a
construction is obviously limited to small units under benign pressure and
temperature conditions. It is preferable to weld overlay the shell edge with a
third material to which the tubesheet can be welded.

The decision as to whether a channel should be welded or bolted to the
tubesheet must be made with due caution. Welded construction is usually
cheaper if edge welding of the tubesheet, as shown in Fig. 1.1.1, is per-
mitted. On the other hand, some design codes, such as the ASME Boiler
and Pressure Vessel Code for Class 1 nuclear components, require
radiographic butt welds at tubesheet to shell/channel junction. Butt welds
imply that the tubesheet must be procured in the form of a forging with
lateral extensions for welding. A forging is a relatively expensive product
form, which along with the expense of radiography, may make the bolted
alternative relatively economical. In general, however, welded construction
means reduction in the cost of the equipment. Welded-in channels do,
however, reduce the accessibility to the tube ends and therefore make in-
ternal tube cleaning, tube end plugging, tube replacement, etc., more
difficult and time consuming. On the other hand, a bolted-in channel is
“removable’’ only if its nozzles are also flanged, if any of the exchanger
supports is not welded to it, and if the necessary physical space for its
removal is available.

Bolted joints introduce potential locations of leakage during operation
and therefore are viewed with disfavor in units operating under high
pressures. The tubesheet is extended beyond the shell to act as a flange.
Alternatively, the tubesheet is extended as a stub end, and a backing ring
serves as the flange (Fig. 1.2.2). The latter construction is often employed
where the tubesheet is made of any expensive alloy, and its weight is sought
to be minimized.

~—~FLANGE - BACKING RING™

e,

SHELL
4/ =
7 t J
34 [
. ]

SR : | P 7

| JiE.HELL
———TUBESHEET— - j
—A_

TUBESHEET EXTENDED AS
A *STUB END"

TUBESHEET EXTENDED
AS A FLANGE

Fig. 1.2.2. Tubesheet to shell joint.



1/Heat Exchanger Construction 5

Fixed tubesheet construction is rather uncomplicated and economical and
its advantages are many. It permits access to both tube ends; any leaky or
failed tube can be individually plugged or replaced. Absence of bends in the
tube secures the tube interior against localized foulant deposition. The
interior of the tubes can be cleaned conveniently. Perhaps the only problem
with fixed tubesheet construction is the axial thermal stress developed
between the shell and the tubes. The differences in the temperature and
coefficient of thermal expansion of the shell and tube materials may set up
severe axial stresses in the tubes and the shell, precipitating possible
buckling of the tubes, or failure of tube-to-tubesheet joints. To alleviate
such problems, an expansion joint may be added to the shell as shown in
Fig. 1.2.1. Details on the effect of an expansion joint on the fixed tubesheet
design process are found in Chapter 9.

Fixed tubesheet construction is preferred for conditions of service where
the temperature difference between the shellside and the tubeside fluids is
small and where the inside of the tubes require frequent cleaning. From a
mechanical design standpoint, this style exhibits some odd characteristics.
For example, it is possible to have practical designs wherein the pressures in
the tubeside and shellside chambers act additively to increase tube-to-
tubesheet joint load in certain regions of the tubesheet. Thus, the standard
practice of hydrostatically testing each chamber independently may not
load the tubejoint to the operating condition pressure stresses making a
hydrostatic test all but meaningless as a verification of safety factor. In-
dustry standards such as TEMA [1.2.1, p. 10; 1.2.2] take note of such latent
aspects of fixed tubesheet exchanger operation.

The addition of an expansion joint to alleviate thermal loads is not done
without incurring negative features. The expansion joint increases the
tubesheet thickness. It also provides bypass regions for the shellside fluid. It
is often difficult to incorporate expansion joints in shells equipped with
non-removable longitudinal baffles (Section 1.4).

(ii) U-Tube Heat Exchanger

The effect of axial expansion and contraction of the shell and the tube
bundle is decoupled in this design. The tubes are bent into U-shapes and
attached to the same tubesheet (Fig. 1.2.3; Photograph 1.b). Thus, the
design dispenses with the second tubesheet and header, making it an
economical construction. Unlike the fixed tubesheet design, the tube bundle
can be made detachable from shell and channel to facilitate cleaning of the
outer surface of the tubes. Cleaning of the internal surface of the tubes is,
however, easier in the straight tube design.

The designer has wide latitude in deciding the degree to which the unit can
be dismantled. The following combinations are available:

a. Tubesheet integral to both shell and channel: In this construction the
channel usually has a removable flat cover to permit access to the tube ends.
However, integrally welded hemispherical heads are employed in conditions
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Fig. 1.2.3. Removable U-tube heat exchanger (TEMA type CFU).

Photograph 1.b. Four-tube pass, U-tube bundle. (Courtesy Joseph Qat
Corporation.)

of high pressure and temperature. Figure 1.2.4 shows the schematic of a
high pressure feedwater heater (used in the turbine cycle of power plants)
equipped with non-removable shell and bonnet. The bonnet is, however,
equipped with a manhole to permit access to the tubes.

Completely welded-in U-tube heat exchangers without manholes or other
accessways have also been used in applications involving high operating
pressuresyandyextremesconcernywithyjoint leakage. The regenerative heat
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Fig. 1.2.4. Cutaway view of a three-zone horizontal feedwater heater.

exchanger (Photograph 1.c) used to reheat the reactor coolant fluid in
Westinghouse designed Pressurized Water Reactor plants is an example of
such a unit.

b. Tubesheet integral to shell, bolted to channel: The bundle is not
removable which negates a major benefit of U-tube design. The outside of
the tubes is not accessible for mechanical cleaning, and any leaky tube must
be plugged (cannot be removed).

This construction is employed if leakage of the shellside fluid is a safety
concern, or if the shellside pressure is high enough to make the reliability of
a shell-tubesheet bolted joint suspect. This design is also used when the shell
longitudinal baffle must be welded to the tubesheet for thermal design
considerations.

c. Tubesheet integral to channel, bolted to shell: This configuration,
shown in Fig. 1.2.3, is quite common. Access to the tube ends is available
through a removable cover. However, replacement of a worn tubesheet-
shell flange gasket requires full length removal of the bundle—a time-
consuming operation.

d. Tubesheet bolted to both shell and channel: This construction offers
maximum disassembly capability. The bonnet is usually in the shape of a
formed head. The tubesheet is sandwiched between the shell and tubeside
flanges. The gaskets between the bonnet flange and tubesheet, and between
the tubesheet and shell flange are seated by a common set of studs. This



8 Mechanical Design of Heat Exchangers

Photograph 1.c. Regenerative heat exchanger; three integrally welded U-
tube heat exchangers interconnected with ‘‘flangeless’’ piping. (Courtesy
Joseph Oat Corporation.)

bolted joint, consisting of two flanges and a tubesheet, is referred to as the
“‘three-element joint’’ in the literature. Photograph 1.d shows such a joint
used in a power plant heat exchanger. Since the same bolt pull is responsible
for loading both gaskets, one gasket cannot be replaced without unloading
the other. This is a negative factor since replacement of the bonnet side
gasket is far easier than replacement of the shellside gasket. In order to
avoid unloading the shellside gasket while replacing the gasket in the
channel side, a fraction of the bolt holes (usually every fourth) in the
tubesheet are made ‘‘tapped holes’’ instead of the usual “clearance holes.”’
The studs in the tapped tubesheet hole locations will not unload upon
removal of the bonnet-side nut, thus maintaining a pre-load on the shell
gasket upon removal of the bonnet.

In those cases where economy of design is the primary motive, the
tubesheet outer diameter may be reduced such that it clears the inside of the
bolt circle. In this case, the tubesheet rim merely provides the seating
surface for the gaskets.

Offsetting the advantages are some problems with the U-tube design. The
tubeside fluid must traverse the' shell'an'even number of times (even number
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Photograph 1.d. Horizontal letdown heat exchanger with a ‘‘three-
element joint.”’

of ““tube passes’’). This places a restriction on exchanger thermal design.
The process of forming the U-bends thins the tube in the U-bend region
requiring heavier gage tube to allow for this thinning [1.2.1, p. 23]. In
addition to wall thinning, the tube section in the bend region also ovalizes,
reducing its external pressure carrying capacity. The design codes recognize
these effects and offer guidelines on tube gage selection [1.2.3, p. 915]. Cold
working some tube materials makes them more susceptible to embrittlement
and stress corrosion. U-bends of tubes are also more vulnerable to flow
induced vibration [1.2.4]. The U-tube bundle geometry makes it impossible
to pull out and replace leaky tubes in the bundle interior. Such tubes must
be plugged and thus removed from heat transfer duty; unlike straight tube
designs, one location of failure means two tube lengths are lost to heat
transfer. The inside of the U-tube is also more difficult to clean compared
to straight tubes. Finally, although U-tube design eliminates the differential
expansion problem between shell and tubes, the problem of differential
expansion between two legs of the U-tube remains. However, the issue of
stresses in the U-bends due to unequal thermal growth of the two legs is
problematic only in conditions involving large temperature differences
[1.2.5]. Despite these shortcomings, the U-tube heat exchanger is the most
popular style in use. In the power industry, U-tube design is almost ex-
clusively used in feedwater heaters and in moisture separator reheaters.
Steam generators in many pressurized water nuclear reactors are also of U-
tube construction.

In addition to the standard U-tube designs depicted above, many hybrids
of fixed and U-tube designs have been devised for particular applications.
Photograph 1.e shows the ‘“hair pin’’ design used as a regenerative heat
exchanger in nuclear power plants. In this design, there are two tubesheets
and the shell and tubes are in the form of broad U’s. In the photograph, the
shoulder of the broad U’s is shown exposed. The unit is completed by
welding on the other half of the transverse shell and the end caps.
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Photograph 1.e. Hairpin ‘‘regenerative’” heat exchanger under
fabrication. (Courtesy Joseph Qat Corporation.)

(iii) Floating Tubesheet Heat Exchangers

In this class of designs, one of the two tubesheets is free to move axially as
the tubes expand or contract. The bundle is removable from the shell. There
are four main styles in use, namely:

Outside packed floating head (TEMA type “‘P’’ head*).

Floating head with backing device (TEMA type ‘‘S’” head).

Pull through floating head (TEMA type ‘T’ head).

Packed floating head with Lantern Ring (TEMA type ‘““W’’ head).

oo o

a. Outside Packed Floating Head

Figures 1.2.5 and 3.1.1 show the outside packed floating head heat ex-
changer design. A packed stuffing box seals the shellside chamber while
permitting the floating tubesheet to move back and forth. A ““split ring”
flange seals the back end of the tubeside chamber. Since the packing seals
the shellside chamber against the atmosphere, any leakage does not cause
mixing between the shell and the tubeside fluids.

Care should be exercised in designing the floating head cylindrical skirt.
Designing the skirt merely as a cylindrical shell under internal pressure

Section 1.3.
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Fig. 1.2.5. Outside packed floating head heat exchanger (TEMA type
AEP).

(tubeside pressure) is not sufficient since the external pressure of the
packing may be the controlling load, especially if the shellside pressure
exceeds the tubeside pressure. It is also to be recognized that the tubeside
inlet and outlet nozzles must be located on the stationary header in the
outside packed floating head heat exchanger. Therefore, this style is limited
to an even number of tube passes.

It is necessary to protect the packing seating surface on the floating head
from scratching while pulling the bundle out of the shell. For this reason,
designers often require bundle runners in such units. The stationary
tubesheet in the packed floating head design can be part of a three-element
joint, or it may be truncated (shortened in diameter) in the manner shown in
Fig. 1.2.5. The latter construction is cheaper, but removes the facility to
unload bonnet and shellside gaskets independently of each other, as noted
earlier in the context of U-tube exchangers.

The most serious drawback of this floating head design lies in the un-
tubed outer annulus on the tubesheet. The outermost tubes must be inboard
of the inside diameter of the floating tubesheet skirt. The outer diameter of
the skirt must be less than the effective shell inside diameter (defined as the
diameter of the largest perfectly straight cylinder that can be inscribed in the
shell). This can mean as much as a 12 ” wide untubed annulus between the
tube bundle and the shell. This untubed region can cause significant flow
bypass. Sealing strips utilized to force the flow into the bundle often
precipitate flow induced vibration in outer periphery tubes. The reader is
referred to Section 16.10 for further details on this matter.

b. Floating Head with Backing Device

This arrangement (Fig. 1.2.6) employs a split ring flange to bolt the
tubesheet to the floating head. Leakage at the floating head joint causes
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mixing of shell and tubeside fluids and is a drawback of this construction. A
special test ring is required to seal the shellside chamber (Fig. 22.7.1) if it is
to be pressurized with exposed tube ends to detect leaky tubes. The untubed
annulus is also a concern in thermal design of this style of heat exchangers.

—CROSS BAFFLE rFLOATING
|

, | HEAD
H ] :

— | I -

. gL

BACKING DEVICE

Fig. 1.2.6. Floating head heat exchanger with backing device (TEMA type
AES).

¢.  Pull Through Floating Head

In the pull through floating head design, the tubesheet itself acts as the
flange (Fig. 1.2.7). However, valuable surface on the outer rim of the
tubesheet which would contain tubes, is lost to make room for the flange,
forcing an increase in the shell diameter. This increases equipment cost and
also leads to untubed annular voids in the shell which produce undesirable
flow bypass. The design is utilized in those situations where an ample open
space in the shellside is required for flow considerations, such as a kettle
reboiler (Fig. 1.2.7).

d. Floating Head with Lantern Ring

Packed floating head with lantern ring, shown in Fig. 1.2.8, is another
variation in the floating tubesheet design. Here the cylindrical edge surface
of the tubesheet is machined to effect two separate seals for the shell and for
the tubeside flanges. Vents in the lantern ring help locate any leak in the
seals, and keep the leakage out of one joint from intruding into the other.

Floating tubesheet designs have found some application in the chemical
and petrochemical industries where their relatively greater initial cost is
offset by the accessibility to the tube ends for cleaning and repair.

In all of the design configurations discussed above, the tubesheet is the
principal barrier between the two chambers. The joint between the
tubesheet and the tubes is often the path of inter-chamber leakage.
Designers resort to a ‘‘double tubesheet’ configuration where mixing
between the two flow streams is absolutely unacceptable for safety or for
process dependent reasons. For example, if the shellside fluid polymerizes
below a certain temperature, then separating the cold channel from the shell
through a double tubesheet device may elevate the shellside tubesheet
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temperature sufficiently to arrest the polymerization process. Double
tubesheet design permits the tubesheets to be made from dissimilar
materials. Figure 1.2.9 shows a double tubesheet heat exchanger with an
outside packed floating head construction. We note that in double
tubesheet construction, the tubesheet skirt extends inwards rather than
outwards as in the standard outside packed design (Fig. 1.2.5). This is done
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Fig. 1.2.9. " Double tubesheet with outside packed floating head.
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to minimize the tube surface area inactive in heat transfer (the portion of
the tubes between the tubesheets). Double tubesheet design can also be
employed with other heat exchanger styles. We note, however, that the
reliability of the inner tubesheet-to-tube joint is suspect since the fastening
of the joint in the inner tubesheet must be made remotely.

1.3 HEAT EXCHANGER NOMENCLATURE

The Standards of Tubular Exchanger Manufacturers Association
(TEMA) give a succinct scheme for designating heat exchangers. Table
1.3.1 presents the TEMA notation. Three columns in Table 1.3.1 give
alphabetic symbols for common front end (tubeside inlet header), shell, and
rear end (tubeside return or outlet header) geometries. The designations for
the front and rear headers help indicate the extent to which the unit can be
disassembled. For example, an ‘‘A’’ type front head implies that the
channel and channel cover can be detached from the heat exchanger either
together or individually, furnishing complete access to tube-to-tubesheet
joints. An ‘““N”’ type channel provides somewhat restricted access to the
tube ends since the channel is integrally welded to the tubesheet. The TEMA
nomenclature does not address second level details, such as the number of
tube passes, number of baffles and tie rods. Shellside flow arrangement is,
however, indicated by the shell designation. For example, an ‘“‘E’’ type shell
implies that the shellside fluid traverses the shell length only once (one shell
pass).

In addition to the alphabetic symbols, the nominal inside diameter and
tube length are furnished to indicate the overall exchanger size. Thus a
“‘Size 16-120 AEP”’ heat exchanger implies that the shell inside diameter is
approximately 16”, and the tube length is approximately 120”. The header
and shell arrangement corresponds to Fig. 1.2.5. For U-tube construction,
the tube length is equal to the length of the straight leg (from tube end to the
U-bend tangent line). In a kettle reboiler, where both port and kettle
diameters are meaningful to the unit designs, both diameters can be
reported in the unit designation.

Recently, HEI standards for power plant heat exchangers [1.2.6] have
proposed an alternate nomenclature. Appendix 1.A presents their notation
scheme. This notation is yet to gain widespread popularity.

1.4 HEAT EXCHANGER INTERNALS

The parts list in Appendix 1.A helps explain the components that con-
stitute the internals of a heat exchanger. The internals are required for
thermal performance or for unit assembly. For example, the cross baffles
shown in the preceding figures are required to guide the fluid flow of the
shellside stream and to act as tube supports. The tie rods and spacers, on the
other hand, are needed to position the baffles such that the tube bundle cage
can be prepared and the tubesheet can be tubed conveniently. By and large,
internals are not considered to support pressure or thermal loads. The
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design codes treat them as non-pressure parts and hence beyond their
purview. Providing guidelines for their sizing is left to the industry’s own
standards [1.2.1, 1.2.2, 1.2.6, 1.2.7, 1.2.8]. Nevertheless, many so-called
‘‘non-pressure parts’’ actively experience some pressure and thermal
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loadings, and it may be perilous to ignore their presence in designing the
pressure parts. A brief description of the so-called non-pressure parts is
given in the following to complete our exposition of the tubular heat ex-
changer geometry.

Tubeside pass partition plates: The number of tube passes is equal to the
number of times the tubeside fluid traverses the length of the tubes. In
multiple-tube pass heat exchangers, pass partitions are required in the inlet
and outlet headers (in the outlet header only if the unit has more than two
tube passes).

The arrangement of tubeside pass partitions in a multi-pass heat ex-
changer depends on the number of tube passes and tube bundle type. Figure
1.4.1 shows some typical pass partition arrangements for four-, six-, and
eight-tube passes. While, in general, a wide variety of options in the
arrangement of pass partitions exists, the choice is somewhat narrowed
down for U-bundles. For example, the six-pass layout shown in Fig. 1.4.1.c
cannot be used for U-tubes, since U-tube layout requires that each set of
consecutive passes be mirror images of each other.

The arrangement of tubeside pass partitions profoundly affects the heat
transfer and mechanical behavior of the heat exchangers. The tube bundle
has “‘slits’’ in the plane of the tubeside pass partition plates, which can be
conduits of flow bypass in the shellside stream if the shellside crossflow is
aligned with the ¢‘slits’’. The arrangement of tubeside passes largely
determines the orientation of the tubeside nozzles, and (as we will observe
later) also shellside nozzles. Photograph 1.f shows an eight-pass U-bundle
(split flow shellside heat exchanger arranged in such a way that all nozzles
point to within 30° of the vertical). The inter-relationship of the nozzle
orientation to pass partition layout and cross baffle geometry will be
discussed further after we introduce cross baffle shapes.

Figures 1.2.3 and 1.2.5 show two common tubeside pass partition plate
attachment details. The pass partition plate is welded to the channel wall
and to the tubesheet and gasketed to the cover in Fig. 1.2.3. In Fig. 1.2.5,
the pass partition plate is gasketed to both the tubesheet and the cover. It is
apparent that the radial expansion of the channel shell will be resisted by the
pass partition plate. Furthermore, the pass partition plate itself is subject to
a certain lateral pressure caused by the pressure loss of the in-tube fluid due
to its flow. The pass partition plate must be sufficiently strong to withstand
this lateral pressure without yielding. Furthermore, the gasket at the bolted
joint must have ‘‘ribs’’ to seal the pass partition plate against the tubesheets
or the cover, as the case may be. The bolt load must be sufficient to ‘‘seat’’
the ‘rib”’ in addition to seating the gasket ring. The operating pressure
causes the cover/tubesheet to flex, thereby creating a crevice between the
pass partition and the abutting member. This crevice becomes a short circuit
path for the tubeside fluid (see Chapter 4, Fig. 4.1.3). Quantification of
deflection induced leakage is discussed in Chapters 4 and 12. Where the
inter-tube pass leakage due to cover deflection must be entirely eliminated,
an internal pass partition chamber concept can be used. As illustrated in



1/Heat Exchanger Construction 17

FRONT REAR

FRONT REAR
(b) SIXTUBE PASS

S @
NER

REAR
(c) SIXTUBE PASS (ALTERNATE STYLE)
(NOT.SUITABLE FOR U-TUBE)



Mechanical Design of Heat Exchangers

/‘:'\
=
\? 6/

FRONT

REAR

(d) EIGHT TUBE PASS (NON-U-TUBE LAYOUT)

FRONT REAR

(e) EIGHT TUBE PASS
Fig. 1.4.1. Typical pass partition layout.

Fig. 1.4.2 for a two-tube pass design, the internal pass partition closure
seals against the pass partition rib. The pressure drop from the inlet pass to
the outlet pass acts to compress the cover plate gasket even further. The flat
cover serves the sole function of pressure retention against the outside
environment.

Shellside pass partition plates: The longitudinal pass partition plate (also
called “‘longitudinal baffle’’) in the shell is utilized to build multiple shell
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Photograph 1.f. Eight-tube pass horizontal heat exchanger with pass
partition arranged to provide ‘‘near vertical’’ (about 30° from vertical)
nozzle connections.

passes™* (Fig. 1.2.3). Its effect on the shellside chamber is similar to that of
the tubeside plate on the tubeside chamber. It is desirable to weld the long
edges of the shellside pass partition plate to the shell. However, it is not
always possible to do so. For instance, if the U-bundle heat exchanger has
two tube passes, as in Fig. 1.2.3, then welding the longitudinal pass par-
tition plate would trap the tube bundle in the shell. In such cases, the pass
partition plate is equipped with suitable edge seals to prevent leakage across
the pass partition plate. Figure 1.4.3 shows a typical edge seal detail.

Heat exchangers are seldom designed with more than two shell passes,
although units with as many as six passes have been successfully designed
and fabricated. Photograph 1.g shows the tube bundle of a six-shell
pass-twelve-tube pass heat exchanger.

Internal shrouds: Internal shrouds are used in some heat exchangers
where the shellside fluid medium undergoes phase change. Figure 1.2.4
shows a feedwater heater which has three distinct zones — desuperheating,
condensing and subcooling—for cooling the inlet stream. The
desuperheating zone is separated from the condensing zone by a
desuperheating zone shroud. Similarly, the ‘‘drain subcooling zone’’ is
equipped with its own enclosure. These shrouds are subject to severe
thermal stresses, and failure of their welds is known to be a major culprit
behind heater failures in power plants.

Tube supports: The term baffle or tube support is used to indicate plates
in the form of sector of a circle used to support tubes. In small condensers

*Number of shell passes is equal to the number of times the shellside fluid traverses the full
length of the shell.
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(condensation on the shellside) the baffles do little more than provide the
tube support function. In single-phase flow conditions, however, the baffle
cut and type play an important role in establishing the total shellside
pressure loss and heat transfer coefficient. Figure 1.4.4 shows the so-called
“‘single segmental baffles’” with horizontal cuts in a single-pass shell. Figure
1.4.5 shows ‘‘double segmental baffles’’ with vertical cuts in a two-pass
shell. Triple segmental baffles (Fig. 1.4.6) are used less frequently but are
known to provide increased safety against flow-induced vibrations. Figure
1.4.7 shows an idealized rendering of the flow pattern in one-half of the
shell equipped with triple segmental baffles.

In conventional heat exchangers, baffles and tube supports are not at-
tached to the shell. However, in large surface condensers, they are welded to
the side walls to help support the walls of the shell (usually rectangular in
cross section). In-plane thermal growth of the baffles stresses the tubes, and
can lead to their failure due to fatigue and wear.

PASS PARTITION

PLATE \

_— h |

PASS PARTITION
PLATE CLOSURE

1 ) L

!

L

Fig. 1.4.2. Alternate pass partition arrangement (two pass).
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Fig. 1.4.3. Typical longitudinal baffle edge seal detail.

——

Photograph 1.g. Half-completed bundle of a six-shell pass, 12-tube pass
heat exchanger. (Courtesy Joseph Oat Corporation.)
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Fig. 1.4.4. Horizontal cut single segmental baffle layout.

Fig. 1.4.5. Double segmental baffles.

[ I . - - ] ¢ SYM.

BAFFLE-~A BAFFLE-B BAFFLE-C

Fig. 1.4.6. Triple segmental baffle.
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Fig. 1.4.7. Flow visualization in a triple segmental baffle heat exchanger.
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1.5 TUBE LAYOUT AND PITCH

The common tube layout patterns are: (a) 30° or triangular, (b) 60° or
rotated triangular, (c) 90° or square, (d) 45° or rotated square. Figure 1.5.1
shows the layout pitch, transverse pitch and longitudinal pitch for the
different layout schemes. The relationship between the pitches and the gap g
in the flow direction is defined in Table 1.5.1 for various layout angles.

Table 1.5.1. Pitches and gap in terms of layout pitch P and tube O.D. d,

Layout Angle P, P, g
30° 2 Pcos60° Psin 60° Psin 60° —dj
60° 2 Pcos30° Psin30° Psin30° —dj
90° P P P—d,
45° 2 Pcos45° Psin45° Psin45° —d,

The orientation of baffle cuts determines the plane of flow of the
shellside fluid. Since the baffle cuts are half-moons at the edges
(Photograph 1.h) the gap g must be positive (preferably over 1/8”) to
avoid a ragged baffle cut edge. From Table 1.5.1 it is apparent that for a
60° layout, P>2d, to meet this condition. This fact limits the use of 60°,
and to some extent 45° layouts, in practical designs.

@Z@@
o @ @/

30° LAYOUT 60° LAYOUT 90° LAYOUT 45° LAYOUT

Fig. 1.5.1. Tube layout schemes.
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Photograph 1.h. Views showing baffle cages and shells with expansion
joints. (Courtesy Joseph Oat Corporation.)

Square and rotated square layouts permit convenient cleaning of the tube
external surfaces. For this reason, they are widely used in the petrochemical
and dairy industries where fouling of the tube surface is an endemic
problem.

1.6 GENERAL CONSIDERATIONS IN PASS PARTITION
ARRANGEMENT

It is apparent from the foregoing that the designer has several options in
the selection of the pass partition arrangement scheme. The best
arrangement depends on a number of factors which must be given due
consideration in order to arrive at the optimum design. Some of these are:

(i) Orientation of cross baffles with respect to the pass partition lanes:
The pass partitions should be arranged in such a manner that the plane of
shellside flow is not aligned with the pass partition lanes. If pass partition
lanes exist in two normal planes, then ones having the minimum lane width
should be aligned with the shellside plane of flow. Rotating the cross
baffles so that the flow plane is at 45° to both planes of the pass partition
layout eliminates this source of shellside bypass entirely.
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(ii) Pass Partition arrangement to avoid severe thermal gradient in the
tubesheet: In multiple tube pass (more than two) exchangers involving a
large temperature change of tubeside fluid, it is advisable to avoid arranging
inlet and outlet passes contiguously. The temperature gradient across the
pass partition rib in the tubesheet is directly proportional to the difference
in the fluid temperatures in the two passes. Locating the inlet and outlet
passes adjacent to each other maximizes the thermal gradient induced stress
in the tubesheet.

(iity Pass Partition arrangement to minimize inter-pass leakage: As
mentioned before, the crevice formed between the pass partition plate and
tubesheet (or flat cover), due to the lateral deflection of the latter, can
derate the exchanger thermal performance. For a given crevice size, the rate
of leakage depends on the pressure difference between the two adjacent
passes. The pressure difference will be maximum between the inlet and
outlet passes. This is another reason why inlet and outlet passes should be
geographically separated by as much distance as possible (recall the pass
placement in Fig. 1.4.1).

(iv) Tubeside pass partition plate vs. shellside longitudinal baffle: In
designs utilizing a longitudinal baffle in the shell, it is obviously an efficient
practice to align the tubeside diametral pass partition plate with the
longitudinal baffle. This will minimize the loss of valuable tubed region to
pass partition lanes.

1.7 IMPINGEMENT PROTECTION

The diameter of the piping leading to the shell inlet is selected to strike an
optimum between pipe material cost and pumping costs. Usually, the flow
velocity in the piping is on the order of 8 ft/sec for water (and other liquids)
and 200 ft/sec for ambient condition steam and other vapors. Fluids,
especially vapors, entering the shell in such a velocity range and impinging
the front row tubes, can damage the tubes in front of the shell inlet. Tube
wastage due to flow impingement may be due to erosive or vibration effects.
Erosion is a mechanical action which is strongly dependent on the impact
velocity of the fluid. The effect is particularly severe if the vapors or gases
carry liquid droplets or particulate matter. Experiments suggest that the rate
of erosion due to impact of liquid droplets varies roughly as the impact
velocity raised to an exponent in the range of 2 to 5 [1.7.1]. As discussed in
Chapter 16, vibration of long slender members, such as tubes, is also a
strong function of the cross flow velocity. Therefore, any reduction in the
velocity of fluid impinging on the tubes has a direct effect on retarding the
rate of tube wastage.

A solution frequently advanced to prolong the heat exchanger life is to
use heavy walled tubes in the shell inlet and outlet regions. This concept is
based on the fact that the flow distributes itself into the bundle quite well
after having crossed two or three rows of tubes.
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One way to attack the root of the problem itself, namely the nozzle line
velocity, is to employ a conical shaped nozzle. However, laboratory tests on
expansion of incompressible fluids indicate that the efficiency of the conical
expander plummets if the angle of expansion (included angle) exceeds 15°.
The extent to which large expansion angles are effective in expanding the
flow is not known. The mechanical efficiency of expansion has been studied
by numerous investigators [1.7.2]. Table 1.7.1 shows the variation of the
efficiency # of the conical expander (defined as the ratio of the actual
pressure recovery to the ideal condition pressure recovery), as a function of
the included angle and expander length. Since the plant design limits the
nozzle length, the extent of velocity reduction attainable through the
conical expander is quite modest, unless large expansion angles are used.
However, as seen in Table 1.7.1, large expansion angles lead to severe
pressure losses.

In Table 1.7.1, r; is the small diameter of the conical expander and /is its
length. Therefore, the area ratio is given by:

) l 2
Arearatio=1+2—tan y+ —; tan® y
ry ry

The velocity distribution is also an important factor. The velocity
distribution can become quite skewed if the inlet piping has bends in the
proximity of the heat exchanger inlet. Flow straighteners (Fig. 1.7.1) at the
nozzle inlet are found to be quite effective in eliminating rotational flow
components and in improving the profile of the velocity field. An effective
device to reduce the bundle penetration velocity is the use of an annular
distributor. Figure 1.7.2 (Photograph 1.k) shows a typical distributor. The
large shell is sized to provide the annular space for the fluid to spread out.
Suitable slots are cut out in the shell to permit a uniformly diffused entry
into the bundle. The main shell may be continuous or discontinuous. The
latter arrangement, shown in Fig. 1.7.2, permits the (additional) use of the
flow distributor dome as an expansion joint for absorbing axial movement
of the shell.

NOZZLE
CROSS SHAPED
FLOW
STRAIGHTENER

Fig. 1.7.1. Flow straightener.
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Table 1.7.1. Performance of Conical Expanders (Water Flow)

[from Ref. 1.7.2]
2y I/ Area Ratio ]
(degrees)
2.0 16 1.63 0.74
2.0 32 2.43 0.77
4.0 4.0 1.30 0.83
4.0 8.0 1.64 0.81
4.0 16.0 2.43 0.80
4.0 32.0 4.48 0.82
8.0 4.0 1.64 0.81
8.0 8.0 2.43 0.77
8.0 16.0 4.48 0.79
8.0 26.8 8.27 0.81
15.8 2.0 1.64 0.67
15.8 4.0 2.43 0.58
15.8 8.0 4.48 0.57
15.8 13.4 8.27 0.60
31.2 2.0 2.43 0.40
31.2 4.0 4.48 0.36
31.2 6.7 8.27 0.36

Special design features may be required in units which handle large
quantities of vapors and steam, and where the primary shellside heat
transfer is by condensation. In such units, it may be advantageous to
arrange the flow distributor such that the shellside fluid enters the entire
span of the tube bundle in a uniform manner. Figure 1.7.3 shows a
distribution arrangement for a two-zone vertical feedwater heater with mid-
shell steam entry. The distributor system consists of two perforated plates
with a small separation. The perforations in the two plates are laid out to
prevent a direct normal ‘‘line of sight”’.

Some innovative designs have been developed to handle problems of
impingement induced tube wastage. The Type ‘‘ES”’ (a tradename of
Basco, Division of American Precision Industries) intercooler, which is
used to cool compressed gases between compressor stages, is an example of
such an innovative design. Photographs 1.i-1.j show some details of the
patented ‘‘ES”’ intercooler. The tube bundle consists of a plate-fin surface
which is covered on top and bottom by an integral shroud, forming a large
horizontal flow passage. Hot gas enters a large inlet volume chamber which
is formed by the shell and an internal welded partition plate. An annular
plate divides the plenum into two distinct non-communicating inlet and
outlet chambers. The gas is distributed over the shell length and flows in
cross flow horizontally through the plate-fin core. The longitudinal seals
between the bundle shroud and the shell internal partition plate inhibit any
circumferential flow bypass. This design is characterized by low shell side
pressure loss, high thermal effectiveness, flexible nozzle arrangements, and
ease of tubeside maintenance while maintaining a removable bundle
configuration.
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Fig. 1.7.2. A flow distributor concept.

Photograph 1.i. *‘ES’’ intercooler. (Courtesy Basco Division of American
Precision Industries Inc.)
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Photograph 1.j. Tube bundle and shell disassembled, ‘‘ES”’ intercooler.
(Courtesy Basco Division of American Precision Industries Inc.)

Photograph 1.k. Heat exchanger with enlarged shells at nozzle entry and
exit. (Courtesy Nooter Corporation, St. Louis, Missouri.)
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Fig. 1.7.3. Vertical feedwater heater with full length distributor: two-zone
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Added expense of fabrication, despite the distributor’s merits, has limited
its use in heat exchangers.

A cheaper, and somewhat less satisfactory alternative, is to use the so-
called “‘impingement plate’’. In its simplest form, an impingement plate isa
solid plate (usually of square or circular plane form) placed in the path of
the impinging shellside stream (Fig. 1.7.4). The impingement plate is
somewhat larger than the nozzle opening. An impingement plate actually
reduces the bundle entrance area even though it protects the tubes directly
underneath it. As a consequence the tubes just beyond the edge of the
impingement plate (shown by darkened circles) may experience even higher
flow. Despite its arguable usefulness in many applications, the impingement
plate has been widely used in the industry. Industry standards have long
recognized the destructive effects of unimpeded impingements of shellside
fluid on the tube bundle. For example, the TEMA Standards [1.2.1]
mandate impingement protection if the fluid is two phase or
corrosive/erosive in nature. For other fluids the impingement protection
requirement depends on the value of ov*, where p is the local density of the
shellside fluid and v is the nozzle line velocity. For non-corrosive, non-
abrasive, single-phase fluids pv* < 1500; for a liquid at its boiling point and
all other fluids, pv* < 500. If these inequalities are not satisfied, then
TEMA mandates that impingement protection be provided. Standards for
Feedwater Heaters [1.2.7] have similar empirical limits.

TEMA also places limits on the “‘shell entrance’” and ‘‘bundle entrance’’
regions. The value of pv* is required to be limited to 4000 in these areas.
Shell entrance area is defined as the sum of frontal area A, and lateral area
A, . Frontal area A is the flow area between the tubes within the projection
of the nozzle bore. A, is zero when a solid impingement plate is provided.
A, is the lateral (radial with respect to the nozzle axis) flow area available
between the tube bundle and the shell. These areas are best calculated by
making a bundle layout. However, if an impingement plate is present then
A, can be written in closed form, as shown below.

Circular Impingement Plate

The total lateral flow area, A, , is given by
/2

A, =4afy " [(P - a* sin® 6)"* — h]d6 (1.7.1)

where a, & and r are impingement plate radius, plate height from shell
centerline, and shell radius, respectively (Fig. 1.7.4). Integrating the above
expression, and rearranging terms gives the required plate height &
corresponding to a specified area 4, .

P 4ar E(m)— A,

27a

In the above expression E(m) is the elliptic integral of the second kind,
defined as

(1.7.2)
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E(m)=§3"*(1 — m sin® 6)"2d# (1.7.3)

where

a2

m=— (1.7.4)
r

E(m) is tabulated as a function of m in mathematical handbooks. Figure
1.7.5 gives a plot of E(m) as a function of a/r.
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Fig. 1.7.4. Solid impingement plate.

Square Impingement Plate

The radial flow area A, between the inside diameter of the shell at the
nozzle I.D. and the impingement plate can be calculated using the above
equations. However, the radial area available at the outer edge of the
impingement plate may be smaller. The radial velocity vector is not normal
to the surface of square cylinder formed by projecting the impingement
plate to the inside surface of the shell except at the four lines of symmetry.
The equivalent radial area is therefore

A, ={dA, cos (1.7.5)
where 0 'is the angle between the radial|direction and normal to the surface
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element dA, . It can be shown [1.7.3] that this expression reduces to

a r2 —y2 172 a ) o\ 12
AL—4G[SO [m] dy—hgo (a +y) dy]
+4a[(r2_02)l/2_h]S: (a2 +y2)—l/2dy (1-76)

where 2q is equal to the side dimensions of the square impingement plate.
Equation (1.7.6) yields

A, =4a{I+In(1 +V2)[r* —a*)" —2h]) 1.7.7)
where
@« Pt —yt\1n
Izgo <a2__+y2> dy (1.7.8)

Figure 1.7.6 gives a plot of A, /r* vs. h/r with a/r as the parameter.

An impingement plate is readily incorporated in so-called ‘‘no-tubes-in-
window”’ designs without sacrificing any tubes in the bundle. In other
designs, impingement plates require removal of tubes near the nozzle inlet.
This has the effects of increasing shell diameter and cost of the hardware.
The window space left out for impingement is also a path for internal flow
bypass of the shellside fluid, which the thermal designer must contend with
in development of the equipment design.
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Fig. 1.7.5. E(m) as a function of a/r.
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Fig. 1.7.6. Effective radial flow area for square impingement plate.

1.8 DESIGNING FOR THERMAL TRANSIENTS

Mechanical design of heat exchangers and pressure vessels typically
involves determining the thickness of pressure parts for pressure loadings.
The thickness of non-pressure parts such as baffles, tie rods, pass partition
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plates, is determined by reference to the industry standards and the owner’s
Design Specification. The general trend in the industry is towards per-
forming additional design checks for (mainly) local stresses at the
vessel/nozzle interface due to transmitted loads from the interconnected
piping and for stresses in the vessel due to postulated earthquake motions.
Tall towers are also designed to withstand wind loads.

Safe and trouble-free operation of a heat exchanger depends to a large
measure on the care and accuracy brought to bear on the Design
Specification. A Design Specification which faithfully describes all
significant operating conditions goes a long way towards ensuring reliable
hardware. The most significant of the operating conditions are those in-
volving unit start up and shutdown. Rapid fluctuation in the temperatures
of the entering fluids is another source of potential trouble.

As will be discussed in Chapter 2, the stresses produced by temperature
fluctuations are self-limiting in that failure from one thermal application is
not to be expected. However, repeated cycling can cause the material to fail
in fatigue. A notable exception to the above statement is the tube-to-
tubesheet joint which, because of slenderness of the ‘‘leak path,’’ may fail
in even one application. The critical regions which behoove careful con-
sideration of thermal transient conditions are:

(i) Tube-to-tubesheet joint: In fixed tubesheet heat exchangers, the tube-
to-tubesheet joint loads can reach high values (Chapter 9). An expansion
joint is sometimes incorporated to mitigate the effect of differential axial
growth of the shell and tubes on the tube-to-tubesheet joint. In U-tube heat
exchangers, the joint is not loaded as severely. Inner bends, however, can
experience unacceptably high axial loads due to differential expansion
between the two legs of the U. Multiple-tube pass fixed tubesheet heat
exchangers, in general, warrant careful consideration of temperature
change from pass to pass. The design standards base the calculations on
average pass temperature. In reality, the loads in some tubes can be sub-
stantially higher.

(ii) Tubesheet, shell, channel junction: The tubesheet typically contains
a perforated interior surrounded by a solid rim. The flow of tubeside fluid
through the tubesheet coupled with the reduced metal mass of the per-
forated zone has the net effect of producing a temperature profile in the
interior which is substantially different from the solid rim region. Variation
in the temperature of the shellside fluid with time actuates changes in the
metal temperature of the tubesheet. However, the perforated interior
follows the fluid temperature variation much more closely than the outer
rim due to the reduced thermal mass of the former. Different temperature
change rates in the rim and in the interior of the tubesheet produce thermal
stress variations.

The effect of pulsations in the tubeside fluid temperature is usually far
more severe. The perforated interior follows the temperature of the tubeside
fluid even more closely due to the extensive surface contact between the
tubeside fluid and the tubesheet (over the lateral surface, and inside surface
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of perforations). Thus the temperature ramps of the perforated region and
the untubed region can be significantly different. The resulting pulsations in
the stresses can cause fatigue failure of the metal in the perforated zone, or
in the rim, depending on the geometric dimensions of the tubesheet. If the
tubesheet is integrally welded to the channel and (or) the shell, then these
junctions may emerge as the most vulnerable spots.

The remedy for the shellside transients is relatively simple. Placing a
sacrificial liner plate on the shellside surface of the tubesheet would suf-
ficiently insulate tubesheet metal from shellside fluid temperature ramps to
alleviate fatigue concerns. Such a remedy is not readily applied to the
channel side. An effective method is to make the rim as narrow as possible.
A narrow rim is structurally less constraining to the interior. Moreover, it
has less thermal capacitance. However, for reasons stated before, the rim
for floating head construction can not be narrowed.

Where danger to the welded joints between the tubesheet and shell or
channel exists due to thermal fatigue, consideration should be given to using
a bolted joint instead. Alternatively, a radical procedure similar to the one
illustrated by Fig. 1.8.1 may be used. Figure 1.8.1 shows the tubesheet-
channel-shell joint for the heat exchanger of Photograph 1.e [1.8.1]. Here
the tubesheet is made a segment of a spherical shell which introduces
significant radial flexibility in the structure in the radial direction. The
junction between the shell and the tubesheet also has a built-in expansion
joint to reduce differential thermal expansion stresses. The ‘‘crotch’’
between the shell and the tubesheet further serves to produce a stagnant
region with attendant low convective heat transfer coefficient. This further
moderates the effect of shellside fluid transients.

TUBESHEET

= ?i\ TIEROD

AND SPACER

CHANNEL
Fig. 1.8.1. Integral tubesheet for severe thermal transients.
(iii) Flange joints: Any region in the heat exchanger where significant

metal mass is attached to thinner sections is a potential candidate for
damage due to thermal transients. By virtue of their geometry, flanged
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joints are prime locations for such problems. Use of a sacrificial liner sheet
(thermal shield) is quite effective in such cases.

(iv) Nozzle-shell/channel junctions: The thermal transient problem in
nozzle penetration locations arises from the following reason:

The sudden change in the geometric shape at the penetration produces
high discontinuity stresses. Codes [1.8.2] and standards require that ad-
ditional metal be added at the locations for reinforcement. This increases
the local ‘‘thermal capacitance’’ of the shell. The flow velocity through the
nozzle, on the other hand, is usually in the turbulent region. Therefore, any
fluctuations in the fluid temperature changes the nozzle wall temperature
much more rapidly than the shell wall temperature. The thermal stresses
thus produced are magnified by the presence of the structural discontinuity.

Thermal sleeves have been used in combating the effects of nozzle
thermal transients with success.

Except in certain simple axisymmetric situations, a proper analysis of
thermal transients is only possible through a Finite Element Analysis
procedure.* Despite widespread availability of Finite Element computer
codes, such analyses have remained expensive to conduct. Consequently,
many units which really require a thermal transient evaluation are designed
without such analysis with predictable loss of reliability.

1.9 INTERDEPENDENCE OF THERMAL AND MECHANICAL
DESIGN

Designers and fabricators of heat exchangers often treat thermal design
and mechanical design as two discrete and separable functions. Such an
approach runs the risk of producing ‘‘tunnel view’’ designs. The interaction
between thermal and mechanical -design considerations can be quite
significant in some cases. A designer, alert to the mutual influence of
mechanical and thermal designs, can often devise a superior design without
incurring any additional hardware cost. Some examples given below
illustrate the interdependence of thermal and mechanical designs.

(i) Thermal stresses in multiple-pass fixed tubesheet heat exchangers

It has been stated in Section 1.2 that thermal stresses in the tubes and in
the shell are endemic to fixed tubesheet heat exchanger designs. In multiple-
tube pass units, the thermal stresses are the highest in the tube bank
associated with the inlet pass, and the lowest in the outlet pass. Arranging
the tube passes such that the inlet pass is located in the central region of the
tubesheet can alleviate axial tube thermal stresses and tube/tubesheet joint
loads because of the local flexibility of the tubesheet. If the tubeside fluid is
the heating medium then the tube thermal stresses will be generally com-
pressive. We show in Chapter 16 that compressive axial stress lowers the

*The Finite Element Method is'discussed briefly in the latter part of Chapter 10.
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fundamental frequency of vibration of the tube, making it susceptible to
flow-induced vibration at lower cross flow velocities. This reduction in the
natural frequency can be counteracted by locating the inlet pass tube bank
in the overlap region of the cross flow baffles. In the single segmental baffle
construction, tubes in the overlap region have one-half of the span of those
in the window region. Since the fundamental natural frequency of a tube is
inversely proportional to the square of the unsupported span,* locating the
most heavily loaded tubes in the overlap zone would secure them against
flow-induced vibration. This arrangement can be accommodated in most
shellside flow layouts without any loss in the indicators of the efficacy of
heat transfer (such as the LMTD correction factor, or NTU).

Finally, since the shellside nozzle entry and exit regions have high
associated velocities, the designer should arrange the tube pass partitions in
such a manner that the tubes possessing lowest natural frequencies are
located away from the inlet and outlet sectors.

(ii) Effect of flexing of the tubesheet

As discussed before, deflection of the tubesheet in unstayed designs (such
as U-tube construction) can cause significant flow bypass. In Chapter 4 a
method to quantify this bypass is given. However, if the shellside operating
pressure exceeds the tubeside operating pressure (p, > p,), then the
tubesheet would not flex away from the tubeside pass partition gasket ribs
and the inter-pass leakage path would not develop. Although the assign-
ment of flow streams to the shellside and tubeside is guided by a multitude
of considerations, it is known that most designs are stream-symmetric; i.e.,
interchanging the two streams has no effect on the heat duty [1.9.1]. Thus,
it may be feasible to eliminate tubeside interpass leakage by a suitable
assignment of flow streams.

(iii) Effect of shell bypass stream on tube stress

Practical fabrication requires that the cross baffles be made slightly
smaller than the shell to facilitate assembling of the tube bundle cage. This
small baffle to shell diametral clearance provides a narrow annular cross
section path through which a portion of the shellside fluid can bypass
without any contact with the tube surface. This stream is referred to as the
‘““E-stream’’ in the literature (refer to Section 16.10 for details). A large E-
stream ensures that the shell metal temperature would approximate the shell
fluid inlet temperature. On the other hand, a well mixed shellside flow (with
non-existent E-stream) would produce shell metal temperatures close to the
shellside fluid bulk temperature. In most cases, the former condition is
undesirable because it produces higher axial tube load due to differential
expansion between the shell and the tubes (Chapter 9).

*Thereaderisreferred to'Section'16:12 foramore comprehensive discussion of this matter.
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(iv) Locating shellside nozzles in multiple pass heat exchangers

If we jump ahead for the moment and examine Fig. 4.1.1, we see a two-
tube pass, one-shell pass heat exchanger. The shell inlet and outlet nozzles
are located at the two extremities of the shell. We know from the heat
transfer theory that switching the inlet and outlet nozzle locations has
negligible effect on the heat duty. The effect of such a switch on the
tubesheet stress field is not insignificant. The condition where the shell inlet
is located near the tubesheet will produce the highest thermal gradient
(Section 7.9) across the tubesheet. In units subject to thermal transients,
and where tubesheet fatigue life is a concern, it is clearly preferable to locate
the shell inlet nozzle at the far end.

(v) Split flow (TEMA Type G) shells

In many applications, a split flow shell design would produce a heat duty
commensurate to an F-type shell. The split flow construction, however,
may lead to a far less severe tube thermal stress field than the F-type shell.
This fact should be explored in the design stage whenever the thermal
stresses are high enough to impair equipment reliability.

The split flow design has the disadvantage of creating two nozzle
penetrations at the same location in the shell. This may be unacceptable in
certain cases where the nozzle loads on the shell are excessive and/or the
shellside design pressure is very high. Fortunately, in many cases, displacing
the nozzles in the axial direction, with respect to each other, can even
augment the heat duty [1.9.2]!

The foregoing examples serve to illustrate the significance of an in-
tegrated approach to heat exchanger design which seeks to obtain the best
symbiosis between thermal-hydraulic and structural considerations.

The full measure of interaction between mechanical and thermal designs
is illustrated by considering a heat exchanger which performs condensation,
and sensible cooling in vapor and liquid phases, all in the same shell. Ex-
changers of this type, used in power plants, are referred to as ‘‘feedwater
heaters.”” In the next section, we take up the design features of feedwater
heaters to further elaborate on the preceding observations.

1.10 FEEDWATER HEATER DESIGN

Feedwater heaters are used in power generation plants to improve the
thermodynamic efficiency of the Rankine cycle. The use of feedwater
heaters increases the efficiency by as much as 50% in some power plants. As
its name implies, the feedwater heater heats the boiler feedwater using the
steam drawn from selected port locations in the steam turbine. The boiler
feedwater is at a higher pressure than the heating steam, and it is nearly
always the tubeside fluid. Most modern heaters are of U-tube construction.
The heating steam may enter the heater in a superheated or saturated state.
The steam is desuperheated, condensed and subcooled in the heat exchanger
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before exiting the unit. Such an exchanger is referred to as a ‘‘three-zone”’
heater (Fig. 1.2.4). A “‘two-zone’’ heater may consist of desuperheating and
condensing zones, or of condensing and subcooling zones. Since the heat
transfer mechanisms of the three zones are quite different, it is frequently
necessary to build each zone with its own ‘‘shroud’’, and baffling scheme.
Because of the diversity of the design imperatives in the three zones, the
feedwater heater perhaps best epitomizes the interplay of the numerous
factors governing heat exchanger design. We will briefly review some of the
important considerations in the following:

(i) Orientation: Plant architect-engineers prefer to mount heat ex-
changers vertically because they take up less floor space. Conventional
wisdom in power plant design holds that economizing in plant floor space
minimizes the cost of building the plant. Equipment orientation, however,
profoundly affects the heat transfer characteristics of exchangers involving
phase change (e.g., condensation). In the case of feedwater heaters, the
effect is even more far reaching. This is best explained after exposing the
reader to the standard orientations; viz. (a) horizontal, (b) vertical, channel
down, and (c) vertical, channel up.

The horizontal feedwater heater, equipped with a desuperheating zone
and an integral drain cooler, is shown in Fig. 1.2.4. The tubeside inlet and
outlet are arranged in such a manner that the feedwater temperature rise is
countercurrent to the enthalpy loss of the heating medium. This
requirement of countercurrency is a central requirement to the internal flow
arrangement of the heater. The main design object in a heater is to elevate
the temperature of the feedwater to the highest possible value. Whenever
sensible heat transfer is involved, countercurrency is essential in achieving
this objective.

The flow profiles in the condensing zone, however, are not as important
from this viewpoint since the ‘“Log Mean Temperature Correction Fac-
tor’”” —the best known index of performance—is unity (its maximum
possible value) in this zone regardless of the flow arrangement. Therefore,
the shell inlet nozzle in a heater containing a desuperheating zone must be
located near the tubesheet. However, if the incoming steam is saturated and
therefore undergoes no sensible cooling in the vapor state, then there is
considerable latitude in locating the shell inlet nozzle. In order to promote
even distribution of the saturated steam, designers prefer to locate the inlet
nozzle near the mid-span, or more precisely at the ‘“Thermal Centerline’’ of
the heat exchanger. The ‘‘Thermal Centerline’” [1.2.7, p. 6] divides the
heater condensing surface into two parts producing equal heat duty. Figure
1.7.3 shows a vertical two-zone heater with mid-length steam entry. Erosion
damage of the tubes due to impact of water droplets, entrained by the
condensing steam, is the chief concern in the condensing zone. To avoid
erosion induced tube wastage, designers should provide a large inlet plenum
and flow distribution arrangement as discussed in Section 1.7.
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The drains outlet nozzle must be located near the tubesheet to preserve
countercurrency of flows, unless condensate subcooling is not performed in
the unit.

Figure 1.10.1 shows a channel-down three-zone vertical feedwater heater.
The integrity of the desuperheating shroud is very important in this type of
construction, since intrusion of water from the inventory of water outside
the desuperheating zone can severely harm the heat transfer rate in the
desuperheating zone. Units which do not require a desuperheating zone
must have a portion of the tube bank immersed in a relatively quiescent
pool of water. This immersed tube surface is effectively lost to heat tran-
sfer.
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The vertical channel-up heater (Fig. 1.10.2) does not suffer from this
drawback. The water inventory is conveniently located in the U-bend region
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Fig1:10:2: Vertical feedwater heater three-zone two-pass channel up.
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where high flow velocities are undesirable from a flow induced vibration
standpoint (Chapter 16). The danger of flooding of the desuperheating zone
does not exist. However, the piping must be routed to the top of the unit
where the nozzle connections are located. For tube repair and cleaning
purposes, a suitable well must be provided to remove the shell; alter-
natively, the header along with the tube bundle must be removed by raising
from overhead. The channel-down unit lends itself to convenient shell
removal from above.

Both vertical designs suffer from the drawback of providing too little
space for condensate inventory. Since the steam consumption rate in the
heater fluctuates with time, the rate of condensate formation can be quite
rapid in heaters installed in the power generation plants used to ‘‘trim’’ the
power supply to match demand. The drains removal rate from the heater
depends on the instantaneous pressures in other connecting drain lines, and
on the effectiveness of the drain level control valve. An inadequate in-
ventory of condensate in the heater exposes the drain cooler to the hazard of
steam intrusion should the level control not respond fast enough to rapid
withdrawal of drains. The drop in the condensate level in a horizontal
cooler is far more gradual since the bottom part of the entire shell length is
available for condensate inventory. The control of condensate level in the
heater is viewed as an important operational consideration in heater design.
Most plant operators favor horizontal designs for this reason.

(ii) Heater type: Depending on the pressures of the steam and the
feedwater, heaters are typified as (a) high pressure, (b) intermediate
pressure, or (c) low pressure. The focus of mechanical and thermal design
concerns is different depending on the heater type. In a high pressure
heater, the pressure parts are quite thick. The most serious concern centers
around the material failure due to thermal transients. There are numerous
reported cases of tubesheet cracking in high pressure heaters [1.10.1].

Although present in all heater types, the danger of flashing of the con-
densate is particularly severe in low pressure heaters. Flashing of the
condensate in the drain cooler is known to actuate rapid tube failure.
Flashing can be caused by intrusion of steam into the drain cooler, by
reheating of the condensate across the drain cooling shroud via conduction,
or by a drop in the static pressure of the condensate. If the drop in static
pressure, due to hydraulic losses or altitude change, is excessive, then the
water temperature may exceed the coincident saturation temperature,
resulting in flashing. The danger of flashing is particularly severe in
channel-up designs where the condensate must ‘‘climb up’’ the drain cooler.
The pressure-saturation temperature plots of water/steam in Figs. 1.10.3-4
illustrate the relative vulnerability of low pressure units to flashing. We note
that the drop in saturation pressure corresponding to a two-degree drop in
temperature is approximately 6 times in the 700-psi range compared to the
70-psi range. Therefore, the low pressure heater designer must consider the
pressure-enthalpy.variationsof waterinthe drain cooler carefully.
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Efficient venting of non-condensibles is more vital in low pressure

designs, since the heat transfer deterioration due to the presence of non-
condensibles can be severe in the low pressure range of the steam.
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The foregoing discussion is intended to provide an overview of the major
issues and considerations in heater design. The reader is referred to the
EPRI Workshop Proceedings [1.10.1] for a more detailed exposition of this
subject. In the following chapters, all of our discussion of design methods
are applicable to feedwater heaters.

1.11 CODES AND STANDARDS

A resumé of the codes and standards used in heat exchanger design and
manufacturing is given in this section.

(i) TEMA Standards

The most widely used consensus standard for heat exchanger
manufacture is the ““Standards of Tubular Manufacturers Association’’
[1.2.1]; in short, the TEMA Standards. First published in 1941, this
standard has evolved into something of an international document. Many
countries have accorded it the status of their national codes. TEMA
Standards specify three classes of construction, namely TEMA-R, TEMA-
C and TEMA-B. The formulas for determining thicknesses are the same for
all TEMA classes; however, empirical guidelines for sizing non-pressure
part items vary. TEMA-R, which specifies the most rugged construction, is
widely used in refinery service and nuclear power plant applications.
TEMA-C and TEMA-B are used in other industries. TEMA-B has been
promulgated as an American National Standard (ANSI B-78).

(ii) Heat Exchange Institute

Several groups of U.S. manufacturers under the umbrella name of the
Heat Exchange Institute (HEI) publish standards for special classes of heat
exchangers. HEI Standards for closed feedwater heaters [1.2.7] and surface
condensers [1.2.8] are generally quoted for the design and manufacture of
such equipment. The HEI standard for power plant heat exchangers,
written during the heady days of commercial nuclear power, has not yet
acquired the recognition and authority of its sister standards.

(iii) ASME Boiler and Pressure Vessel Codes

The ASME Code is published in eleven major sections. Section VIII, Div.
1 of the code, first published in 1914, is the premier document for pressure
vessel design. This code contains formulas for determining the thickness of
common pressure vessel shapes under pressure not exceeding 3000 psi. For
higher pressues, complex shapes, or for conditions of service that warrant
detailed stress analysis, the owner can specify Section VIII, Div. 2. Section
III, Div. I of the code, presented in seven sub-sections, and one appendix is
written specifically for pressure vessels in nuclear power plant service
(Section il Dive2ypertainstoreinforced concrete vessels).
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In addition to the above, design codes, dealing with material specification
(Section II), non-destructive examination (Section V), Welding
Qualification (Section IX), and in-service inspection (Section XI) are
required to complete the specification for fabrication and testing of
pressure vessels. The ASME Codes have the force of law in the United
States.

(iv) ANSI Standards

Several ANSI standards are frequently used to specify commercially
available off-the-shelf items and standardized practice for welding, non-
destructive testing, machining, etc.

a. American Standard for Pipe Threads, ANSI B2.1.

b. American Standard for Steel Pipe Flanges and Flanged Fittings,
ANSI B16.5.

c. American Standard for Steel Butt Welding Fittings, ANSI B16.9.

d. American Standard for Steel Welded Fittings, ANSIB16.11.

e. American Standard for Butt Welding Ends, ANSI B16.25.

(v) “‘Manual of Steel Construction’’ by the American Institute of Steel
Construction )

(vi) Surface Preparation and painting requirements are usually specified
by the publication of the ‘‘Structural Steel Painting Council.”’

Reference [1.11.1] reproduced in [1.11.2] contains a summary of the
pressure vessel codes and standards used in European countries.
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APPENDIX 1.A*

TYPICAL SHELL AND CHANNEL ARRANGEMENTS AND
EXCHANGER PARTS IDENTIFICATION

1.A.1 SCOPE

This appendix provides a detailed expression for describing the con-
struction of a heat exchanger in accordance with the notation of the Heat
Exchange Institute.

*This appendix is reproduced with minor changes with the courtesy of Heat Exchange In-
stitute, Cleveland, Ohio.
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1.A.2 GENERAL EXPRESSION

1 2 3 4 5
VWS,YZ>V W S, Y Z

This expression breaks down as follows:
Term 1: Vrepresents the front tube side closure
Term 2: Wrepresents the front tubesheet arrangement
Term 3: S, represents the shell side arrangement
Term 4: Y represents the rear tubesheet arrangement
Term 5: Zrepresents the rear tube side closure

1.A.3 PARAMETERS

The parameters for each term are described below:

1.A.3.1 Term1: V(SeeFig.1.A.1)

V=B for an integral channel cover (Bonnet)
= C for a bolted channel cover
=R for a channel reducer

1.A.3.2 Term2: W (SeeFig.1.A.2)

W =1 for a tubesheet which is gasketed (bolted) on both sides
=2 for a tubesheet which is integral (welded) on the tube side and
gasketed (bolted) on the shell side
=3 for a tubesheet which is gasketed (bolted) on the tube side and
integral (welded) on the shell side
=4 for a tubesheet which is integral (welded) on both sides

1.A.3.3 Term 3: S; (See Fig. 1.A.3)

S represents the shell
Subscript j represents the shell side arrangement
J=1for a one-pass shell

=2 for a two-pass shell, etc.
=d for a divided-flow shell
=k for a kettle type
=s for a splitflow shell

If the exchanger contains a one-pass shell j need not be given.

1.A.3.4 Term4: Y (seeFigs. 1.A.2 and 1.A.4)

Y=1, 2, 3, 4 for the tubesheet arrangements described in Paragraph
1.A.3.2 above.
=5 for a tubesheet used with a pull-through floating head.
=6 foratubesheetusedwithrafloating head with a backing ring
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=7 for a tubesheet used with an outside packed floating head
=8 for a tubesheet used with a packed floating tubesheet

1.A.3.5 Term5: Z(See Figs. 1.A.1,1.A.4,and 1.A.5)

Z=B, C, R for the tube side closures described in Paragraph A.3.1
above.
= F for a floating head
=U for U-tubes

1.A.4 PARTSLIST

1. Bolted Channel Cover 21. Floating Head Flange

2. Channel Cover Flange 22. Floating Head

3. Channel Cylinder 23. Floating Head Split Backing

4. Integral Channel Head (Bonnet) Ring

5. Channel Reducer 24. Floating Head Gasket

6. Channel Nozzle (Flanged or 25. Shell Rear Flange

Weld End) 26. Shell Cover Flange

7. Channel Cover Gasket 27. Shell Cover

8. Channel Tubesheet Flange 28. Shell Rear Gasket

9. Stationary Tubesheet 29. Packed Floating Head Cylinder
10. Shell Tubesheet Flange 30. Packed Floating Head Flange
11. Channel Tubesheet Gasket 31. Split Shear Ring )
12. Shell Tubesheet Gasket 32. Packed Floating Head Cover
13. Shell Cylinder 33. Packed Floating Head Cover
14. Shell Longitudinal Baffle Gasket
15. Shell Nozzle (Flanged or Weld 34. Channel Packing Flange

End) 35. Shell Packing Flange

16. Shell Front Cylinder 36. Packing Gland
17. Shell Front Reducer 37. Packing
18. Shell Rear Reducer 38. Lantern Ring
19. Shell Rear Cylinder 39. Tubes

20. Floating Tubesheet

These parts are identified in Figs. 1.A.1-1.A.5, wherein the notation
scheme is also illustrated.
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BOLTED CHANNEL COVER C

CHANNEL REDUCER R

Fig. 1.A.1. Tube side closures (front and rear).
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Fig. 1.A.2. Stationary tubesheet arrangements.
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Fig. 1.A.3. Shell side arrangements.
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KETTLE

KETTLE

Fig. 1.A.3 (cont’d.).

Shell side arrangements.
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PULL-THROUGH FLOATING HEAD

5F

6F

C
@0)—>|

OUTSIDE-PACKED FLOATING HEAD

PACKED FLOATING TUBESHEET WITH LANTERN RING

Fig. 1.A.4. Floating head and tubesheet arrangements (rear only).




1/Heat Exchanger Construction

55

U-TUBE u

Fig. 1.A.5. U-Tube arrangement (rear only).
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2. STRESS CATEGORIES

2.1 INTRODUCTION

In a general three-dimensional continuum, the state of stress at any
material point is characterized by six components of the stress tensor.* With
reference to a set of orthogonal axes, three of these stress components are
normal stresses and the remaining three are shear stresses. Linear theory of
elasticity shows us that by suitably choosing the coordinate axes, the shear
stress components can be made to vanish, and the state of stress can be
defined solely in terms of the three normal stresses, referred to as ‘“principal
stresses’’. The corresponding coordinate axes are denoted as principal axes,
and the planes formed by them are called principal planes.

In the evaluation of the stress field in heat exchangers and pressure vessels
the problem is considerably simplified. Nearly all pressure retaining
members in a heat exchanger are surfaces of revolution. The primary
mechanical loading is pressure loading which is spatially uniform. With
little accuracy loss, we can assume that the meridional, tangential, and
through-thickness directions are principal directions. Since the thickness of
a pressure vessel is small compared to its other characteristic dimensions, it
is customary to view the major components of the stress distribution
through the thickness as consisting of an ‘‘average quantity’’ plus a
“linearly varying quantity’’. Qualification of a pressure part is then made
by comparing these quantities with specified stress limits. The reason for
this approach is best understood by considering the deformation of a
‘“‘beam type’’ structure beyond the elastic limit assuming a material stress-
strain curve similar to that given in Fig. 2.1.1.

2.2 BEAM STRIP ANALOGY

We consider a long strip of unit width and thickness ¢. If the strip is
subjected to an axial tensile load N, distributed uniformly over its cross
section, then the state of uniaxial stress in the strip is defined by

N
o= 7 (2.2.1)

If N is allowed to increase, the value of the axial tensile stress o rises in

*In exceptional cases involving body moments due to effects such as magnetism, nine
components of the stress tensor are required to define the state of stress.

57
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STRESS ===

e

STRAIN=——3>

Fig. 2.1.1. Stress-strain curve for an elastic perfectly plastic material.

direct proportion to N until the yield strength of the material is reached.
The load N = N,, corresponding to the material yield strength o,, is the
maximum load that the strip can withstand. An infinitesimally small in-
crease in /N beyond N, will cause the strain to increase without limit,
resulting in failure.

Next, we consider bending of this strip by two equal and opposite couples
M applied at the two ends (Fig. 2.2.1a). From equilibrium, the moment at
all locations is M. Assuming that plane sections remain plane (classical
beam flexure theory) the longitudinal strain at a distance y from the cen-
troidal axis is

y
==;lyl=<t/2 2.2.2
e=g3 b ( )

and
€max = £1/2R at y= =1/2 2.2.3)
R is the radius of the arc of the centroidal plane of the deflected strip. If €,

is less than e* (Fig. 2.1.1) then the corresponding stress distribution is also
linear, given by

Ey
= = 2.2.4
o= - (2.2.4)
and equilibrium of the cross section yields
12 EP
M= S_m oy dy=—m 2.2.5)

Both strain and stress distributions are linear. From Eqgs. (2.2.3) and
(2.2.5), we have
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M

€max — EE (226)

As M is increased, e, increases, and the general shape of the through-
thickness strain and stress distribution, resembles Fig. 2.2.1 (b) until e,,,
exceeds ¢*. When ¢, reaches ¢*, the corresponding moment is

Erf
Me= ?6* (22.7)
From the stress-strain curve we have
o0 = Fe if e<e*
= FEe* if e>e* (2.2.8)

Therefore, when the strain at the outer fibers reaches the elastic limit, any
further increase in the moment results in the stress distribution of the shape
shown in Fig. 2.2.1. (c). Notice the strain distribution still has to follow Eq.
(2.2.2). As the moment is increased further, the flat portion of the stress
diagram propagates inwards until, in the limit:

o = Ee¢* for t/2=zy=0
= —FE¢* for —t/2=<y=<0 (2.2.9)

At this point the external moment balanced by the internal stress

distribution is:
2

t
M, =Ee* 2 (2.2.10)
Comparing Eqgs. (2.2.7) and (2.2.10) we observe that:
M, =1.5M, (2.2.11)

The moment M, supported by a fully plastic rectangular section is 1.5 times
the moment supported by the section when only the outer fibers reach the
elastic limit. Since any attempt to increase M past M, results in unlimited
cross section rotation, M, is the maximum moment that the beam strip can
withstand. Thus, we conclude that for an elastic-perfectly plastic material
that:

(a) The collapse axial force under a pure tension or compression load
corresponds to the point when the axial stresses reach the yield point
of the material.

(b) The collapse moment is 1% times the moment corresponding to
which the maximum fiber stress reaches the yield point for the section
of the strip considered.

Therefore it stands to reason that if the limit on the uniform stress is oy,
then the corresponding limit on a purely flexural stress should be 1.5 g;. In
reality, most materials workharden when strained beyond their elastic
range, which makes the maximum moment that can be supported greater
than 1.5 M, .
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(i)

(a) STRIP UNDER END COUPLES

~ o [ o -

(b) STRAIN DISTRIBUTION (b) STRESS DISTRIBUTION
(€max. <€) (€max. <€*)

o e

o ek
(c) STRAIN DISTRIBUTION (c) STRESS DISTRIBUTION
(fmax. >e*) (fmax. >e*)

Fig. 2.2.1. Pure bending of a beam strip.

2.3 PRIMARY AND SECONDARY STRESS

Stresses in pressure vessels can be divided into two broad categories: (i)

TN
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An essential attribute of a primary stress is that it is not self-limiting. We
observed in the preceding section, with reference to an uniaxially loaded
strip, that the strain grows indefinitely when the axial load reaches the value
to produce the yield strain. If the material workhardens, then exceeding the
yield point strain will not cause total collapse, but significant deformation
would occur under small increases in applied force.

Primary stresses are caused by externally applied mechanical loads and
are required to be in equilibrium with the external loads. Secondary stresses,
on the other hand, arise solely to satisfy compatibility and are self-limiting
in nature. They are not required to satisfy equilibrium. To illustrate, let us
consider a bar of unit cross-sectional area and length / held between two
rigid platens.

If the temperature of the bar is raised by an amount 7, then the bar, in
absence of the platens, would grow by an amount

s=aTl 2.3.1)

where « is the linear coefficient of expansion of the bar material. Since the
platens are present, displacement compatibility requires that the rigid
platens exert an axial force on the bar to compress it by the amount §,
producing a compressive strain e = — «T. If the bar material follows the
stress-strain curve of Fig. 2.1.1, and if ¢ > €*, then the bar will experience
compressive yielding and develop an axial compressive force N, = E ¢*. €
can be permitted to become quite large compared to €*, but it is clear that
no unbounded deformation results even though the yield load is reached. If,
on the other hand, the load N, was induced by a mechanical action, any at-
tempt to load beyond N, induces unbounded deformation.

In the above discussion we have tacitly assumed that the material is
sufficiently ductile so that plastic strain can be many times the elastic limit
strain without causing failure. The concept of primary and secondary loads
is not meaningful in brittle materials.

The above example indicates that temperature differences in a structure
produce secondary stresses. Another source of secondary stresses is the
geometry of the structure itself. A simple example to illustrate this fact is
shown in Fig. 2.3.1. Two shells of unequal sections are welded such that
their midsurfaces are coaxial. When pressure is applied to the shell, the
hoop stress and radial deflection are greater in the thinner shell as compared
to the thicker shell, causing a mismatch at the girth seam. Thus there is a
tendency for the material to try to separate at the girth seam. A structural
geometry change which produces a mismatch of this nature is called a
‘“gross structural discontinuity’’. Since the two shells cannot separate from
each other, the deflection and slope at the weld seam must match. This
induces a discontinuity moment M, and shear Q,. These discontinuity loads
produce additional membrane (through-thickness) and bending stresses in
the two shell segments which attenuate rapidly along the axes of the shells.
Strictly speaking, all of the discontinuity stresses are generated to satisfy
internal compatibility and therefore should be classified as secondary stress.
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However, high membrane stresses distributed over the entire circumference
and cross section, even though localized in the axial direction and self-
limiting in nature, are a cause of concern. Design codes [2.3.1] place them in
a special category of ‘‘local membrane stress’’, and prescribe special limits
on their permissible magnitude. Any discontinuity bending stresses,
however, are treated as ‘‘secondary stresses’’.

Further subdivisions among primary and secondary stresses are made by
considering the degree of threat that a particular stress type poses to the
pressure vessel. In the next section, the commonly used classification in the
pressure vessel industry is described and explained with the aid of examples.

2

SHELL 2
SHELL |

Qo
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<_X_ —_—— g - - - -)-(——
(SHELL No.1) (SHELL No.2)
(A)- UNDEFORMED SHAPE (B)-DEFORMED SHAPE

Fig.2.3.1. Cylindrical shell under internal pressure.

2.4 STRESS CLASSIFICATION
In the design codes, stresses are classified into five types, namely

(i) primary membrane stress, P,
(ii) primary bending stress, P,
(iii) local membrane stress, P,
(iv) secondary stress, Q

(v) peak stress, F'
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(i) Primary Membrane Stress

The component of primary stress that is obtained by averaging the stress
distribution through the thickness of the pressure vessel is referred to as the
primary membrane stress. It is the most significant stress type. Design codes
limit its value to the specified allowable material stress. An essential at-
tribute of a primary membrane stress is that if the yield point is reached,
causing the material to yield, a redistribution of stresses in the structure
does not occur.

For example, let us consider a thick cylindrical shell of inner radius r, and
outer radius r,, under internal pressure. The Lame formulas [2.4.1] give the
radial stress o, and tangential stress o, as a function of radius:

2

pr,’ r,
m=;7t37<?_+0 .4.1)
2 2
__—Pn (o
“_rf—nz(ﬁ 1) 2.4.2)

where positive value of a stress means that it is tensile. The average value of
g, 0, is Obtained by integrating across the thickness of the vessel:

(2.4.3)

Om =

1 r r
L (i
(ry—=ry)

n r,—r,
We note that the expression for o, derived above can be directly obtained
by considering the overall equilibrium of a sector of the shell. This ex-
pression does not change even if plastic deformation occurs.

The radial stress varies from —p at the inside surface to 0 at the outside
surface. Strictly speaking, its average value across the thickness of the vessel
is given by:

! * 2wo,rd 2.4.4

Oy = i) Srl wa,rdr 2.4.4)

However, o,, is usually taken as the arithmetic mean of its value at r=r,
andr=r,;i.e., g, = —0.5p.

One important category of primary membrane stress arises in a heat
exchanger or pressure vessel due to beam bending of the shell. Stresses are
induced when the heat exchanger or pressure vessel is subject to external
loadings which cause the shell to flex as a beam-type structure. The stresses
vary across the entire cross section of the shell, with the entire thickness of
the shell circumference located farthest from the neutral axis experiencing
the maximum flexural stress. The stress is essentially constant through the
shell thickness, and hence is considered as a membrane stress. It is arguable
whether this stress should be treated as a primary membrane stress, since its
maximum value is rather localized. Design codes [2.3.1], however, adopt
the conservative approach and label this stress induced by gross bending as
a primary membrane stress in the shell wall.
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(ii) Primary Bending Stress

Primary bending stress is produced in certain regions of a pressure vessel
to resist externally applied loads. In contrast to a cylindrical shell, certain
structural shapes cannot resist external loadings without bending. The most
notable example is the case of a flat cover bolted to a flange with a raised
face gasket in such a manner that the end of the cover simulates a simple
support. The bending stress in the cover, developed due to lateral pressure,
reaches its maximum value at the outer fiber in the center of the cover:

_ 33+ pa’

I
where » is the Poisson’s ratio, p is the lateral pressure, ¢ is the cover
thickness and a is the cover radius. As discussed in the preceding section,
since this stress varies linearly across the thickness, the metal is not in the
plastic range except at the outer fiber when o, =0, = yield stress for the
material. As a result, the cover can support additional loading after the
outer fibers have reached the yield point. For this reason, in some codes
[2.3.1] the maximum allowable primary bending stress limit is set higher
than the primary membrane stress limit. The formula for cover thickness in
one of the most widely used pressure vessel codes [2.4.2] is, however, based
on the primary bending stress being set equal to the material allowable
stress.

Some other cases of primary bending stress are:

a. Bending stress in the crown of a torispherical head (Chapter 13) due to
internal pressure.

b. Bending stress in the tubesheets averaged across the ligament. Since
the holes in the tubesheet of heat exchangers are closely spaced, the overall
plate-type bending stress varies linearly through the thickness of the
tubesheet, but varies sharply across the ligament width due to stress in-
tensification effects. Averaging the stress across the ligament width in-
corporates the integrated effect of the presence of perforations. Therefore,
this stress is in the nature of a primary bending stress.

c. Bending stress in the cover (integrally welded to a shell) produced due
to edge restraint (gross structural discontinuity). The edge discontinuity
moment and shear produce a bending stress throughout the cover. Nor-
mally, if this edge moment is not counted on to satisfy the primary bending
stress limit in the cover in the central region then the developed edge stress is
classified as secondary. However, if the developed moment helps to reduce
the central region stress, then the edge stress must be considered as primary.
The rationale behind this dual classification is appreciated by recognizing
that the bending stresses arising due to discontinuity reactions in shells are
classified as secondary stresses and therefore, subject to higher stress limits.
Consequently, if the secondary stresses reach values above yield, some
plastic deformation in the shell edge occurs, diminishing the edge restraint
applied by the shell'on the cover: Satisfaction of the primary bending stress

(2.4.5)

0, =0y
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limit in the central region of cover should not be dependent on this un-
certain edge counteractive moment. If the edge restraint moment is counted
on for reducing stress in the central portion of the cover, then the edge
moment maximum value should be limited such that plastic strains at the
shell-cover interface are not developed.

Similar remarks apply to the effects of edge restraint of the shell on an
integrally welded tubesheet.

(iii) Local Membrane Stress
Local membrane stress can be caused by one of three possible sources.

a. Geometric discontinuity in the structure
b. Locally applied external load on the structure
¢. Load discontinuity in a structure

By definition a local membrane stress is a membrane type of stress limited
to a small part of the structure. Typical examples of local membrane stress
are:

a. Membrane stresses developed in the shell or the knuckle at the joint of
a torispherical head to cylindrical shell. (See Chapter 13 for details.)

b. Stresses in the shell and the head due to a joint between a flat head and
shell subject to internal pressure. It is to be noted that the in-plane load in
the cover due to the edge restraint produces a uniform state of stress
throughout the cover and would normally be considered a primary mem-
brane stress. However, since its origin is in the internal reactions caused by
geometric discontinuity rather than in support of an external loading, it is
treated as a local membrane stress.

¢. Local membrane stresses in the shell due to an axial thrust or bending
moment at a nozzle connected to the shell.

Since a membrane stress is assigned to the local category if the stress
region is localized, some definitions of a localized region are necessary. The
ASME Code [2.3.1] gives the following rules for determining whether a
local membrane stress qualifies as P, .

a. The stressed region will be considered local if the distance, over which
the membrane stress intensity exceeds 1.1 S,,,* does not exceed (r)"?,
where r is the minimum mid-surface radius of curvature and ¢ is the
minimum thickness in the region considered.

b. Regions of local primary stress intensity involving axisymmetric
membrane stress distributions which exceed 1.1 S, shall not be closer in the
meridional direction than 2.5(r£)", where r is defined as average of r, and r,
and ¢ is defined as average of ¢, and ¢,; ¢, and ¢, are the minimum
thicknesses of each of the regions considered, and r, and r, are the
minimum mid-surface radii of curvature of these two regions where the
membrane stress intensity exceeds 1.1 S,,.

*Stress intensity S, is defined in Section 2.6.
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c. Discrete regions of local primary membrane stress intensity, such as
those resulting from concentrated loads acting on brackets, (where the
membrane stress intensity exceeds 1.1 §,,) shall be spaced so that there is no
overlapping of the areas in which the membrane stress intensity exceeds 1.1

-

If the stress intensity being considered does not meet the applicable
conditions, then it should be considered as a primary membrane stress with
lower allowable limits.

(iv) Secondary Stress

Secondary stress is a normal or shear stress arising because of the con-
straint of adjacent material or by self constraint of the structure. The basic
characteristic of a secondary stress is that it is self-limiting. In other words,
local yielding or minor distortions can relieve the conditions which lead to
the development of these stresses and limit their maximum value. Failure
from one application of such a stress is not to be expected. Examples of
secondary stresses are:

a. Stresses developed due to differential thermal growth in the structure.

b. Bending stress at a gross structural discontinuity.

¢. Non-uniform portion of stresses across the vessel wall in a shell
subjected to internal pressure.

Since a thermal stress is a self-balancing stress produced by a non-uniform
distribution of temperature or by different thermal coefficients of ex-
pansion, thermal stresses always belong to either the secondary or to the
peak category. In order for a thermal stress to be qualified in the secondary
category it has to actuate a distortion of the structure in which it occurs.
Those thermal stresses which are very localized and are such that the dif-
ferential expansion is almost completely suppressed do not belong to the
secondary category. They are called peak stresses. A discussion of thermal
stresses which belong to the peak category is given in the next section. We
see that secondary stresses can be sub-divided into two major categories:
those that are actuated by mechanical loads, and those that are actuated by
temperature distribution. Some examples of load actuated secondary
stresses are given below:

a. Any linear component of the stress distribution through the thickness
of a shell subject to internal pressure and located away from a
structural discontinuity.

. Bending stress in a shell where it is connected to a head or to a flange.

Bending stress in a shell or a head due to nozzle loads.

. Bending stress in the knuckle or shell at a head to shell joint.

Bending stress in a flat head due to edge restraint posed by shell to

head joint when the local bending stress in the shell exceeds the

material yield point.

o oo o
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f.

Bending stresses in a nozzle at the nozzle-shell junction due to internal
pressure.

Temperature actuated secondary stresses are also found extensively in a
pressure vessel, Some examples are:

a.
b.

(\2]

Stresses caused by axial temperature variation in a shell.
Bending and membrane stresses due to a temperature difference
between shell and attached head.

. Differential thermal expansion stress (both membrane and bending

components) between two adjoining parts of a structure such as nozzle
to shell or shell to head.

. Equivalent linear stress due to a radial temperature distribution in any

shape pressure vessel.

Peak Stress

Peak stress is that increment of stress which adds to the uniform plus
linear stresses. Peak stresses are added to the primary and secondary stress
to give the total stress at a point. The basic characteristic of a peak stress is
that it does not cause any noticeable distortion and is objectionable only as
a possible source of a fatigue crack or fracture. A structure which is subject
to peak stresses requires evaluation of these stresses only when a fatigue
analysis of the structure is performed. Some typical examples of peak
stresses due to thermal loads are:

a.
b.

Thermal stress in the cladding of a tubesheet.

Certain thermal stresses which may cause fatigue but not distortion.
For example, the non-linear bending part of thermal stress across a
cylinder wall.

The non-linear stress at a local structure discontinuity, such as small
nozzles and couplings attached to thin shells, caused by thermal
mismatches.

. Surface stresses produced by a thermal shock.

All examples above belong to the temperature actuated category.
Some examples of load actuated peak stresses for specific situations
are given below:

Additional stresses developed at the fillet between a nozzle to shell
junction due to internal pressure or external loads.

. Peak stress in a ligament (uniform ligament pattern). Both the bending

and membrane stresses in a typical ligament are evaluated by
averaging the stresses across the width of the ligament. The peak stress
is the additional stress above the membrane plus bending stress that is
developed due to the stress concentration effect of the ligament.
Bending and peak stresses near an isolated or atypical ligament.
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2.5 GENERAL COMMENTS

Depending on the thoroughness of the analysis required in the design of a
particular pressure vessel, one or many of the stress categories has to be
calculated. The most important stress category is the primary membrane
stress and most formula based designs entail evaluating the membrane
stresses in the pressure vessel. However, some pressure vessel components
resist pressure or external loads only through bending. Typically, these are
plate type members such as flat heads, a blind flange in a nozzle, etc. These
elements develop mainly primary bending stresses and the design formula
for these members are based on the bending stress limitation. Somewhat less
important are the local membrane stresses. These are evaluated whenever a
higher level of confidence in the pressure vessel design is required. The most
commonplace application of a local membrane stress calculation is in the
evaluation of allowable nozzle loads at heat exchanger connections (see
Chapter 17). An excellent discussion of stress classification and design
categories is found in [2.5.1].

There are, however, stresses in a heat exchanger which transcend all
categories described in the foregoing. The most notable is the tube joint
stress. The importance of a sound tube-to-tubesheet joint is so vital to the
performance of a heat exchanger that conservative limits [2.4.2] are placed
on this load even though much of the joint load may develop from tem-
perature differences. Similarly, buckling of tubes is another factor,
especially in fixed tubesheet heat exchangers, which is not addressed by any
of the stress categories. Another area of concern is the hoop stress
developed in a torispherical or ellipsoidal (typically two-to-one major-to-
minor diameter ratio of the generator ellipse) head. The stress is com-
pressive near the equator of the head and in large diameter vessels, can
cause ‘‘wrinkling’’ of the head in its knuckle region. Despite the fact that
these special areas are not addressed by the stress categories discussed in the
preceding sections, the scheme of dividing the stresses into well defined
classifications described in the foregoing is found to be extremely valuable
in conducting detailed stress analyses of pressure vessel components.

2.6 STRESS INTENSITY

Stress intensity is defined as the difference between the algebraically
largest and smallest principal stresses at a point. From Mohr’s diagram of
stresses, we recognize stress intensity to be twice the maximum shear stress.
Some design codes [2.3.1] use the maximum shear stress theory, the so-
called Tresca criterion, as the governing theory of failure. Since the
membrane stress is, by definition, the averaged stress across a section; the
membrane stress intensity really pertains to the section rather than to a
point. It is evaluated by first computing the three principal membrane
stresses and then determining the maximum algebraic difference.
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2.7 AN EXAMPLE OF GROSS STRUCTURAL DISCONTINUITY

Evaluation of the stress field at gross structural discontinuities is essential
for a complete stress analysis of a pressure vessel or a heat exchanger. We
will encounter solutions of varied structural discontinuity problems
throughout this work. The underlying concepts are introduced by treating
the configuration of Fig. 2.3.1 in some detail.

Unequal Thickness Welded Cylinders

Consider two thin shells of thickness ¢, and #, respectively, under
pressure p, welded together along the girth seam as shown in Fig. 2.3.1. The
two ends of the closed pressure vessel are assumed to be at least 5 (at,)"?
(assuming ¢, > t,) from the junction. a is the common mid-surface radius
of the two shells. The above restriction is imposed so that we may neglect
the effects of the vessel ends (see our discussion of edge loading of a shell in
Appendix A following Eq. (A.4.5)).

The membrane stress components in the two shells given by Lame’s
formula are listed below (tensile stresses are considered positive).

Shell No. 1 Shell No. 2
(thickness #,) (thickness t,)

Hoop (tangential) pa pa
membrane stress; o; - -
(direction No. 1) t t
Radial membrane stress —p -p
(direction No. 2); g, - -
Longitudinal (meridional) pa pa
membrane stress (direc- - i
tion No. 3); o, 2t 21,
Membrane stress intensity pa p pa p
in 1-2 plane; lo; — o, | —+3 3
Membrane stress intensity ! pa 2 pa
in 1-3 plane; lo; — o3 | 5 5
Membrane stress intensity pa lp pa 2 »
in 2-3 plane; lo, — oy | 42 2+
2 2, 2 2, 2

The membrane stress intensity in the 1-2 plane (radial plane) is the highest
and hence is the controlling stress intensity.

The above stresses are valid in the region of the shell away from the ends
and from the welded joint. At the welded joint location, the radial
deflection w; in the two shells (i = 1,2), if the shells were free to expand
freely, is computed as follows:

The circumferential strain is
W;
a

1
€= =E.[01 — w0, +03)]
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where E is the Young’s modulus of the shells /i and the deflection w; is
positive if directed away from the centerline of the shell (in the 2-directions
in Fig. 2.3.1).

Substituting for g,, g,, and g; we have

w,:%‘; [1— % (% +1>]; i=1,2 @.7.1)

Since the deflections of the two shells are different, discontinuity shear
force Q, and moment M, are needed to establish displacement and slope
continuity, when the actual system, including the welds, is considered.
Axisymmetric edge moment M and shear Q acting on the edge of shell of
radius a, thickness ¢, (see Fig. 2.7.1) produce the following deflections and
slopes (see Appendix A for derivation and note the direction changes for M

and Q).
U((x
Q M T (x)
= =
I—-»x
A .
Y
Fig. 2.7.1. Axisymmetrically edge loaded shell.
1
Ux) = 55D [BMY(Bx) + ON(Bx)] (a)
du 1
S = 2p A0+ 0o(EN) b (2.7.2)
d*U 1
a2~ D [BM¢(Bx) + Q(Bx)] ©
where
3(1 —p*)qo2s
g=[ =] @
p-E_ (
T 120-A) °
U(x) is the radial deflection of the shell wall, and
#(Bx) = e #(cosPx+sinfBx) (@)

W(Bx) = e #(cosPx— sinBx) b) (2.7.3)
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ABx) = e Pcospx (©
qBx) = e Psinfx @

Substituting 3; and D; for 8, and D, and Q, and M, (with proper signs) for
Q and M, we obtain

x=0, Shell No. 1 = 0= 26.°D, (B M, — Qo) (a)
e = =~ =5 (26, M, b) (2.7.4
“dx 1x=0, shell No. 1 = 0= 2512D1( BiMy — Qo) ® 27149
x=0, Shell No. 2 = 0= 28,°D, (B, M, + Q) (©)
dUu B B 1 26 M. ;
—3; x=0, Shell No. 2 = = 2322D2( B.M, + Qo) @
Compatibility of displacement and slope at the junction requires:
Wl +61 = W2 +62
o = —0

The above equations enable determination of M, and Q, at the weld
location.

Substituting for w;, 6, and «;(/ = 1,2) from the above equations, and
rearranging terms, we have

M, =CQ, (@
where
(1-p)
R L b) .7.5
26, + 0B () @73
_ B:°D,
p= 5,°D, (©)
and
pa’ ¢ 1 vt 1 v/t
Q_?(5[‘"5(;“)]7[“5(;“)] 06
o my(1—CB,) +my(1+ CB,) @ @7
where:
1 .
mi=m; i=1,2 (b)

Equations (2.7.5) and (2.7.6) define the discontinuity stress resultants M,
and Q,. In keeping within the spirit of thin shell theory, #;/a + 1 = 1 may
be used in all of the above equations.

The additional stresses at the junction due to these discontinuity loads are
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given below (setting i = 1,2, gives respective values on the two sides of the
junction).

Source Type of Stress Category Magnitude

0, Shear stress at mid- Secondary 30,
section in 1-3 plane. —
(Fig. 2.3.1) 2t

M, Longitudinal bending Secondary 6M,
stress at outer fibers >
in 1-3 plane. li

M, Circumferential bend- Secondary YoM,
ing stress at outer 3
fibers in 1-2 plane. li

&; Tangential stress Local Es.

(positive if tensile) Membrane d
in 1-2 plane. a

These stresses are in addition to the primary membrane stresses computed
before.

2.8 DISCONTINUITY STRESSES AT HEAD, SHELL AND SKIRT
JUNCTION

As another illustration of a gross geometric discontinuity, let us consider
the junction of a two-to-one ellipsoidal head, its straight flange which
continues on as a channel of a heat exchanger, and a welded on skirt. This
situation is encountered in vertical skirt mounted pressure vessels and heat
exchangers, such as the one shown in Photograph 2.a.

For simplicity of analysis, it is assumed here that the support skirt joins
the head at its junction with the shell. The three surfaces are labeled 1, 2,
and 3, as shown in Fig. 2.8.1. ¢;, M,, and Q, indicate the thickness,
discontinuity moment and discontinuity shear, respectively, pertaining to
element /. The shell is subjected to pressure p.

The expansion of the equatorial radius (radius of the junction) of the
cylindrical shell (element #1) due to pressure p is given by Eq. (2.7.1) (and
also developed in Chapter 13) as

pa’
6, El, (1-0.5») 2.8.1)
Similarly, the radial expansion of the equatorial radius of the ellipsoidal

head (element #2) iS
= z 2 8 2
(S 1+ OSV .0.
2 Etz ( ) ( )
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Photograph 2.a. Skirt mounted heat exchanger with a three-element joint
(TEMA type BEU). (Courtesy Joseph Oat Corporation.)

Note that pressure causes a contraction of the head diameter if no restraint
is present.

The third element, the skirt, is not pressurized, and therefore undergoes
no membrane expansion. The magnitudes of Q; and M, are determined by
requiring continuity of slope and deflection at the junction (equator). A
reasonably accurate solution can be obtained by assuming that the edge
displacement solution for the ellipsoid, due to axisymmetric moment and
shear loads, is equal to that of a thin cylinder of equal thickness and radius.

SHELL (ELEMENT #1)

// D
4 M1\
! 01 \\
! )
I.. e |
\\+02\-—l \.—( .-"!

33 My Mg/

JUNCTION

HEAD (ELEMENT #2)

—SKIRT (ELEMENT #3)

Fig. 2.8.1 Shell, head, and skirt shown as freebodies.
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The expressions for radial displacement and edge slope due to edge
loadings are found from the preceding section. By matching displacements
and slopes at the equator between the three structural elements (junction of
the three elements) four algebraic equations are obtained. Finally, a balance
of edge shears and moments at the junction furnishes two additional
equations (see Fig. 2.8.1):

—M, +M,+M;=0 (2.8.2)
0,+0,+0,=0 (2.8.3)

Six algebraic equations are thus assembled to solve for six unknowns,

namely M;, O; (i=1,2,3). These equations can be written in the matrix form

[ 1 1 1 1 T (.
- = — 0 0 M,
X1 Bixi X2 Baxz
1 1 1 1
- = 0 0 — o
X1 Bix: X3 B3 %3 1
2 1 2 1
— ﬂ _ — _& _ 0 0 M,
X1 X1 X2 X2 < -
2 1 -2 1
_ ﬁ S 0 0 _63_ S 0,
X1 X1 X3 X3
-1 0 1 0 1 0 M,
| 0 1 0 1 0 1 3 LOs
~ N
6, — 0,
6, — 0;
0
= < e (2.8.4)
0
0
L 0 U
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where x; = 28,°D;; i = 1,2,3.

These equations are solved using a suitable Gaussian elimination scheme.
Computer program HEADSKIRT listed in the following pages gives the
necessary tool to perform the analysis.

Having determined the discontinuity reactions, the corresponding
discontinuity stresses are found. The following relations are derived in
Appendix A:

EU(x)
GCm =
a
N 6D d*U
op = —_
v £ dxd
Oy = VO

where o, is membrane stress, 0, is longitudinal bending stress, and o, is
circumferential bending stress due to edge loads.

U(x) and d?U/dx* are defined by Egs. (2.7.2) with appropriate quan-
tities replacing M, Q, t, 8. For instance, to calculate stresses in element 1,
replace M by M,, Qby Q,, tbyt,, and by (,.

These equations are computerized in the computer code ‘“HEAD-
SKIRT’’. The listing of “HEADSKIRT” is given in this section. The
following terms define the input data:

Mathematical Fortran
Term Symbol Symbol
Mean radius a U
Pressure p P
Thickness of element 1 (shell) 4 (1)
Thickness of element 2 (head) ty 7(2)
Thickness of element 3 (skirt) 3 7(3)
Young’s Modulus x 108 E E
Poisson’s Ratio v PR

Example: Let us consider the junction of a shell, a 2:1 ellipsoidal head, and
a skirt of mean radius 20” subject to an internal pressure 200 psi. The
Young’s Modulus and Poisson ratio of all materials are assumed to be 30 X
10 psi and 0.3, respectively. We consider two cases.

Cuse I: All three elements have equal thickness = 0.25”.

Casell:t, = t, = 0.25"; skirt thickness 0.001".

(Case II numerically simulates the condition of no skirt.)

The variations of ¢.,, and g, with x; (x; = 0 at the junction) are plotted
in Fig. 2.8.2 for the shell, in Fig. 2.8.3 for the head, and in Fig. 2.8.4 for the
skirt. o, is not plotted since it bears a fixed ratio to oy,

These plots clearly show the exponentially decaying nature of the stresses
produced by edge loadings. The comparison between Cases I and II in-
dicates the effect of the skirt.
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In order to obtain the complete state of stress in the shell and the head,
these discontinuity stresses should be added to the membrane stresses
produced by pressure. The stresses in the skirt are only due to edge loadings,
since there is no pressure in that element. The method of obtaining mem-
brane stresses in pressure vessels is given in Chapter 13.

PROGRAM HEADSKIRT

DIMENSION A(6,6), B(6) , G(36), T(3),PSI(3), BETA(3)
DIMENSION AM(3).AQ(3),SIGCM(3,60),SIGLB(3,60),SIGCB(3,60),XX(60)
TH(X)= EXP(-X)*COS(X)

ZETA(X)=EXP (-X)*SIN(X)
R(X) = 1.0/X
1 ACCEPT U, P,T(1),T(2), T(3) , E,PR
2 E= E*1.0E6

WRITE(6,700)P,T(1),T(2), T(3) ,E,PR,U

PR2= 1.-PR*PR

DO 100 I=1,3

BETA(I) = (3.*PR2/(( U*T(I))**2))**.25

100 PSI(I) = (BETA(I) **2) *E*(T(I)**3) /(6.*PR2)

DELL =P*U*U*(1.-.5*PR) / (E*T(1))

DEL2 = -P*U*U*(1.+.5%PR) /(E*T(2))

DEL3 = 0.

DO 200 I=1,6

D0 300 J=1,6

300 A(I,J) = 0.0
200 B(I) =0.0

A(1,1) = (PSI(l))

A(1,2) = R( PSI(1)*BETA(1))

A(1,3) = R(PSI(Z))

A(1,4) = R(PSI(2)*BETA(2))

B(1) = DEL1-DEL2

A(2,1) = A(1 1)

A(2,2) = A(1,2)

A(2,5) = (PSI(3))

A(2,6) = R(PSI(3) *BETA(3))

B(2) = DEL1-DEL3

A(3,1) = 2.%BETA(1) /PSI(1)

A(3,2) = A(1,1)

A(3,3) = -2.%BETA(2) /PSI(2)

A(3,4) = -A(1,3)

A(4,1) = A(3,1)

A(4,2) = A(3,2)

A(4,5) = -2.%BETA(3) /PSI(3)

A(4,6) = -R(PSI(3))
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410
400

500

550

650
750
1001
1000

700
1
2
710
1
720
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CONTINUE

CONTINUE

CALL SIMQ(G,B,6,KS)

B(1) =- B(1)

B(2) = -B(2)

IF(KS .NE. 0) GOTO 1000
WRITE(6,710) (B(I),1=1,6)
DO 500 J=1,3

AM(J) = B(2*J-1)

AQ(Jd) = B(2%J)
ALIM=AMINI (BETA(1),BETA(2))
XLIM=5./ALIM

XINC = XLIM*.02

D0 550 1=1,3

DO 550 J=1,51

X= XINC*(J-1)

BX=XINC*(J-1)*BETA(I)
SIGCM(1,J)=(2.*U*BETA(T)/T(1))*(BETA(1)*AM(1)*(TH(BX)-ZETA(BX)
)+AQ(1)*TH(BX))

SIGLB(1,J)= (6./(BETA(I)*T(I)**2))* (BETA(I)*AM(I)*(TH(BX)+
ZETA(BX) )+AQ( 1) *ZETA(BX))

SIGCB(I,J) = PR*SIGLB(I,J)

XX(J)=

CONTINUE

DO 650 J=1,51

WRITE(6,750)XX(J),((SIGCM(I,J),SIGCB(I,d),SIGLB(I,d)),1=1,3)
CONTINUE
FORMAT(10E13.4)

STOP

WR1TE(6,720)

STOP

FORMAT (1H1,5X,"P,T1,72,T3=",4( F9.3)/,5X,"E,POISSON RATIO =
3X,E11.4,3X,F6.4,/, 5X, "A =
3X.F10.4)

FORMAT(/,//// ,5X,"ML,Q1=",2E12.4,5X,"M2,Q2=",2E12.4,5X,"M3,Q3 =
2€12.4///)

FORMAT (5X, "EQUATIONS LINEARLY DEPENDENT")

END

Note: Subroutine SIMQ is listed with computer program FLANGE in
Chapter 3.
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NOMENCLATURE

M = Bending moment on section
M, = Bending moment to cause outer fiber to reach yield limit
M, = Plastic limit moment — Eq. (2.2.10)
M,Q = Generic edge moment and shear
N, = Uniform load on structural section causing section yielding
p = Internal pressure
r,,r, = Inner, outer radii of a thick-walled cylinder
R = Radius of curvature
S,, = Stress intensity
U(x) = Shell deflection shape due to edge loading — Eq. (2.7.2)
w; = Shell deflection, due to pressure, away from edges — Eq. (2.7.1)
a = Coefficient of thermal expansion — Eq. (2.3.1)
e¢ = Strain measure
e¢* = Strain to cause yielding
o,, = Average value of g, —Eq. (2.4.4)
g,,0, = Tangential, radial stresses
o,, = Average valueof 0, —Eq. (2.4.3)
REFERENCES
[2.3.1] ASME Boiler and Pressure Vessel Code, Section III, Div. I, Sub-

section NB (1983).

[2.4.1] Seeley, F. B., and Smith, J. O., ‘““‘Advanced Strength of Materials,”’
second edition, pp. 299-300, Wiley, New York (1965).

[2.4.2] ASME Boiler and Pressure Vessel Code, Section VIII, Div. I (1983).

[2.5.1] Burgreen, D., ‘‘Design Methods for Power Plant Structures,’’ 1st
Edition, C.P. Press, N.Y., (1975).



3. BOLTED FLANGE DESIGN

3.1 INTRODUCTION

Pressure vessels require flanged joints to permit their disassembly, in-
spection and cleaning. Bolted joints are also utilized to alleviate stresses at
sections where sharp temperature changes occur, such as the joint between
tubeside and shellside chambers in a heat exchanger (Fig. 3.1.1). From a
conceptual standpoint, flanged joints may be subdivided into two major
categories.

(i) Bolted joints

(ii) Pressure-actuated joints

The so-called ‘‘bolted joint’’ is by far the most common type. Its un-
derlying principle is, in essence, brute force. ‘‘Pressure actuated joints’’
find application in the higher pressure range, typically over 2000 psi. The
main difference between these two joint types lies in the manner by which
the pressure load is resisted and leak-tightness is achieved. In a bolted joint,
pre-load in the bolt provides initial pre-stress in the gasket. Upon in-
troduction of internal pressure, the normal surface load on the gasket
drops. The objects in flange design are to ensure that the residual gasket
load is sufficient to maintain the joint leak tight, and, to ensure that the
stress levels in the flange during bolt pre-load, as well as during
pressurization, do not exceed allowable values. Pressure actuated joints, on
the other hand, exploit the header pressure force to compress and to seal the
gasket. This chapter concentrates on the structural behavior of bolted
joints. First, an outline of various types of flanges used in bolted joints is
given, followed by a brief discussion on the significance of surface finish of

SPLIT RING

STUB END TUBESHEET

1 r

Y YR
7\‘1:\§-s‘;|

PO ELL,

) L N

TUBESHEET SKIRT
Fig. 3.1.1. Outside packed floating head heat exchanger.
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82 Mechanical Design of Heat Exchangers

flange facings, and of gasket characteristics on the joint performance. The
concepts leading to the characterization of the sealing action of bolted
joints are next developed. Conventional design methods and stress analysis
procedures are also described. Similar concepts for pressure actuated
closures are developed in Chapter 6.

3.2 BOLTED FLANGE TYPES

Bolted flanges may be subdivided into three major categories:

(i) Ring flange (Fig. 3.2.1.a)
(ii) Tapered hub (or welding neck) flange (Fig. 3.2.1.b)
(iii) Lap-joint flange (Fig. 3.2.1.¢)

The ring flange consists of an annular plate welded to the end of the

BACKING ( FLANGE)

RING
BOLT CIRCLE \ LAP RING

fe ] ¢ (]

A

b 1 L gl S UL g

| hg Ry ]
b Ry \ i hg by Ry
) 6 Rt |,
%ﬁ o h“n'ql
H E N T
e
%

G

GASKET
B
INTERNAL PRESSURE
(a) RING FLANGE WITH (b) WELDING NECK FLANGE (¢) LAP-JOINT (Lo0SE)
FLAT FACE WITH TONGUE FACING FLANGE (RAISED FACE)

(PRESSURIZED CONDITION LOADS)

Fig.3.2.1. Bolted flange types and typical facing details.

cylindrical shell. A number of equidistant bolt holes (conventionally, a
multiple of 4) are drilled on a uniform pitch on a circle (known as the bolt
circle). The gasket is confined inside the bolt circle. This joint is utilized in
low to moderate pressure applications. If the pressure is quite low (less than
100 psi), wide gaskets which span the entire flange face (within and beyond
the bolt circle) may be used. This construction is referred to as “‘full face
gasket’’ design. A design method for flanges utilizing full face gaskets is
presented in Chapter 5. The work in Chapter 5 also focuses on the effect of
the non-linear material characteristics of the gasket.

The tapered hub flange is shown in Fig. 3.2.1.b. The annular ring is
integral with a short tapered hub. The small end of the hub is butt welded to
the cylindrical shell. This class of flange is widely utilized where reliability
and safety are major concerns. Tapered hub flanges have been used in
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pressures as high as 5000 psi, although the flange becomes massive and
unwieldy as pressure and diameter increase. Pressure actuated closures
become more cost effective at pressures over 2000 psi in shell diameters
exceeding 20”.

The lap joint flange finds extensive use in low pressure piping and in
pressure vessel construction where economy of construction is an important
consideration. The backing ring, shown in Fig. 3.2.1.c, can be made from
an inexpensive yet strong structural material (e.g., carbon steel), even
though the internals of the pressure vessel including the ‘‘lap ring’’ may
have to be made from expensive corrosion resistant alloys. Furthermore,
lap joint construction facilitates alignment of bolt holes in matching rings in
opposing pipe ends. In outside packed floating head heat exchangers, the
flange at the rear end must be of the lap joint type. The backing ring shown
in Fig. 3.1.1 is split into two or three segments to enable its removal before
the tube bundle can be pulled through the shell. The backing ring can also
contain a hub if added rigidity against rotation is desired.

Some ‘‘off-the-shelf’’ lap joint flange rings are equipped with hubs to
increase their rotational stiffness. Such joints are referred to as ‘‘hubbed lap
joints’’.

3.3 FLANGE FACINGS

The geometric detail of the flange surface on which the gasket sits is
prepared to suit the gasket type, the kind of application, and the service
conditions. The ability of a joint to maintain a seal depends on a complex
interaction between a host of parameters, of which the gasket and facing
details are perhaps the most important as well as the most intractable to
analytical simulation. In the following, some common facing details and
gasket types are described. The material presented here should provide the
reader with the necessary background of the practical considerations in
selecting flange facings.

Generally speaking, flange facings may be divided into four categories:

(i) Unconfined and pre-stressed
(ii) Semi-confined and pre-stressed
(iii) Confined and pre-stressed

(iv) Self-equalizing

(i) Unconfined and Pre-stressed

In this construction, the gasket if free to expand outwards as well as
inwards when the bolt load is applied. The flange facing may be either flat
(Fig. 3.2.1.a); or raised face (Fig. 3.2.1.c). The gasket ordinarily extends to
the inner edge of the bolt line (within a certain tolerance) so that bolts may
serve to center it. Flat faced designs are used in low pressure applications.
Raised face designs are somewhat superior to the flat faced type, because
the raised face protects the mating flange rings from contacting each other
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at the outer edges when the joint is pulled up. Neither of the two facings
provide protection against gasket blow-out.

(ii) Semi-Confined and Pre-stressed

The ‘‘male and female’’ joint shown in Fig. 3.3.1 is a typical example of a
semi-confined joint. The gasket is protected from blow-out; however, no
protection is offered against extrusion on the inside.

The semi-confined effect can also be produced in unconfined facing
detail by equipping the gasket with a so-called ‘‘retainer ring’’. The retainer
ring may be on the outside, inside or both locations; the last arrangement
simulates a fully confined joint.

(iii) Confined and Pre-stressed

This detail is utilized in operating conditions subject to pressure and
temperature fluctuations. The tongue and groove joint (Fig. 3.3.2), the
double step joint (Fig. 3.3.3), and the ring joint (Fig. 3.3.4) are typical
examples of confined joints. These joints are generally preferable for cyclic
applications. The machining must be quite precise such that the mating
parts fit properly. The tongue (Fig. 3.3.2) is specially susceptible to damage
during handling and hence, is usually made on the part which is easier to
handle.

(iv) Self-equalizing

Self-equalizing facing detail relies on the deformation of the gasket
during pressurization to effect the joint seal. Figure 3.3.5 shows typical
facing details. Such gaskets are usually made from an elastomeric material,
e.g., rubber, or from hollow tubular (metallic) elements.

Rn GASKET

7/ BUTT JOINT

N

Fig. 3.3.1. Male and female joint (semi-confined).
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Fig. 3.3.3. Double step confined joint.
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Fig. 3.3.4. Ring joint.
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(a) ELASTOMER (b) METALLIC O-RING
Fig. 3.3.5. Self-energizing facings.

3.4 FLANGE FACING FINISH

The type and texture of surface finish play a major role in the sealwor-
thiness of a flanged joint. The surface finish should have the correct quality
(RMS or AA finish rating) and type. There are five distinct styles of surface
finish which are commonly used in the industry to indicate the quality and
type of finish. These are:

(i) Rounded nose spiral finish
(ii) Spiral serrated finish

(iii) Concentric serrated finish
(iv) Smooth finish

(v) Cold water finish

(i) Rounded Nose or Stock Finish

The rounded nose or stock finish is a continuous spiral groove. For
nominal sizes 12” and smaller, it can be generated by a 1/16” radius round
nose tool at a feed of 1/32” per revolution. For sizes above 12", the tool
nose radius is increased to 1/8” and the feed rate is increased to 3/64” . This
finish is mostly used with compressed asbestos, fiber, rubber and other
organic gaskets. This finish is also referred to as ‘‘phonograph’’ finish.

(ii) Spiral Serrated

Continuous spiral groove is generated with a 90° included angle ““V’’-
tool. The grooveis 1/64” deep and the feed is 1/32” for all sizes.

(iii) Concentric Serrated

The groove cross section detail is identical to (ii); however, the groove is
made in concentric circles.
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(iv) Smooth Finish

A finish produced with no visible tool markings to the naked eye. Final
dressing up, using an abrasive material such as emery paper, is necessary to
obtain such a finish.

(v) Cold Water Finish

This refers to the surface with mirror-like appearance. It is produced by
using a wide tool at high speeds. This finish is seldom used due to its ex-
cessive cost and fragility.

3.5 GASKETS

A gasket is the heart of a bolted joint. It is essentially an elasto-plastic
material which is softer than the flange face. Under the application of a bolt
load, the gasket deforms, and fills up the irregularities on the flange face. In
this condition, the gasket is considered to be seated. It is shown in a later
section that when pressure is introduced in the pressure vessel, the flanges
separate by a small amount at the gasket location. The gasket should
possess the resilience to maintain a sufficient residual surface pressure to
keep the joint from leaking. These qualities of plastic compliance and
resilience are difficult to build into the same material and therein lies the
challenge to the manufacture of a successful gasket. Gaskets are made out
of a myriad variety of materials. The ASME Codes [3.5.1-3] list some
common types. Butcher [3.5.4] is another excellent source of information
on this subject. The choice of the proper gasket material depends on
operating conditions, on mechanical attributes of the flanged joint, and on
metallurgical considerations. Some factors which should be considered in
selecting the proper gasket material are described below:

Pressure

For a given pressure vessel diameter, the pressure determines the
magnitude of the hydrostatic load that the bolts are required to resist.
Therefore, the bolt load must at least exceed the hydrostatic load. In the
seating condition (pre-load condition), this entire bolt load is borne by the
gasket. The gasket must be strong enough to withstand the bolt pre-load
without crushing or extruding out. Thus, soft materials, such as asbestos,
organic fibers, etc., are ruled out for high pressure applications.

Temperature

Operating temperature of the fluid contained by the gasketed joint must
be below the permissible temperature for non-metallic gasket materials. For
example, an asbestos filled gasket is seldom used in joints in sustained
contact with fluids over 800 °F.
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Corrosion

Oxidation, galvanic corrosion, dezincification, etc., are important
considerations when selecting metallic gaskets.

Cyclic Conditions

Fluctuations in the internal pressure result in repeated loading and
unloading of the gasket. Spiral wound, and hollow tubular gaskets are
known to withstand such conditions quite well.

We now discuss some of the classical aspects of loading a ring gasketed
joint. The structural behavior of the gasket is customarily expressed in
terms of two quantities: the so-called minimum seating stress y and gasket
factor m. The minimum seating stress is the surface pressure which must be
exerted on the gasket to make its surface completely conformal with the
flange facing profile. The required bolt load to seal the gasket is then given
as

W, = nGby (3.5.1)

where G is the effective gasket diameter and b is the effective gasket width.
Recognizing that the rotation of the flange ring causes non-uniform
pressure distribution in the radial direction, the ASME codes [3.5.1-3] give
algebraic expressions to define the effective gasket diameter G and the
corresponding gasket effective width b. These semi-empirical formulas are,
by now, well entrenched in the industry. Their success attests to their
general validity, although the minimum seating stress y, based on the above
referenced definition of G and b, has been the subject of much controversy
and speculation [3.5.5-9].

When the joint is pressurized, the total bolt load, W,, must equal the
pressure induced header load and the residual load acting on the gasket
bearing area; i.e.

7G*P
w,= 2 +27tbGmP (3.5.2)

where P is the internal pressure. The integer 2 in the second term is
essentially a factor of safety. The minimum value of m required to maintain
the joint leak-tight is known as the “’gasket factor’’ for the gasket material.
According to the Code, a joint is leak tight if the surface pressure on the
gasket (assuming it to be of width 2b) is at least m times the internal
pressure. Of course, ‘‘leak-tight’’ is an imprecise term. All gasketed joints
lose pressurized fluid, even if the loss is at an immeasurably small rate.
Experiments [3.5.6] show that the leakage rate A (gms/day) is related to the
actual seating stress y, (psi X 10~?) (based on width b) by a relationship of
the form

A=Ky," (3.5.3)
where the exponent #n, is of the order of 10 for spiral wound gaskets.
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Likewise, the leakage rate correlates with the calculated value of m by a
similar relationship;

A=K,m™" (3.5.4)
where n, varies from 2 to 9 depending on the gasket material. The above
relationships indicate that the greater the values of y, and m, the lower the
leakage rate A. This is, however, true only so long as the load is not so high
as to crush or to extrude the gasket. Design codes [3.5.1-3] and gasket
manufacturers’ technical bulletins give recommended values for y and m.
We should remember that these values are meaningful only if the flange
facing finish is in accord with the finish required for the particular gasket
being used.

Considerations become quite involved in applications where cyclic
conditions are present. Pulsations in pressure cause the compressive load on
the gasket to fluctuate. Therefore, the unloading and reloading moduli of
the gasket become very important. Figure 3.5.1 shows a typical compression
curve for a spiral wound gasket (stainless steel strips with compressed
asbestos filler). Referring to this compression curve, the following ob-
servations warrant attention:

(i) Upon first loading and unloading, the uncompressed thickness of the
gasket is less than its original thickness by over 25%. This implies that the
bolt load after ‘‘hydrotest’’ will drop. To reestablish the bolt load to the
required design value, the bolts must be retightened.

(ii) The ‘‘gasket recovery’’ §,, upon unloading is less than 0.014 inch.
Therefore, the additional joint separation at the gasket location upon
application of pressure, &, must be less than 8, if any residual force is to
remain on the gasket surface. It is incumbent on the flange designer to
ensure that the separation is sufficiently less than §,; so that the required
residual force on the gasket for leak tightness is retained.

(iii) The increase in load during the first compression is slow and non-
linear with a ‘“boss’’ in the middle of the curve. This boss is prevalent in
spiral wound gaskets.

(iv) The stress (load) drops sharply during decompression, and rises
sharply during recompression.

Experimental observations by Bazergui [3.5.7] indicate that if recom-
pression is carried above the value reached during the first cycle, then the
curve is resumed practically as if the intermediate loading-unloading loop
had not occurred (Fig. 3.5.2). Bazergui conducted extensive testing of spiral
wound gaskets made from stainless steel windings (0.007” thick) and
asbestos filler; and correlated the data for the decompression modulus E,,
and gross area seating stress o, in terms of two parameters:

(i) Winding density, p,, = 7,,/N,,; where 7,, is number of turns, and N,,
is gasket width (Fig. 3.5.3). The winding density varies from 30 to 70 turns/
inch in commercial spiral wound gaskets.

(i) Extent of initial gasket compressive strain; ¢, = 6./t,; where ¢, is
initial gasket thickness. In this correlation, the modulus of decompression is
defined as:
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Ag,
E, = (3.5.5)
Ae,
where Ao, is the drop in compression stress, based on the gross gasket
bearing area, corresponding to a decompression of 0.003”, and Ae, is
0.003
Ae, = ——— (3.5.6)
t,— o
According to [3.5.7], the gross area seating stress o, is related to the strain
¢, during initial loading by:
o, =47 p,, €7 (psi)

and during the unloading, the decompression modulus is

c

E, x 1075 =0.00164 —* +0.057(psi) (3.5.7)
It is to be noted that the ASME code seating stress y is proportional to g, ;
N,
s

Bazergui’s gasket width N, is the gross gasket width less winding bead
height (= 1/16”) as shown in Fig. 3.5.3. Spiral wound gaskets are
characterized by high values of y and decompression modulus E, . Large E,
implies that the gasket decompression due to joint pressurization should be
minimized.

curve for, spiral wound gasket.
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(b)

(c)

Fig. 3.5.2. Spiral wound gasket loading-reloading shapes.

WINDING BEAD = 1/16”

Fig. 3.5.3. Drawing of a spiral wound gasket.

Tightness Factor

As stated before, the minimum gasket seating stress y, and gasket seating
factor m have been the subject of much disagreement and discussion
[3.5.8-9] in the literature. Investigators generally agree, however, that y and
m are somehow related. A systematic evaluation of the gasket charac-
teristics by Bazergui and coworkers has provided some useful insight along
with design data of practical use. Bazergui, et al. [3.5.10-11] proposed the
term ‘‘tightness factor’’, L,, defined as the internal pressure required to
produce unit leak rate from the joint. L, correlates to P by a relationship of
the form

LR)*
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where P is the pressure (psi), and LR is leak rate in cubic cm/sec. The ex-
ponent x ranges from 0.58 to 0.64. By conducting tests on primarily spiral
wound gaskets and correlating data, Bazergui observed that:

(i) When a new gasket is compressed for the first time, the surface stress
o, to produce a required leak tightness factor L, is substantially greater
than the residual surface stress o,’ required for L, when the gasket is
decompressed. This is illustrated schematically in Fig. 3.5.4 wherein the
solid line represents the first compression cycle and the dotted lines
represent decompression from stress levels corresponding to points B and C
on the loading curve. Figure 3.5.4 shows that a seating stress equal to the
ordinate AD is required to produce leak tightness equal to OD.

The required gasket surface stress is only DB’ if the gasket is loaded to
point B and then decompressed (by pressurizing the joint). The required
surface stress is even lower (DC’) if the gasket is orginally compressed to
point C.

Thus if g, corresponds to CF, then

(CHN,
P aail

b
and the corresponding gasket factor is given by

2bmP=(C'D)N,,

(C'D)N,,
or m=——-—-
2bP
Similarly, if o, (initial seating stress) is to the point B, then
_ (BE)N,,
7T
and (B'D)N,
m= —
2bP

It is noted that y varies in an inverse manner to m. At the present time,
unfortunately, leak tightness charts similar to Fig. 3.5.4 are not available
for most gasket materials.

One effective means of reducing the joint separation, ,, is to employ the
concept of ‘‘controlled compression.’”’ In this concept, we compress the
gasket to a pre-determined thickness to develop the required pre-stress y.
An additional increment of bolt load is then applied to produce a contact
(metal-to-metal) load on a ‘‘land”’ region inside the bolt circle (Fig. 3.5.5).
The axial force equilibrium (Eq. 3.5.1), now has an additional term:

W,=nbGy +R, (3.5.8)
R, is the contact force on the ‘‘land”’. During pressurization, this contact
force must be overcome by the header pressure before gasket unloading can

initiate. In this manner the residual force on the gasket is increased and the
range of fluctuation of the gasket residual force due to header force cycling
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is reduced. The advantage of pre-loading the “‘land’’ is mathematically
proved in Section 3.14.

First Compression

Subsequent
Decompression
/
/

o

SN ——

Log ag

(0] LogLp

Fig. 3.5.4. Leak tightness vs. gasket surface stress during initial loading
and unloading.

1)
=

e

LAND

Fig. 3.5.5. Controlled compression joint.

In subsequent sections, the mechanics of the flanged joint is explored in
some detail, and the implications of concepts such as controlled com-
pression are analyzed in mathematical terms. It is, however, obvious that
successful exploitation of such a concept hinges on the precise knowledge of
the gasket loading/unloading curve. Unfortunately, such information is
frequently not available.

Among self-equalizing gaskets, some reliable data on hollow metallic
tubing can be found in the commercial literature. Tables 3.5.1 and 3.5.2
give excerpts of design data from ref. [3.5.12] for Inconel 718 tubing for
0.375",0.5” and 0.625” O.D. tubing gaskets.
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Table 3.5.2. O-Ring and Groove Dimensions, inches (mm) (Fig. 3.3.5)

o X, Xr

Nominal Nominal Groove Depth Groove Width

Tubing Tube Wall ¥.005” ¥.010”

0.D. Thickness (¥0.1270) (¥0.2540)

375 .0375 .300 445
(9.525) (0.9525) (7.620) (11.303)
.500 .050 .420 .645
(12.700) (1.2700) (10.668) (16.383)
.625 .0625 .525 .780
(15.875) (1.5875) (13.335) (19.812)

3.6 BOLT PRE-TENSIONING

As stated earlier, pre-load in the bolts is required to pre-stress the gasket.
This load can be developed in one of the following ways:

(i) Thermal pre-tensioning
(i) Mechanical pre-tensioning
(iii) Torque application

(i) Thermal Pre-Tensioning

Thermal pre-tensioning involves heating the stud to a pre-determined
temperature, placing the nut in snug contact with flange faces, and sub-
sequently allowing the stud to return to room temperature. For this pur-
pose, an axial hole in the stud is drilled extending from one end to the point
where the far end will be engaged in another nut (or into tapped holes in the
flange). Electric heater rods are inserted in the axial slots. An approximate
expression for computing the required temperature rise ¢,, for a desired
preload, can be derived as follows:

If we assume that the studs are raised to a temperature ¢, above the
ambient and that the end nuts are set in snug contact with flange faces, then
the total axial force in the studs upon return to ambient temperature is given
by:

_ (optylo — 6, — 6,)A,"Epn
ly

where o, E,, A, and /, denote the average coefficient of linear expansion

of the stud material in the applicable temperature range, the Young’s

modulus, root area (Table 3.7.1), and free length of the stud, respectively,

and #n is the total number of bolts.

6, and 8, denote the deflections of the mating flange rings at the bolt
centerline location. Formulas to compute §, and §, in terms of 6., the
compression of the gasket due to W, are derived in a later section. §, is
expressed in terms of the applied load by the gasket loading curve (such as
Fig. 3.5.1). The required temperature rise to develop a certain bolt pre-load
W, can be computed from Eq. (3.6.1) if the gasket loading diagram is

(3.6.1)

1
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available, and if the appropriate equations for §; and 6, are employed.

Caution should be observed in applying Eq. (3.6.1) if the bolt force is to
be developed in more than one thermal step. As noted in the preceding
section, the gasket unloading curve seldom follows the loading curve.
Reheating the bolt in the second step may unload the gasket (Fig. 3.5.1)
along a path different from its loading curve. The reloading during cooling
of the bolt after the second heating may follow yet another curve. Unless
the gasket loading, unloading and reloading characteristics are precisely
known, it may be impossible to obtain the required pre-load accurately
using a multiple heating-cooling procedure.

(ii) Mechanical Pre-Tensioning

As the name implies, mechanical pre-tensioning is accomplished by
elongating the stud using a suitable stretch device, placing the end nuts in
snug contact, and withdrawing the axial pull. The elongation is obtained
using a hydraulic tensioner, such as the one shown in Fig. 3.6.1. As shown
in this figure, the stud tensioner consists of a hydraulic cylinder, a stud
puller bar, and a nut socket with turning mechanism.

If §, is the initial bolt elongation, then the final bolt preload is given by
_ (4 =8, = 8)E,A, 5.62)

ly
where A, = nA, and 6, and §, are functions of the applied load W, flange
stiffness and gasket compliance. The method to calculate 8, and é, is given
in a later section. Like thermal pre-tensioning, the simple formula for W,
given above is not valid if the mechanical pre-tensioning is performed in
more than one step.

W,

(iii) Torque Application

This is the most common way of pre-stressing bolts. The nut is turned
using a manual, pneumatic, or hydraulic wrench. The torque required to
produce a preload F,, in one bolt can be computed as follows:

Refering to Fig. 3.3.2, the required torque consists of three components,
namely

(@) Torque 7, required to overcome friction between nut and flange

interface.

(b) Torque 7, required to overcome friction between the turning nut
and stud.

(¢) Torque 7, required to propel the nut on the stud thread.

T=7,+7,+7; (3.6.3)

We let d;, and d, denote the inner and outer diameters of the annular
bearing surface (see Table 3.7.1) of the nut.* Assuming uniform pressure p

*The cross section of the nut utilized in flanged joints is actually hexagonal. The bearing surface can be
approximated by an annulus where the 1.D._ is the stud diameter and the O.D. is the dimension across the
flat sides of the nut (Table 3.7.1).
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Biach pre-tensioner.

Fig. 3.6.1.
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= 4 F,./(n(d,*> —d;*)) on this bearing surface, and a surface static coef-
ficient of friction, u,, we have:

8Fax/"'l 50'5‘10 2

" @ —dp) dosa
or
Fax“‘l(dos_di3)
Tl =
3(d,*-d;?*)
or
F,m(d,?+d?+d,d;
7 = ax”’l( o i o 1) (3.64)

3d, +d)

The axial force F,, gives rise to a bearing load between the nut and the
thread, and hence to a friction load on the stud thread. 7, is given by
calculating the moment due to the friction force between the nut and the
stud thread. Assuming the coefficient of friction to be u,,

23 F ax dp

=—— 3.6.5
2 2 cos 0, ( )

where d, is the pitch diameter of the stud thread (Table 3.7.1) and 0, is the
angle of the thread helix, §, = sin~' (1/ wd,n,). Finally, the torque required
to propel the nut, 7,, can be computed by using the principle of con-
servation of energy. The work done by the external torque in turning the nut
through one revolution must be equal to the work done against the axial
force F,, which is moved axially by 1/n, unit of length in the process. n,
represents the number of threads per unit length in the bolt.
Hence:

FHX
27Ty =
nt
or
Fy
Ty = ——— (3.6.6)
27n,

Therefore, the torque required to turn the nut is given by:
Faxl"'l (d02 +di2 + dido)
3(do + di )
“ZFaxdp + Fax
2cos 6, 2mn,

We emphasize that the above formula is, at best, a good estimate of the
required torque. The coefficients of friction, x, and u, can vary widely
depending on the material, surface finish, presence of lubricants, etc. The
assumption of uniform pressure on nut/flange interfaces is simplistic, and
rigorously speaking, incorrect.

T=Tl+7'2+73=

(3.6.7)
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Torquing is used to produce pre-tension in the bolt. But it also produces
shear stress due to the torque 7, which is directly applied to the stud. For
this reason, bolts subject to critical operating conditions are pre-stressed
using one of the previously described pre-tensioning methods which do not
induce shear stress in the bolt. Nevertheless, the majority of commercial
heat exchangers and pressure vessel flanges are pre-stressed using the
torquing method, presumably, due to its ease of application, economy, and
a well established history of usage.

3.7 FLANGE SIZING

The geometric dimensions of a flange must be established before its
stresses can be evaluated. Typically, the process of deciding the geometric
details of the flange proceeds in the following order:

(i) Select a flange type.

(ii) Select facing detail and finish.

(iii) Select a suitable gasket.

(iv) Establish required bolting.

(v) Determine bolt circle diameter and outer ring diameter. Choose
appropriate hub dimensions (for hubbed flanges).

(vi) Compute flange thickness to meet stipulated stress limits; or
conversely, determine flange ring thickness for a given set of stress
limits.

Steps (i)-(iii) have been discussed in some detail in the preceding sections.
Empirical guidelines to complete steps (iv) and (v) are now described.

Required Bolt Cross-Sectional Area

The axial stress in the bolt should not exceed the allowable stress limit for
its material of construction under both seating and pressurized conditions.
Assuming all bolts to be uniformly loaded, the required total bolt root area
A, should be greater than or equal to the larger of A,, and A4 ,,; where:

W,
Ay =5
bl
W.
Ap=g* (3.7.1)
b2

Loads W, and W, are defined by Eqgs. (3.5.1) and (3.5.2), and S,, and S,,
are allowable bolt material stress limits at temperatures corresponding to
seating (ambient) and to pressurized conditions, respectively.

The bolt area A4, is provided through n bolts arranged uniformly on the
bolt circle. n is customarily an integral multiple of 4. Table 3.7.1 gives
recommended bolt pitch p, for a wide range of bolt sizes. The recom-
mended radial offset R, or R, of the bolt circle, and edge distance e (Fig.
3.2.1) are also given in Table 3.7.1.
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Establishing Important Radial Dimensions of Flange

The values given in Table 3.7.1 are sufficient to establish all in-plane
dimensions of a ring or lap joint flange. However, the welding neck flange
requires two additional decisions; namely the length and taper of the hub.
As a rule, the hub is made as short as possible to economize the material
cost of the flange. Shortening the hub, however, reduces the overall rigidity
of the flange and makes radiographic or volumetric examination of the
shell-to-hub butt joint (Fig. 3.3.1) less convenient, and consequently less
precise. The (tangent) slope of the hub taper is usually selected in the range
of 1/3 to 1/4. The slope directly affects the location where the maximum
bending stress in the hub occurs.

3.8 FLANGE MOMENTS

As stated earlier, under the seating condition, the bolt pull W, is balanced
by the axial compression load on the gasket in raised face designs (no metal-
to-metal contact elsewhere on flange face). In a ring joint (Fig. 3.2.1a) or
welding neck (Fig. 3.2.1b) design these two coaxial forces, at an offset A,
generate a moment. This moment produces a stress field in the flange. To
minimize stresses, it is advisable to minimize the offset #; between these
opposing forces. This is accomplished by placing the gasket as close to the
bolt circle as is practically feasible. In the lap joint flange (Fig. 3.2.1c) the
situation is somewhat different. The bolt pull induces a contact force
between the lap ring and the flange ring. It is reasonable to assume that the
rotation of the flange ring would push the resultant of the contact pressure
towards the bolt center line. However, the design codes [3.5.1-3] require
this resultant to be assumed at the mid-circumference of the nominal an-
nular contact patch. It should be noted that any eccentricity between this
contact force and gasket force resultant will produce a twisting moment on
the lap ring. Sound engineering warrants that this moment be minimized or
eliminated if possible.

Clearly, the axial load W, need not be limited by the minimum gasket
seating stress (Eq. 3.5.1) specially if A, is much greater than A4,,. Since the
bolt tightening techniques can be quite imprecise, some codes require W, to
be suitably increased wherever a possibility of overtightening exists.

When the joint is pressurized, the longitudinal pull on the header, H,
(Fig. 3.2.1b), alters the axial force equilibrium on the flange ring. The
initial bolt load W, may change to a new load W, which may be viewed as
resisting three discrete loads (Fig. 3.2.1b):

(i) Axial load H, due to hydrostatic force on the area bounded by the
inside of flange diameter.

(ii) Axial load H; due to the pressure acting on the annular area
between effective gasket diameter G and inside flange diameter B.

(iii) Residual gasket load, H,.
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It is important to note that H, is zero in those designs where the
pressurization of the joint does not produce an axial pull in the shell. The
shellside of the three-element flanged joint shown in Fig. 3.1.1 belongs to
this category. Flange designers often overlook this important fact.

The four coaxial loads under the pressurized condition produce a cir-
cumferentially distributed moment which is readily computed by
multiplying the opposing forces by their offsets and summing them. The
design codes [3.5.1-3] give detailed procedures for computing the total
moment. Replacing discretely spaced equal and opposite axial loads by
resultant couples is an approximation which is justifiable as long as the
flange ring can be structurally analyzed as a ‘‘ring’’ rather than as an
“‘annular plate.”” This assumption introduces small errors in commercial
flange designs.

From the above discussion, we see that an understanding of the structural
behavior of axisymmetrically loaded annular rings is essential in analyzing
the mechanics of flange action.

3.9 CIRCULAR RINGS UNDER DISTRIBUTED COUPLES

We consider an elastic circular ring of mean radius r,,, radial width b,
and thickness ¢, (Fig. 3.9.1) subject to a uniformly distributed couple m, per
unit circumference at mean radius r,. Due to axisymmetry, every cross
section of the ring rotates in its own plane about its centroid through an
angle 0,. The physical state of strain in the ring can be visualized by noting
that any point located to the right at distance y from the central plane in
Fig. 3.9.1b will move in towards the center by an amount y#0,. This radially
inwards motion reduces the circumference of the circle on which this point
is located producing compressive stress. Similarly, a point located to the left
of the plane of symmetry will experience tensile stress.

Figure 3.9.1c shows the equilibrium of a small sector of projected angle
da. From symmetry, the internal moments M, on the two cut-away sections
of the sector must be equal. Requiring moment equilibrium between in-
ternal ring moments M, and the total external moment due to m, yields:

d
2 sin 7°‘M,=m,rmda; or M,=m,r, (3.9.1)

This bending moment M,, acting on the ring cross section of area b, ¢,,
produces a flexural stress distribution in the ring; the maximum magnitude
of this stress occurs at the top or bottom surface. Referring to Fig. 3.9.1b, a
point P located at coordinate (x,y) with respect to the origin of the cen-
troidal planes of the ring cross section, moves radially outwards by an
amount y 0,. Since the point P is located on a circle of radius (r,, +x), the
circumferential strain due to this radial movement is y 0,/(r, +x).
Therefore, the circumferential stress S is

_ Ey
)

(3.9.2a)
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Fig. 3.9.1. Axisymmetric couple loading on a thin ring.

where E, is the Young’s modulus of the ring material.
The first moment of S about the y=0 axis must equal the internal
moment M, .

M, = § +0.51, S +0.5b, Sydxdy

-0.5t, J —0.55,
Substitution for S from above and integrating yields

E.t3 _ _  1+4+b,/2r,
0 0.InK; K 1=b./ar, (3.9.2b)
From Eq. (3.9.2a), we note that the maximum S will occur at y= +0.5¢,
(either of the two lateral surfaces of the ring), and x= —0.5b,; thus, the
maximum stress is

M, =

E.t,0,
Smax =

2(r,,, - %) (3.9.2¢)

Therefore
6M,

Smax = =5 3.9.2d
max tr2¢' ( )

where ¢ has the dimensions of length

(1+b,/2r,)
= 1-b,/2r,) In——m 3.9.3
d=ru(1=b,/20) In-rroe (3.9.3)
We note that assuming b,/2r,, small compared to unity leads to ¢ =b,. The
rotation of the ring, 6,, is obtained from Eq. (3.9.2b) by noting that
M,=m,r,:
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oo 12 Gam)
" Et* InkK
We will use this equation again in Chapters 8 and 9. For our purposes
herein, we can define I, as the area moment of inertia of the ring cross
section about its neutral axis (i.e., I, = b,¢,%/12); then for b,/2r,, < <1, Eq.
(3.9.4a) can be rewritten as

(3.9.4a)

mrrm 2
6, =—— (3.9.4b)
E.I
Finally, from Eq. (3.9.2¢) we note that
0, =28, ..rn/E 1, (3.9.5)

Equations (3.9.1), (3.9.2d), and (3.9.4) completely characterize the elastic
behavior of the ring. It is noted that the cross section of the ring has been
assumed to be non-deformable in the above derivation. The radial bending
effect can be included in the analysis if Kirchoff’s plate bending equations
are used. This is discussed further in a later section. For our purposes, the
foregoing relationships furnish the necessary tools to examine the essential
characteristics of a bolted joint as long as one is willing to assume that the
ring width b, is much smaller than the ring I.D. and that ¢, is of the same
order as b, .

3.10 DEFORMATION OF A FLANGED JOINT

To gain some insight into the mechanics of flange deformation, it is
instructive to examine, in detail, the deformation characteristics of a bolted
joint consisting of a pair of identical ring flanges. The connecting shells are
assumed to be so thin that their contribution to the rigidity of their
respective flanges can be neglected without much error. The connecting
bolts are assumed to be of free length /, and cross-sectional area 4,. Under
the seating condition the total bolt pre-load W, is balanced by an equal and
opposite gasket reaction located at an offset h; (Fig. 3.10.1). This
produces, on each flange, an axisymmetric couple of magnitude

Wihg

2ar,
per unit circumference. r,, denotes the mean radius of the flange ring.
Therefore, the rotation 6, of each ring is given by Eq. (3.9.4) as

2
o= Ml Wiholn (3.10.1)
E.I 27E, I
Figure 3.10.2 shows the pressurized joint. The gasket compression is
reduced to H; ', and the flange ring rotation acquires a new value 6,’. The
total header load H, is assumed to act at a distance 4, from the bolt center
line. Note that H, = H, + H (recall Fig. 3.2.1b).

r
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BOLT CIRCLE ——

GASKET LOAD LINE
Fig. 3.10.1. Pair of ring flanges under seating condition.

Fig. 3.10.2. Pair of ring flanges under pressurized condition.
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Axial equilibrium now yields:
H;' =W, +AW,~-H, (3.10.2)

where AW, is the increase in bolt load. As before, the relationship between
ring rotation and applied moment yields:

o — Ho'hg+H,h)r,
! 27E, I,
or
6 = (W, + AW\ Yhg + H,(h, — he)Ir, (3.10.3)

27E,I,

Let K, and K; define the spring stiffnesses of the bolt and gasket
(unloading modulus), respectively. Hence;

AW, =K, (I’ -1) (3.10.4a)
where
AE
K,= ’; b (3.10.4b)
0

and / and /’ are the bolt length during preloading and pressurized con-
ditions, respectively. Referring to Figs. 3.10.1 and 3.10.2, the total
relaxation of the gasket, 6, is given by

o, ="' =D+2(6," —0,)hg (3.10.5)
Furthermore, since H; = W, then
H,-H; H,—AW
§p= ——C = L - (3.10.6)
K K,
In Eq. (3.10.5), substituting for &, from Eq. (3.10.6), 6, and 6, " from Eqgs.
(3.10.1) and (3.10.3), respectively, we have, after some manipulation,

1— he(h, —he)rnKe

AW, 7E. I
= rr (3.10.7)
H, 14 K +h62KGrm
K, wE, I,
Let
K
= @)
b
Kgrphg?
__:“r; IG —a, (b (3.10.8)
h,—h
= ©
G

then:
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AW, l-ooy
H, l+a+a,
Equation (3.10.9) gives the fractional increase in bolt load with respect to
the pressure load. It is noted that if:
O, 03 > 1

then AW, will be negative. This is clearly undesirable since, from Egs.
(3.10.2) and (3.10.3), the drop in the gasket load is given by

AH;=Hg;-H;' =H,—- AW,
Thus, a negative AW, serves to increase AH, which may be written using
Egs. (3.10.8) and (3.10.9) as:

AH,=H

p

(3.10.9

[al +o, oo ]

oy oy +1
From the above equation it can be deduced that the design goal should be to
minimize «,, o, «y. Ideally, a; should be made zero; although in practical
designs, this is usually not achievable. The following additional deductions
from the above equations give useful guidelines in flange design:

a. Small «; is a desirable design goal. Thus a gasket of small unloading
modulus is preferable to one with a larger modulus. However, there are
'‘manufacturing limitations on how small K; can be made for a particular
application. On the other hand, the bolt stiffness K, usually can be in-
creased substantially by increasing total bolt tensile stress area. Thus, a
flanged joint with a greater bolt cross-sectional area and lower pre-stress
(to produce a given preload) is better than one with a smaller sectional area
which is pre-stressed to a proportionately larger value. Stiffness can also be
increased by reducing bolt effective length /,. This can be accomplished by
using tapped holes in one of the flanges instead of an end nut.

b. Reduction in «, can be accomplished by reducing h;. Designers,
however, try to minimize 4 to reduce flange moment. A further reduction
is usually not feasible. Also, increasing the flange ring moment of inertia,
1., decreases o, and hence helps increase AW, .

¢. The results show clearly that large diameter flanges are harder to seal
than small diameter units, since «, increases linearly with r,,.

We have deduced the above results from a simplified ring flange model.
The behavior of more complex flange geometries, such as a tapered hub
design, is more involved. Nevertheless, the qualitative remarks stated above
give some valuable insight into all raised face external flange designs.

Example: To illustrate some of the concepts derived in this section, let us
consider a ring flange 27” O.D. by 22” 1.D., 3” thick, bolted to an iden-
tical flange with 24 bolts of 5/8” diameter. Assuming 25,000 psi pre-stress
in bolts, we have W, =121,200 1b. The flange ring moment of inertia, I, is
5.63 in.*; and the material Young’s modulus is 30 x 10° psi. We assume a
gasket unloading modulus 8.08 x 10° 1b/in. Finally h;=1" and
h,=1.25".

Results computed from Egs. (3.10.7)-(3.10.10) for X, =20.8 x 10°
1b7in. (7" long bolt); and K, =32.4 X 10° 1b/in. are given below.

(3.10.10)
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Kp

(x 10 ~®ib/in.) o @ o3 AW /H, AHG/H G
20.8 0.39 0.19 0.25 0.60 0.40
32.4 0.25 0.19 0.25 0.66 0.34

We see that, in both cases, the increase in bolt load is a substantial fraction
of the imposed pressure load. The fractional increase is greater for the
stiffer bolt geometry.

3.11 WATERS, ROSSHEIM, WESSTROM AND WILLIAMS’
METHOD FOR FLANGE DESIGN

Waters, et al. [3.11.1] are generally credited with having first developed a
consistent treatment for tapered hub flanges. Reference [3.11.1] gives an
abbreviated account of their analysis. Unabridged details were published in
booklet form in 1949 by Taylor Forge & Pipe Works [3.11.2]. Their work
has received widespread acceptance in the American pressure vessel in-
dustry. Even at this date, design rules for raised face flanges in the ASME
Codes [3.5.1-3] are almost entirely based on this work. In view of its
unarguable importance, we will present the analysis in the following in
sufficient detail to enable the reader to obtain full appreciation of the
approach and the method of analysis.

The freebody of the tapered hub flange to be analyzed herein is shown in
Fig. 3.11.1. Waters, et al. sought to solve this problem in such a manner
that the computations could be carried out manually with the aid of charts
and tables. Accordingly, several assumptions were made to render this
possible. The important assumptions are:

(i) Ring: The flange ring is modelled as an annular plate; Kirchoff’s
plate bending equations are used to characterize its behavior. Why
Waters, et al. did not use the simpler ring equations (Section 3.9) is
not clear. Perhaps concern regarding accuracy in the small diameter
range (when flange ring radial width to mean diameter can get as
high as 0.4) prompted them to use the annular plate equations.

(ii) Bolts: The bolt load is, of course, applied at discrete bolt locations.
However, for the purpose of analysis, this load is assumed to be
‘‘smeared’’ uniformly over the bolt circle circumference.

(ili) Ring Moment: The overturning moment due to non-concentricity
of bolt load and gasket load is replaced by two equal and opposite
forces W,, at the inner and outer circumference of the ring such
that the overall moment is unchanged. This assumption implies that
the annular plate is narrow which makes it somewhat incongruous
with the emphasis to model the flange ring using ‘‘plate’’ equations.

(iv) Point 0in Fig. 3.11.1 is assumed to have zero radial displacement.
This assumption is made strictly for the sake of simplification.

(v) Hub: The hub is modelled as a thin shell of varying thickness. The
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inside radius r; of the hub is used interchangeably with the shell
mean radius in the shell equations to simplify the analysis. Local
pressure acting on the hub surface is neglected.

(vi) Shell: The shell, like the hub, is assumed to be thin and local
pressure on the shell wall is neglected. The shell is assumed to be
sufficiently long such that the effect of edge loads P, and M,, are
not felt at the other extremity of the shell. (See our comments on
shell boundary layer effects in Appendix A).

The anatomy of the flange as articulated above leads to a standard
problem in stress analysis near geometric discontinuities (see Chapter 2).
The object is to compute the discontinuity shear P, and moment M, at the
shell/hub interface, and the shear P, and moment M, at the hub/ring
interface due to the imposed load on the ring. This is done by writing the
governing equations for each structural element, and requiring that the edge
loadings take on values so as to maintain compatibility of geometry at the
interface boundaries. We proceed to develop the structural relations for
each element in a form suitable for algebraic manipulation. Detailed
derivation of these relations from first principles is not given here. Readers
interested in the background derivations should consult the references cited
at appropriate locations in the text below. We have also provided, in Ap-
pendix A, some background on the development of the shell equations in
order to give the interested reader some insight into the development of
structural theories.

%weq

TAPERED HUB
SHELL - (ELEMENT 2) I A=2rp
(ELEMENT"3)

Mp
Po M"°% 1 (‘ «|-RING
¥ j — (ELEMENT 1)

% 1 9 °
Vor—{_ f H;';:o ‘%‘ - \ — Mp, © > T W,

P
n ° B (DIAMETER)
(RADIUS) , - )
*X (SHELL) X (HuB) Z (RING)

Fig. 3.11.1. Three element model of an integral tapered hub flange
(seating condition).

3.11.1 Flange Ring (Element #1)

The governing differential equation for small deflection of an axisym-
metrically loaded thin plate is given by the so-called Poisson-Kirchoff

equation [3.11.3].
1 d¢d 1 d d
+alalGa )= 5 G111
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where z denotes the lateral deflection of the plate in the direction of the
applied load gq. D is the flexural rigidity of the plate, defined as:
D EP
12(1 -v%)

The solution of Eq. (3.11.1) consists of a homogeneous solution containing
four undetermined constants of integration, and a particular solution which
depends on the form of g(r).

Thus, as shown in Appendix A and in Ref. [3.11.4], the general solution
can be written as

2N =C,r*lnr+ C,r* + C;lnr+C, + f(r) (3.11.3)
where C; (i=1,2,3,4) are constants of integration, and f{r) is the particular
solution appropriate to the given loading g(r). The solutions for C,; are
found by applying the appropriate boundary conditions. Having deter-
mined C; and f{(r), the internal stress resultants are then found using the
relations:

(3.11.2)

dz v dz
M, =D + — —
§ (dr2 r dr) @
1 dz d’z
M, = D{— — + b 3.11.4
! (r dr ydrz) ®) ( )
drl d/ dz
= —D—|— —(r—=
< dr[r drrdr>]
aM, M,-M,
= — A ©
dr r

In the foregoing equations, M,, M,, and Q denote the radial bending
moment, tangential bending moment, and radial shear per unit length,
respectively. The sign convention used here is shown in Fig. 3.11.2.

The four boundary conditions for the ring are:

At r=r,, the radial bending moment is zero, i.e., M,, =0.
Atr=r,, the shear Q,, is given by
e

2,= 27r,

In order to fix the structure in space, the z direction deflection (axial
movement) of one point must be specified. For convenience the deflection
of point 0 in Fig. 3.11.1 is set equal to zero (3rd boundary condition). For
the remaining boundary condition, let the slope of the ring at r=r, be given
by d,i.e.

W,

dz
— =fatr=r,
dr
We emphasize here that € is at present unknown. We will determine 6 by

requiring geometric compatibility of the ring with the adjoining structure.
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Fig. 3.11.2. Sign convention for stress resultants.

Finally, since there is no lateral loading on the ring (Fig. 3.11.1), (recall that
the line load W,, has been accounted for in the boundary condition) the
function f{r) is identically zero. We see that the assumption that W.,, acts at
the ring boundary leads to the elimination of the particular solutxon in the
plate solution.

The four constants of integration are evaluated using the above boundary
conditions as follows:

W,

c —= a
1 82D (@)
C “_2lnr, +1) < + b (b)
- or e B
2 167D ! 2r,r  2r,

e, = (e sk 2+ L0«
s = (g R0+ 9K +2]+ —— 0]

r
[ ' ] © (.15
A+»K*+1+v)
C, = —Cr’lnr, = Cyr* — Glnr, d)

where K=A/B=r,/r,
From Eqgs. (3.11.4) and (3.11.3) the stress resultants are given as:

=] @

M,

r

D[zc, (1+9)Inr+(3+9)C, +2(1+9)C; (1 -»)

| (b)
(3.11.6)

M, D[2C1(1 +)lnr+@r+ 1)C, +2(1+ 9 C, — (v—
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Substituting, for C; from above, and letting r=r, yields the values for the
radial and for the tangential moments of the ring at the inner radius. After
the necessary algebraic manipulations, the following results are obtained:

1-K* 200 W, 1
M, = W{l(l+1})—B—+E—W—"[E—
+( ii: )(Kfil)anH (@ (3.11.7)
My = (fz—;) o V;ef [(1;)*(””)(1(511)1“] (b)

where subscript 1 appended to the M, and M, indicates that they are
evaluated at r=r,, and K=A/B (see Fig. 3.11.1).

We note that for a loose ring flange, M, = 0. For this case Eq. (3.11.7a)
gives the rotation # and Eq. (3.11.7b) determines the tangential moment
M, . It can be shown that in the case of a loose ring flange, M, reaches its
maximum value at 7 =r,. The maximum moment M,,,, is given by:

-W,r(1=» K?
Mg = — - | T +(1+9) (Kz_l)an]
-W -W,(A-B -M,,Y
= —Y9(K-1)Y= e )Y= 2 (3.11.8)
12 12B 6B
where Y is the well known ‘Y factor’’ in the ASME Codes [3.5.1,2,3]
y=—2 [(I_V)+(1+) K an] (3.11.9)
T ak-nl 2 YK S
and M ,,, is the applied moment on the flange ring;
Weq(A_B)
My ==

3.11.2 Tapered Hub (Element #2)

The tapered hub is the second element shown in Fig. 3.11.1 which needs
to be analyzed. Its thickness at the small end (joint to shell) is denoted by g,;
the thickness increases linearly to g, in a distance 4. The ‘‘taper factor’’ of
the hub is defined as

a=f"% (3.11.10)
&o
This dimensionless factor appears repeatedly in the course of the flange
analysis. It should not be confused with the slope of the taper.

The hub is modelled using thin shell equations for axi-symmetric bending

[3.11.3, p. 468]. As in the case of the flange ring, the deflection y, is given
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in terms of a fourth order linear differential equation with x as the in-

dependent coordinate (Fig. 3.11.1).
a ., dy, 12(1 - »?)g
el e s
dx* dx r,

The r.h.s. is zero in the absence of any lateral loading. The inner radius r, is

substituted in place of the mean radius to simplify analysis. The
longitudinal moment M, at any location is given by

3, =0 (3.11.11)

M, =, T2 (3.11.12)
h—*~hn dxz . .
where D, is the shell flexural rigidity, defined as
Eg’(x)
= —— Jd1.1
" 120-42) 3.11.13)
Similarly, the radial shear P, is defined as
—-dM,
p, = (3.11.14)
dx

Equation (3.11.11) is cast into dimensionless form by redefining the
dependent and independent variables as follows:

& = x/h (@)
w = y./r, (b (3.11.15)
Then we have:
f’i[(1+a5)3 dzw]+K(1+aE)w=0 (3.11.16)
dg? dg? T
2 2
M, = Ef;’f (1+at)’ ‘;g (3.11.17)
where « is referred to as the ‘‘hub modulus”’
12(1 - »*)h*
K= —————— (3.11.18)

r’g’
x will be encountered repeatedly in further analysis.
A similar expression for P, is obtained using Eqgs. (3.11.14) and (3.11.17)
—Egoh , dw ) dzw]

P=— [a+ap) g Tledred G| GALD)

Equation (3.11.11) can be solved using standard procedures, and the
solution may be obtained in terms of four undetermined constants (see, for
example, Hildebrand [3.11.5]). The solution, as seen later, involves Bessel
functions. A solution involving transcendental functions would thwart the
objective of developing a manual computation procedure. For this reason,
Waters, et al. devised an approximate solution. This approximate solution
is constructed by assuming a certain polynomial function for w which is
compatible with the boundary conditions, and which contains six un-
determined parameters. Three of these parameters are evaluated by
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requiring that the boundary conditions be satisfied. The other three
parameters are evaluated by using energy principles. The potential energy of
the hub, in terms of the assumed polynomial function for w, its derivatives,
and the externally applied loads, is written out. The optimal values of the
three floating parameters are those that make the potential energy function
stationary [3.11.6]. Thus, the vanishing of the partial derivatives of the
potential energy with respect to the three parameters gives three additional
algebraic equations to determine them. Waters, et al. proposed the
following sixth-order polynomial for w.

w=(1—£)a,+(§— %£4+%$5>a2+<£4— —2—55+ %Eﬁ)az

(G- d e M- (- ) (g 8 )
(3.11.20a)

The rationale for this polynomial function is given in Appendix 3.A. It
should be added here that a higher (say seventh) order polynomial could
have been selected. It would have merely required that the potential energy
function be differentiated with respect to one additional parameter,
resulting in one additional algebraic equations to be solved. Similarly,
selecting a lower order polynomial would have reduced the number of
equations. Waters, et al. settled on the sixth order by striking a compromise
between the level of accuracy and the tedium of algebra.

From Eq. (3.11.20a) we have:

dw 15 24
—_— — _ 3 Iy 1 3 __ 4 S es
i a +a,(1-10¢ + > £)+a, (48> -0 + . &)
5 1 1 1
._A — 4 — 3 —A R .
°(12£ 3£) "\12 35)
1 1 1
—Bo(5 -8+ 8 AL
0(12 S8t 3 E) (3.11.20b)
d'w _ _ 2 3 2 _ 3 4
e =a,(—308 +308%) +a, (125> —368° +24£7)
—A0(£2-1)+A,£2—B0(£2—£) (3.11.20¢)
Substituting £ =0 and £ =1 in the above equations yields:
d*w B
dg? |z=o_ 0
d*w
=l =A, (3.11.21)
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Similarly, we have:
adw
dg le-o =5
Referring to Eq. (3.11.17) and Eq. (3.11.19), A,, A, and B, may be
defined as ‘‘curvature factor at the small end’’, ‘‘curvature factor at the

large end’’, and ‘‘shear factor at the small end”’, respectively. Substituting
for the derivatives of win Eqs. (3.11.17) and (3.11.19) gives:

Eg,n*
M,, = _()—“Ao @
rK
1+ o)’ Eg,h?
M, _(+o)y el (b) 3.11.22)
—Egyh
Py= ——> (304, +B,) ©
1

where the subscripts 0 and 1 on the quantities on the 1.h.s. indicate that they
are evaluated at £=0 and £=1, respectively. The above equations for the
edge moments and shear will be needed to write moment and shear com-
patibility at the interfaces of the hub with the ring and with the shell. It
should be noted that the edge moments and shear only involve three of the
six parameters; a,, a,, and a; do not occur in these expressions. Thus linear
equations arising from boundary compatibility will not involve a,, a,, and
a,. This strategy is pivotal in reducing the equations to a form amenable to
manual computations.

Minimization of Potential Energy

The potential energy function, @, is defined as
&=U*-T (3.11.23)
where U* is the strain energy due to deformation of the elastic body and I'is
the sum of the product of the external forces and their displacements. The
strain energy of the hub is due to the curvature in the longitudinal plane
produced by the longitudinal moment M, and by the stretching of the hub
centerline due to radial deflection y,. The bending strain energy per unit
circumference of the hub is given by

M,*
L= S —— dx

2D,

Substituting for D, and M, from Egs. (3.11.12) and (3.11.13) and non-
dimensionalizing as before we have:
W 2
] a

Eg° o ax s)’[ o

The strain energy per unit c1rcumference due to stretching of the mid-plane
is given by:

U=
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hEyhzgd _ Eg,h
0o 2r,2 T2
1

U, = S 5; (1 + af)W?d

Therefore, the net strain energy per unit circumference is given by:

d*w Eg,h
dg? 2

Eg.h
2K

U*=U,+U,=

[, 0 +apwas
(3.11.24)

The external forces sustaining displacement in the hub are Py, M, , and
M,,J . Referring to Eq. (3.11.20) it is observed that w=0 at £=1, which
satisfies the zero displacement condition assumed for point 0 (Fig. 3.11.1),
and also implies that the shear P, does no work. Hence, we have, by using
Eq. (3.11.22),

[ arar[S2] ag+

— dy, ay, Egoh 3 —dw
T=- hog.; x=0 + M, —(;'; x=1 ~Poyi |x=0 Tk [(l+a) A dé li=1
dw Eg,h
- Aot E=0]+ ; (3o¢A0+B0)wL=0 (3.11.25)

Substituting the derivatives of w in the above expressions, and per-
forming the necessary integrations give expressions for U* and T' in terms
of the six parameters A, 4,, By, a,, a, and a,. The theorem of ‘‘minimum
potential energy’’ requires that for w to most closely approximate the true
solution, the partial derivatives of ® with respect to @; must vanish, i.e.,

P .

—=0; i=1,23

da;
The details of the algebra are quite cumbersome. The three resulting
equations can be written in the form

C11@; + €1y + 1383 =C1 Ay + 154 +¢16Bo

02101 +C22(12 +Cz3a3 =CZ4A0 +CZ5A1 +C26BO (3-11.26)
€31y + €3y + €333 = C3 A + €354, + 03B,

The coefficients c; (i = 1,2,3; j=12,... 6) are functions of only o and
k. These are defined as follows:

¢y =1/3+a/12

¢, =5/42+17a/336

¢;;=1/210+ /360

¢4 =11/360+59a/5040 + (1 +3c) /
s =1/90+50/1008 — (1 + o)’/
C16=1/120+17a/5040 + 1/«

€21 =Cpp

Cyp =215/2772+510/1232 4+ (60/7 +225c/14 + 750%/7+50%/2)/k
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Cpy =31/6930 + 1280/45045 + (6/7 + 15c/7 + 1202 /7 + 53 /11) /
Cyq =(533/30240) +6530¢/73920 + (1/2 +330/14+ 390 /28 + 250 /84)/ k
Cps =29/3780+3a/704 — (1/2+33c/14 + 81a* /28 + 13 /12)/
Cy =31/6048 + 17630/665280 + (1/2+ 6/ 7 + 1502 /28 + 50 /42)/ k
C3) =Cp3
C3 =Cxy
Cy3 = 1/2925 4+ 71/300300 + (8/35 + 18c/35 + 156* /385 + 6 /55)/ k
C34 =761/831600 +937a/1663200 + (1/35 + 6a/35+ 1102 /70 + 3> /70)/ «
€35 =197/415800 + 1030./332640 — (1/35+ 6/35 + 17 /70 + o2 /10)/ k
C36 =233/831600 + 97 /554400 + (1/35 + 30/35 + o /14 + 203 /105)/«
Using Cramer’s rule [3.11.7], the three linear algebraic equations can be
solved for a; (i = 1,2,3)interms of 4y, A,, and B,.
We note that the determinant of the coefficient matrix in Eq. (3.11.26) is:
§=C11(Cp €33 — €23C32) = €31 (C12C33 — €13€33) + €31 (C12Ca3 — C2C13)
Thus, the solution can be written formally as
a,=NAg+MA +NB,
a,=NA +NA; + N By (3.11.27)
a, =NMA;+NA +NB,

where
1 Cii+3) Cr2 Ci3
N= ? Cai+3) Cn Cx s i=1,2,3
Cai+3) Cy Ci;
1 i Cii Ci3
N=— | ¢y Cyi Cxn | i=4,5,6
£ ey Cy Ci3
1 Ci Ci2 Cii-3
N=— |y Cp Cai-3 | 5 i=1738,9
§ |ew 473 C3i-3)

Equation (3.11.27) gives a,, a, and a, as linear functions of the three
parameters A,, B,, and A,. We recall that only the latter set occurs in the
edge load expressions (Eq. 3.11.22). Furthermore, since the c; are only
functions of « and «, the \;’s become uniquely known if « and « are
specified. Since both « and « depend entirely on the flange geometry and its
material properties, it follows that the \; (i = 1,9) are entirely known for a
given flange.

At this point, save for the unknown edge conditions, the displacements
and stress profile of the hub are completely characterized. We need similar
relations for the shell (element #3 in Fig. 3.11.1) before the interface
conditions can be applied.
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3.11.3 Shell (Element #3)

Equation (3.11.11), for axisymmetric bending of thin shells by edge
loadings which are symmetrical about the shell axis, simplifies if the shell
thickness does not vary with x. The local x-coordinate for the shell is
directed away from the hub with its origin located at hub-shell interface (see
Fig. 3.11.1). Let y* denote the radially outward deflection of shell; then Eq.
(3.11.11) can be written as:

4 1y% 2
d'y + 12(1-v» )y"‘=
dx* g’r*
The solution of this fourth order differential equation is given in terms of
four constants of integration, C;, C¢, C, and Cg:

y*=e"#(C, sin Bx+Cg cos Bx) +e* (C, sin Bx+C, cos Bx)  (3.11.29)
where:

0 (3.11.28)

8 [3(1 — uz)] e (0.25¢)V4
r’gy’ h
Since the shell is assumed to be infinitely long in the positive x-direction, a
physically admissible solution requires that C; = C; = 0. The moment M,
and shear P, at any location x are given by Egs. (3.11.12)-(3.11.14)
(v, —»*), with the shell flexural rigidity D, replacing D, in the equations.
D, is defined in an identical manner to D,,.
E g’
120 -2
Differentiating Eq. (3.11.29), and substituting the moment and shear ex-
pressions gives P, and M, in terms of the undetermined constants C, and
Ce. If M, and P, denote the moment and shear at x = 0, then it can be
shown that (see Ref. 3.11.3, p. 469, or our Appendix A):

(3.11.30a)

(3.11.30b)

Cs= 28 D, (Py+B M,,)
In this manner, the deflection y* is expressed solely in terms of the edge
moment M, and the edge shear P,. In particular, the edge deflection and

slope (at x = 0) are given by

Vleoo= ) 133 (B 4o +P0)=Cs
dy* (3.11.31)
;x k=0 2 32 (2 B M,, +Py)=B(Cs—Cs)

3.11.4 Compatibility Between Shell and Hub

The edge moment M, and shear Py are assumed to be equal at the shell-
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hub interface (Fig. 3.11.1). To maintain complete geometric compatibility,
the slope and deflection at the interface must also be equal.
Referring to Eq. (3.11.20), deflection of the hub at x = Ois:

wlio=a
or Yulio=a,r, (3.11.323)
Substituting for @, from Eq. (3.11.27) we have:
Yulco=ri(NAg+NMA, +NBy) (3.11.32b)
Similarly, the slope of the hub at x = O is
dw 5 1 1
_d? o =—a, +a,— EAO - EAI - EBO
ay, n r, 1
or E m0 —7 ( )\1 +)\)+7A ( )\ +)\5 12)
r, 1
+ 7Bo(—>\3+>\6—ﬁ) (3.11.33)

In the foregoing, a; have been replaced by their r.h.s. equivalents from Eq.
(3.11.27).
Geometric compatibility between the hub and shell requires

.o (Eq.3.11.31) =y, _, (Eq.3.11.32)

E 31131)—% (Eq. 3.11.33)
o Ea.3.113)=—"1| - (Eq.3.11.

Codx
Therefore, we obtain the two equations:
a,r,=Cs
5 1 (3.11.34)
(—a1+a— Ao A1~ 5 Bo)ri/h=B(Cs=Cy)

Using Eqgs. (3 11.31-33), substituting for M and P, from Eq. (3.11.22),
and rearranging terms, yields two equations 1nvolv1ng A0 , By, A

puAo+pnBy=7MA,
1
pnAg+pypBy=— <)\5 -\ _>A 1

12
where
0.5 3
i 0250 228
0.5
P=—N— (250"

5
= —(0.259°% +1.50(0.259 % + (A~ \, - E)



120 Mechanical Design of Heat Exchangers

(0.25¢) 172
Pn= 5 + (N — N —1/12)
Therefore:
Ao= 111 [)\2922 <)‘5 M- 112>P12] (3.11.35a)
—A
B, = [p“ (-2 12) +p21)\2] (3.11.35b)
A=py1pn —P12Pn (3.11.36)

Thus A, and B, are expressed in terms of A, and the two geometric
parameters « and a.

At this point in the analysis, a,, a,, and a, are expressed as linear
combinations of 4,, A, and B (Eq. 3.11.27). Furthermore, A, and B, are
expressed in terms of 4, (Eq. 3.11.35). Thus, the expression for the hub
deflection w (Eq. 3.11.20) is now expressed in terms of one parameter, 4 ,.

3.11.5 Compatibility Between Hub and Ring

Geometric compatibility between the hub and ring requires that the
displacement and slope at point 0 (Fig. 3.11.1) between the two bodies must
match. Recall that point 0 has been assumed, a priori, to undergo zero
displacement in the radial direction, and that the assumed displacement
functions for the hub (Eq. 3.11.20) and the ring (by virtue of no stretching
of the neutral axis and small deformation theory) automatically satisfy this
condition. Continuity of slope, however, is not automatically satisfied.
Therefore, we enforce the following condition:

%zr- .., lringl= %f L:h [hub]
or 6=i ﬂ |
h di li=

dw .

_575- is obtained from Eq. (3.11.20b).
Thus, the ring rotation 6 shown in Fig. 3.11. lbecomes

0="t(ca — 20 - ta s ta e la s 1B> (3.11.37a)
h ) 5 4 4 127°

Equation (3.11.27) gives a,, a, and a;, as linear combinations of 4,, 4,
and B,. Further, Eq. (3.11.35) gives 4, and B, in terms of A,. Making
these substitutions in the above equation, we have, in symbolic form:

0=—r}—:-fl(x,oz)Al (3.11.37b)

where f, (k,0) is an explicit function in the two geometric parameters x and
o.
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Performing the required algebra, we can show that:

Silk,) = [“i‘ {)\2P22 + <>\5 -\ - é)ﬁlz} (_>\1 - %)\4 - %N + %)
+ (—)\2—-%)\5——-;—)\8—*‘%)——i—{p“<)\5—)\2~115>+p21)\2}
(—M—%M-%kﬁﬁﬂ (3.11.38)
Let us define V(«,@) as
V(ke) = i (3.11.39)
(X2 e
K

We note that Vis uniquely defined for a given set of values of x and « (and
Poisson’s ratio »).

Finally, moment continuity at the hub-ring interface implies that the ring
is subject to a radial bending moment, at its central plane at radiusr = r,,
given by:

M =M, —— (3.11.40)

where ¢ is the ring thickness and P, is the interface shear. M and M 5, are

defined by Egs. (3.11.7) and (3.11.22), respectively. An expression for P, in
terms of A, and the geometric parameters « and «, is required. This could
be accomplished by using Eq. (3.11.19) which gives P in terms of derivatives
of w. However, since the assumed function for w (Eq. 3.11.20) is an ap-
proximate one, the derivatives are likely to be even more in error. An
equally expeditious, and more accurate procedure, used by Waters, et al., is
to represent P as an integral of w. This is accomplished by writing the
equilibrium relationship for the hub in the radial direction. If we consider a
thin slice of the hub of thickness dx in the x-direction, the circumferential
stress s due to the net shear dP can be shown to be given by:

r.dP

gdx
where g is the local thickness of the hub.

Since the circumferential strain in the slice is given by y, /r,, we have

s=Ey /r = r,dp
BN gdx
E
or dP=~L'—g—dx
rl2

Integrating this expression between x = 0 and 4 yields
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E h Eg
Pl_P0=;—ZSOgyhdx=
1

het
0 S w(l + o £)dE
0
Integrating and substituting for P from Eq. (3.11.22) yields:

Egyhrs1
P, = f:’ [(5+%)a1 (1+18%a)2 (%+% a

‘(1;—0+3%+37a)A0 (410+£)A1—<61—0+%+—1—>BO] (3.11.41)

Proceeding as before, we replace a,, 4, a;, A, and B, by functions of 4,, «
and «. Therefore, we have

E
P] =f2(K’a)A1

g h

(3.11.42)
r
For convenience, let us define F, such that:
F= Sk 3.11.43
“[ K ]1/4(1+a)3 (3.11.43)
31-v?) K

Returning now to Eq. (3.11.40), and substituting M, and M, and P, from
Eqgs. (3.11.7), (3.11.22) and (3.11.42) we have:

(1-K% 2D6 Weq (1+) 2
——“—‘———[(1+V)K2+1]{(1+V) 7t 3. [ +(1J_r:)( K )an]}

(I1-»)

1+ K ] s (14 a)? FA Eg,h
K 3(1-17) K "

Substituting for 6 from Egs. (3. 11.37b), (3.11.39) and simplifying, yields

4 K* -1 [ B« ] W,
= — °
: 47 (1+)’E goh*l 4x

2
1 2
[E+it:<KZK—l)an]

[H (t/20)F [(1+u)<K2—1)(t/go)3]V}

Eeoh?A, + — [

a4

(3.11.44)

B/gy)"? 1+
(B/g0) (1 1<2+1)(B/g)”2

At this point all unknowns, including A, and the interface loads, are
defined'in terms of the geometric parameters, the elastic constants, and the
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applied loading, W,,. We recall that the externally applied moment M,,, on
the ring is defined after Eq. (3.11.9) as

W,, (A~ B)
Mo =—0— = (3.11.45)
We can therefore eliminate W, from Eq. (3.11.44), and obtain
__ Aoy (3.11.46
" Eg’r -11:40)
where:
M Mo (3.11.47
== 11.47)
and:
Py 1
= (@)
1 (1 /8 ) Vo (/g
T (B/go)l/2 U (B/go)l/2
21 +
31<2(1+(1 "))1n1<)—3
T= a-v» ®) (3.11.48)
7r(K—1)[1+(1+—V)K2]
1-v»)
1+
3K2(1+2 Van)—3
U= z (©)

(1 +») (K —1)(K-1)

All quantities of interest are now determined. For a given flange
geometry and applied ring moment loading, M,,,, the solution for the
displacement field for the three elements and their interface discontinuity
moments and shears are computed by the following steps:

@) Evaluate basic quantities; K = A/B, a (Eq. 3.11.10), « (Eq.
3.11.18).

(i) Computec; (i =13;j=1...6), N (i=1...9 (Eq
3.11.27), p; (i,j = 1,2) (Eq. 3.11.35) and A (Eq. 3.11.36).

@iii)  Evaluatef, (x, ) (Eq. 3.11.38) and then V (Eq. 3.11.39).

(iv)  Evaluate f, (x, @) using Egs. (3.11.41-42) and then evaluate F (Eq.
3.11.43).

) Determine the ring factors 7, U (Eq. 3.11.48) and Y (Eq. 3.11.9).

(vi)  Determine X (Eq. 3.11.48a) and then 4, (Eq. 3.11.46).

(vii) Compute A, and B, (Eq. 3.11.35) and a,, @, and a; using Eq.
(3.11.27).

(viii) Compute the discontinuity longitudinal moments and shears from
Eq. (3.11.22) and Eq. (3.11.42).
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(ix) Displacements, if required, can also readily be obtained. The hub
displacement w follows from Eq. (3.11.20), and rotation of the
flange ring at the inside radius follows from Eq. (3.11.37).

Having determined the internal stress resultants, the next step in the analysis
is to compute the important stresses in the flange. The appropriate
procedure for this, following Waters, et al. is given below.

3.11.6 Longitudinal Stress in the Hub

The longitudinal moment at the small and large ends of the hub are given
by Eq. (3.11.22). The corresponding maximum longitudinal hub stresses
follow from the classical thin shell theory:

6M,, 6ER?
Uh0==‘=g2 =irg:<A°
0 150
3.11.49
6M,, 6(1+a)’E g, h*A, ( )
0’11 ==+ > =% 2
&1 rKg,

where 0, and g, are the longitudinal hub bending stresses at the small and
large en(fs, respectively.
The equation for ¢,, can be further simplified by substituting for A,
from Eq. (3.11.46) and cancelling out terms:
XM

& g

In design work, it is sufficient to evaluate o, and o, , and use the larger
of the two as the limiting hub bending stress. Detailed parametric studies by
Waters, et al. [3.11.1] indicate that the maximum hub stress is ‘‘nearly’’
always at one of the two extremities of the hub. Thus, if a stress
magnification factor fis defined as

f=Max<l,0ﬂ>

Oh]

(3.11.50)

O.hl=:F

then the maximum hub stress is given by:
fMX

2

g, (max) = (3.11.51)
&

The detailed distribution for the longitudinal hub stress can be obtained by

using Eq. (3.11.17), which gives:

6M, 6E g, h*(1 +af)® d*w 6E(1 + af)h?
= = [30£2(5— a, +

g rikgo (1+af) dé rykgo
+128%a;(1 =35 +4E)+ (1 —£)A,+ £2A4, - B, s (§—1)] (3.11.52)

0'h=:f:

3.11.7 Longitudinal Stress in the Shell

The radial displacement of the shell as a function of x is given by Eq.
(3.11.29) where the constants Cs and C, are defined in the preceding
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subsection 3.11.3. The longitudinal shell bending stress at location x is given
by:

6D, d’y*
g’ dx*

o, ==

(3.11.53)

where D, is defined by Eq. (3.11.30b).

Waters, et al. found that oy, (Eq. 3.11.51) almost always exceeds o,
for any value of x. In other words, the bending stress in the shell does not
control the design of the flange.

3.11.8 Radial Stress in the Ring

The radial stress in the flange ring consists of two components: (i), the
bending stress caused by the radial bending moment M,; and (ii) the
membrane stress caused by the in-plane surface load P, on the inside
diameter. P, is assumed to be uniformly distributed through the thickness ¢
of the ring for the purpose of computing the membrane stress.

The bending stress at the inside diameter is given by:

6M,,
Op==% 7
Using Egs. (3.11.40), (3.11.22) and (3.11.42) yields:
6 Pty 6 1+ a)’E goh*A, t A\Egy hf,
o=t (M - ) =a o [ - ]

Substituting for 4, and simplifying yields:

MX t
on=F— 1 LI ] (3.11.54)
t (B/go)
The membrane stress at the inside diameter is:
_ i =f2(K,a)A,Eg0h
ot rt
Substituting for 4, and f,, as before yields:
t/
O = 28 (3.11.55)
3t*(B/go)
Therefore, the maximum magnitude of the radial stress is
0,=la,,|+1o,l
MX 4 1t/
0.= = [143 2 F (3.11.56)
t 3 (B/g)

Waters, et al. shows that the maximum radial stress in the ring always
occurs at the inside diameter.
3.11.9 Tangential Stress in the Ring

The tangential stress in the flange ring also consists of two components:
(i) a bending stress'due to'the circumferential bending moment; and (i), a
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circumferential stress due to P, assumed to be applied at the inner cir-
cumference uniformly through the thickness.
The bending stress at the inner radius is

The expression for M, (Eq. 3.11.7b) in conjunction with Eq. (3.11.8) and
Eq. (3.11.9) gives:

6 W, ,(K-1)Y
atb=d:?_[—ZMr1 — ‘I(T):I
where:
Z= K +1 3.11.57
=1 (3.11.57)
Substituting for W, from Eq. (3.11.45) and Eq. (3.11.47), we have:
= i - _I\_JZ' 11.58
P t2[ ZM, 6] (3.11.58)

Substituting for M,  in the manner of the preceding subsection, and sim-
plifying we have:

MY MXZ{1+ t/g, }] (3.11.59)

0= TF [ — -
th P2 2 (B/go)l/z
The hoop stress due to stretching caused by P, acting at the inner cir-

cumference of the ring is given by the classical results for thick shells under
internal pressure. At the inner radius, we have:

K*+1 P,
Im=T T 1
Substituting for P, as before, we have:
t/8o
3t2 (B/go)l/Z
Combining o,, and o,,, we have:
MY MXZ[1+4 t/go ]

t_z - 2 _3' (B/gO)I/Z
Waters, et al. concluded that the maximum tangential stress occurs at the
inner diameter of the ring, and therefore evaluation of stresses at other

locations in the ring is not required.

ZMXF (3.11.60)

Om =

(3.11.61)

0= (olm +0!b)max=

3.12 COMPUTER PROGRAM FLANGE

In the preceding section, a detailed exposition of the method of Waters,
et al. (the so-called Taylor Forge Method) has been given. The apparent
success of this work lies in the casting of the solution of a problem involving
two locations of gross structural discontinuity into a series of algebraic
expressions. The computational problems can be drastically reduced if the
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function V (Eq. 3.11.39) and F (Eq. 3.11.43) are plotted for the practically
significant range of « and «, the latter treated as a parameter. Indeed, such
charts were prepared by Waters and his co-workers [3.11.1], and appear in
essentially unaltered form in codes and standards [3.5.1-3] to this day. In a
computer program, however, it is more expedient to solve the algebraic
equations directly. Computer program FLANGE, based on the method of
Waters, et al. is described below. Prior to presenting its input data, it is
useful to discuss its general attributes.

The program is arranged to accept the complete geometric details of the
hubbed flange, the bolts and the gasket. The gasket seating stress y, factor
m, flange and bolt material, nominal allowable stresses at ambient and
design temperatures (temperature corresponding to the pressure loading)
are also input to the program. Five types of flange configurations can be
specified by the parameter MFLG (MFLG = 1, welding neck, MFLG = 2,
slip-on hubbed flange, MFLG = 3, Lap Joint flange, MFLG = 4, hubbed
Lap Joint flange; MFLG = 5, Ring Joint flange). The program can be
operated in two modes:

(i) Flange ring thickness, THIK is specified—compute the maximum
hub stress 0,, maximum ring radial stress o,, and the maximum tangential
ring stress g,.

(ii) Determine the flange ring thickness such that the following stress
limits are satisfied under both seating and operating conditions [3.5.1-3]

0, <1.58,

0,,0,<S,

Max [.5(g, + 0,); 0.5(0;, + 0,)]1 < S,
where S, is the allowable flange material stress at the appropriate tem-
perature.

The last two stress limits are in fact stress intensity limits. The quantities
1/2 (6, + o,) and 1/2 (0, + o,) represent upper bounds on the two largest
stress intensities at the hub-ring junction. We observe that g, is a bending
stress produced by discontinuity moment and shear; therefore, it is a
secondary stress. The code, however, specifies a lower stress limit for the
hub bending stress than for other secondary stresses for reasons of flange
performance rather than flange safety. Control of the rotation of the flange
is important for the joint sealing function. Allowing ¢, to attain values
above the material yield point would cause permanent set in the hub and
could adversely affect the sealworthiness of the joint.

The gasket seating load is computed for the specified gasket data.
However, the seating phase axial load is taken as the average of the gasket
seating load, and the axial bolt pull based on the nominal bolt allowable
stress, as recommended in the design codes.

The operating load is computed in terms of its three constituent loads
(Section 3.8) and the corresponding moment arms are calculated following
the guidelines in the ASME Codes [3.5.1-3]. In this manner, the external
moments for seating and operating conditions are determined. We recall
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that since local pressure effects on the hub and in the shell have been
neglected, the configuration loading is given solely by the value for W,,.

To evaluate the flange factors F and V; seven simultaneous linear
equations (3.11.26)-(3.11.31), with M, and P, replaced via Eq. (3.11.22),
and (3.11.34) in seven unknowns, namely

() (B (3)cnca(Gh) ma ()
A, A, A, A, A,
are solved using Gaussian elimination.

Next, 6/A4, follows directly from Eq. (3.11.37a) which in turn yields f, (x,
o) via Eq. (3.11.37b). The factor V follows directly from Eq. (3.11.39). F'is
computed in a similar manner from Eq. (3.11.43). The number of
simultaneous equations is reduced to five if MFLG = 2 or 3, since in these
cases A, = B, = 0 (no shear or moment at the hub/shell interface). Having
evaluated the factors F and V, the remaining quantities X, 7, U, etc., follow
directly. The hub stress intensification factor fis evaluated using empirical
relations based on the original chart developed by Waters, et al. [3.11.1].

In addition to computerizing the theory presented in the preceding
section, this program permits the user to specify the dimensions of an in-
ternal gasket containing the pass partition ribs and an outer ring. Where the
pass partition ribs are directly attached to the main gasket, the outer ring
dimensions of the rib gasket are set equal to zero. This feature permits
incorporation of partition rib seating loads which may become significant in
multiple pass units. Figure 3.12.1 shows both configurations. The required
bolt load needed to seat the gasket then includes the additional load to seat
the rib or the inner gasket.

Another useful feature available in the program is the capability to
calculate the thickness of a flat cover bolted to the flange in accordance with
TEMA rules (input data lines 6 and 7 in the program).

The design guide published by Gulf & Western (previously by Taylor
Forge Company) suggests increasing the flange moment by the factor
(BS/BSN)'"2 whenever the actual bolt spacing BS is greater than the normal
bolt spacing BSN. The normal bolt spacing BSN is defined as

BSN=2d,+1t

Computer program FLANGE includes the above correction factor on the
flange moment. The most recent issue of the Taylor Forge design guide
[3.12.1] gives other semi-empirical rules for considering the effect of bolt
spacing on joint leakage. The program is listed after the input data
described below.

Input Data: Eight lines of input data are required to run the program.

Line I: Pressure and allowable stress data

Pressure; allowable flange material stress at design temperature;
allowable flange material stress at ambient temperature; allowable bolt
material stress at design temperature; allowable bolt material stress at
ambient temperature.
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Gasket shape
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Fig. 3.12.1a. Conventional gasket with a diametral rib; tubesheet to
channel flange joint.
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Fig. 3.12.1b." Double gasket arrangement for a tubesheet/flange joint.
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Line 2: Gasket data
Gasket width, V; gasket minimum seating stress y; gasket factor m.

Line 3: Ring geometry data

Flange ring I.D. (B); Flange ring O.D. (A); Effective gasket diameter G;
Bolt circle diameter; Nominal bolt diameter; number of bolts; Flange
type (1 = weld neck, 2 = slip-on, 3 = lap joint, 4 = unhubbed lap joint,
5 = slip on ring flange); IBT (specify O if the program should determine
bolt diameter, 1 if bolt diameter is specified).

Line 4: Flange data
Shell thickness g,; maximum hub thickness g; hub length 4; flange ring
thickness (specify 0 if the thickness is to be determined by the program).

Line 5: Rib and inner gasket data:
Total length of rib segments; rib width; inner ring width; effective ring
diameter; rib design seating stress; inner ring design seating stress.

Line 6: Cover Calculation:
Input 1 if cover calculation is required, O if it is not required.

Line 7: Delete this line if 0 is entered in line 6; otherwise enter.

Cover material allowable stress at design temperature; cover material
allowable stress at ambient temperature; mean cover gasket diameter.

Line 8:
Run again; input 1 for yes, 0 for no.

The program also prints out the required thickness if the flange were of
the loose ring type. This information is strictly of advisory nature.

To illustrate the application of program FLANGE, we consider the
design of a welding neck flange, defined by the following data:

Line 1: Pressure and allowable stress data

Pressure = 600 psi; flange material allowable stress at ambient and
design temperatures = 17,500 psi; bolt material allowable stress at
ambient and design temperatures = 35,000 psi.

Line 2: Gasket data
Gasket width = 0.75”; minimum seating stress = 9,000 psi; gasket
factor = 3.

Line 3: Ring geometry data

Flange I.D. = 44.75"; O.D. = 53”; effective gasket diameter = 47.84";
bolt circle diameter = 50.5”; bolt nominal diameter = 1.25”; number of
bolts = 52; flange type = 1; IBT = 1

Line 4: Flange data
Shell thickness = 0.88”; maximum hub thickness = 1.13”; hub length
= 1.25”; THIK = 0.
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Lines 5, 6 and 7 have all inputs = 0 (no inner ribs, no cover calculation
required).

The program output is given in the pages following the program listing
for this case, and the case where the ring thickness is specified and the
corresponding stresses are required to be evaluated. This example problem
will be used to illustrate the differences between the classical method of

Waters et al. and modern stress analysis techniques.

OOOO

PROGRAM FLANGE

COMMON YFLG, T,U,Z,E,D,SFC,SFA, G1,B,G0,Q,MFLG,W
COMMON/ONE/FS
PROGRAM FOR CALCULATING THE THICKNESS OF HUBBED FLANGES AND THE
NECESSARY BOLTING BY THE METHOD OF SECTION 3.11
THREE TYPES OF HUBBED FLANGES MAY BE USED: 1=WELD NECK, 2=SLIP ON,
3=LAP JOINT.
DIMENSION BTD(25),BTS(25)
DATA BTD/.126,.202,.302,.419,.551,.728,.929,1.155,1.405,1.68,1.98,
+ 2.304,2.652,0.0,3.423,0.0,4.292,0.0,5.259,0.0,6.324/

1001 ACCEPT P,SF0,SFA,SB,SA

12

13

15

19

ACCEPT FN,Y,FMG

ACCEPT B,A,G,BC,BOLT, BN,  MFLG, IBT

ACCEPT GO,G1,Q,THIK

ACCEPT RL,FNR,FNC,GR,YRRIB,YRCIR

ACCEPT MCOVER

WRITE(6,19)P

FORMAT(1H1,6X,"DESIGN PRESSURE(PSI)=",F10.2)
WRITE(6,12)SFA,SF0,SA,SB

FORMAT(1HO,6X ,"ALLOW.STRESSES(PSI)",/,25X,
+"AMBIENT TEMP.OF",20X,"DESIGN TEMP.OF"/7X,"FLANGE",12X,F10.2,25X,
+F10.2/7X,"BOLTING",11X,F10.2,25X,F10.2)
WRITE(6,13)B,A,6,BC,G0,G1,Q

FCRMAT(1HO,6X,"FLANGE GEOMETRY DATA(INCH)"/7X,
+"INNER DIA-----------=",F10.4,10X,"OUTER DIA-------- =",F10.4/7X,

+"LENGTH OF HUB-------=",F10.4)

WRITE(6,14)FN,Y,FMG

IF(FNR+FNC .LT. .0001) GOTO 315

WRITE(6,15) RL,FNR,FNC,GR,YRRIB,YRCIR

FORMAT(  7X, "RIBS + INNER GASKET DATA",/,7X, "TOTAL LENGTH OF"
+" RIB SEGMENTS (INCH) =",F10.1, /,7X, "RIB WIDTH ",9("--"),"=",
+ F10.4,/, 7X, "RING WIDTH =cemmooommmmmn- =",
+ F10.4,/,7X, "EFFECTIVE RING DIAMETER (INCH) ----- =" F10.3,/,
+ 7X, "DESIGN SEATING STRESS (RIB) (PSI)----- =",F10.0,/,
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+ 7X, "DESIGN SEATING STRESS (RING) (PSI)---- =",F10.0,/)

14 FORMAT(1HO,6X,"GASKET DATA"/7X,"WIDTH(INCH)=----meucee=",
+F10.2/7X,"DESIGN SEATING STRESS(PSI)=",F10.0/7X,
+"GASKET FACTOR-------------="_F10.1,/)

315 GO TO (320,330,340,345,346) ,MFLG

320 WRITE (6,360)

360 FORMAT(7X,"FLANGE IS A WELD NECK",/)
GC TO 350

330 WRITE (6,370)
37C FORMAT(7X,"FLANGE IS A HUBBED SLIP ON")
GO TO 350
345 WRITE(6,375)
375 FORMAT(7X,"LAP JOINT FLANGE")
GO TO 350
340 WRITE (6,380)
380 FORMAT(7X,"FLANGE IS A HUBBED LAP JOINT")
GO TO 350
346 WRITE(6,385)
385 FORMAT (7X,"RING JOINT FLANGE",/)
350 BO=FN/2.
BG=BO
IF(B0.GT. .25) BG=SQRT(BO) *.5
BR=AMIN1(.5*FNC, .5*SQRT(.5*FNC))
WMZR=RL*FNR*YRRIB + GR*3.1416*BR *YRCIR
WM2G=BG*3.1416*G*Y
WRITE(6,356) WM2R,WM2G
356 FORMAT( 7X,"RIB AND INNER RING SEATING FORCE= ",F10.0,/,
+ 7X,"GASKET SEATING FORCE ------o-u-- =",F10.0,/)
WM2=WM2R+WM2G
HP=2.*BG*3.1416*G*FMG*P
H=(G*G*3.1416 * P)/4.
WML = HP+H
AM = AMAX1( WM2/SA, WM1/SB)
BDM = .5
DO 40 I= 1,21
BTS(I) = BDM
IF (BOLT +.000001 .GT. BTS(I) .AND. BCLT-.000001 .LT. BTS(I1))
+NBT =1
BDM =BDM + .125
40 CONTINUE
IF (IBT .NE. 0) GO TC 78
400 DO 50 K=NBT,17
AB =BTD(K)*BN
IF(AB .GE. AM) GO TO 75
50 CONTINUE
60 WRITE (6,70)
70 FORMAT(" CALCULATION GONE AWRY ")
GO TO 1000
78 THEBLT = BTS(NBT)
AB = BTD(NBT) * BN
IF(AB+.0000001 .GT. AM) GO TO 80
WRITE (6,79)
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79 FORMAT(" THE BCLT IS TOO SMALL ,CALCULATIONS TERMINATED “
GO TC 1000
75 THEBLT = BTS(K)
80 GASKET = AB*SA / (2.0%Y*3.14159%G)
IF(FN .GE. GASKET) GO TC 82
81 FORMAT(" FOR RAISED FACE, THE MIN. GASKET WIDTH =",
+F7.4,//)
WRITE(6,81) GASKET
82 WRITE(6,17) BN,THEBLT
17 FORMAT(LHO,6X,"BOLTING DATA"/7X,"NUMBER-------=",F5.0/7X,
+"NCM DIA(INCH)=",F5.3 )
WRITE(6,85)AM,AB
85 FORMAT(1HO,5X,
+" THE NECESSARY TOTAL CROSS SECTIONAL AREA =",F9.4,/,6X,
+" THE ACTUAL TOTAL CROSS SECTIONAL AREA----=",F9.4)

IT IS NOT CONSIDERED THAT RIB FORCES CONTRIBUTE TO SEATING MOMENT
AM = AMAXL ((WM2-YRRIB*RL*FNR) /SA ,WM1/SB)
W= 5% (AM+AB)*SA
LOAD
HD = 3.14159*B*B*P/4.
HT=H-HD
LEVER ARM
HDLA = (BC-B) * .5
IF(MFLG .EQ. 1) HDLA=HDLA-(G1/2.)
HGLA = (BC-G) * .5
HTLA = .5%((BC-B)/2. + HGLA)
IF(MFLG .EQ. 3 .OR. MFLG .EQ. 4)HTLA=HGLA
MOMENT
890 CONTINUE
FML = ( (HD*HDLA)+(HP*HGLA)+(HT*HTLA))/B
FM11=FM1
FM2=(W*  (BG*Y*HGLA + BR*YRCIR*.5%(BC-GR))/(BG*Y +BR*YRCIR))/B
FM22 = FM2
FFML = B*FM1
FFM2 = B*FM2
WRITE(6,888) WML,WM2,FFML,FFM2
888 FORMAT(1HO,6X, "OPERATING LOAD=",F10.2/7X,"SEATING LOAD--=",
+F10.2/7X,"OPERATING MCDE MOMENT=",E10.2/7X,
+“SEATING MODE MOMENT--=",E10.2/)
FK=A/B
ALOGK = ALOG1O(FK)
YFLG=(((5.7169*FK*FK*ALOGK) / ( (FK**2)-1.0))+.66845)/(FK-1.0)
IF(MFLG .EQ. 4)GO TO 9998
IF(MFLG .EQ. 5)GO TO 9998
CALL FACT(F,V)
CALL FAC2(FS)
IF(MFLG .NE. 1)FS=1.0
WRITE(6,605)F,V,FS,W
605 FORMAT(1HO,6X," INTEGRAL FLANGE FACTORS"/7X,"QUANTITY",10X,"
+FIG(APPENDIX11)",13X,"VALUE"/11X,"F",24X,"3240-2",18X,F10.5/11X,
+UV 24X ,"3240-3",18X,F10.5/11X,"FS", 23X, ,"3240-6",18X,F10.5/11X,
+"H/HG",20X," - ",18X,F10.5/)

*
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T?((F );*(1.0+(8.55246*ALOGK))-1.0)/((1.04720+ 1.9448 *(FK**2))
*(FK-
U=(T*(1.0472+(1. 9448*FK*FK)))/(1.36136*((FK*FK)-l.O))
Z= ((FK*FK)+1.0)/ ((FK**2)-1.0)
HO= SQRT(B*GO)
E=F/HO
D=U*HO*GO*GO/V
IF(THIK .LT. .0001) GO TO 120
INT = 2
CALL WELD(THIK,SCRD,INT,FML,FM2)
GOTO 999
120 THK1= SQRT(FML/(1.5%SF0))
THK2 = .G5*THK1
INT=1
CALL WELD (THK1,SCRD1,INT,FML,FM2)
DO 610 J=1,100
CHECK = (2.* THEBLT)+THK2
BSP = BC* 3.1416/BN
IF(BSP.LE.CHECK) GO TO 660
FM1=FM11*SQRT(BSP/CHECK)
FM2=FM22*SQRT (BSP/CHECK)
660 CALL WELD (THK2,SCRD2,INT,FM1,FM2)
IF(ABS(SCRD2) .LT. 5.0) GO TO 650

ITERATION SCHEME
SLO=(SCRD2-SCRD1 )/ ( THK2-THK1)
THK3=THK2- ( SCRD2/SLO)
THK1=THK2
THK2=THK3
SCRD1 = SCRD2
610 CONTINUE
615 WRITE (6,620)
620 FORMAT(" TRIAL WILL NOT CONVERGE, DO BY HAND")
GO TO 1000
650 INT = 2
CALL WELD (THK2,SCRD2,INT,FM1,FM2)
9998 THK1=SQRT(FML*YFLG/SFO)
THK2=SQRT (FM2*YFLG/SFA)
BSP=BC*3.1416/BN
DO 9995 J=1,4
CHECK =AMINL(BSP, 2.*THEBLT + AMAX1(THKL,THK2) )
THK1=( (FML*YFLG/SFC)**2 *(BSP/CHECK))**.25
THK2=( (FM2*YFLG/SFA)**2 *(BSP/CHECK))**.25
9995 CONTINUE
WRITE(6,9997) THKI , THK2
9997 FORMAT(1HO,6X,"RING FLANGE THICKNESS(OPERATING MODE)=",F5.2
+/7X,"RING FLANGE THICKNESS(SEATING MODE)--=",F5.2//)
999 IF(MCOVER.EQ. 0) GOTO 1000
ACCEPT SFO,SFA,G
HGLA=(BC-G)/2.
TCOV1=G*SQRT(.3*P/SFO + 1.78*WM1*HGLA/SFO/(G**3))
TCOV2=SQRT(1.78*FFM2/SFA/G)
TCOV3=(5:7*P*((G/100.)**4) ¥ 20*HGLA*AB*G/100. / SQRT(THEBLT) ) **

.333



3/Bolted Flange Design 135

WRITE(6,1202) TCOV1,TCOVZ,TCOV3
1202 FORMAT(1HO,6X,"COVER CALCULATIONS"/7X,
+"OPERATING COVER THK=",F10.5,/7X,
+"GASKET SEATING THK=",F10.5,/7X,"TEMA MULTI-PASS THK=",F10.5,
+"CUBE ROOT(25.E6/E))")

1000 ACCEPT IRUN
IF(IRUN .EQ. 1) GO TO 1001
STOP
END
SUBROUTINE WELD (THK,SCRD,INT,FML,FM2)
COMMON Y,T,U,Z,E,D,SFO,SFA, Gl , B,GO,H,MFLG,W
COMMCN/ONE/FS
ALP = THK*E +1.0
BET = 1.3333*THK*E +1.0
GAM = ALP/T
DEL= (THK**3)/D
FLAM = GAM+ DEL
SHC = FS*FML /(FLAM*GL1*G1*1.5)
SHCR = 1.5%SHC
SRC = BET*FML/( FLAM*THK*THK)
STC = ((FML*Y)/(THK**2))-(Z*SRC)
SGRC =.5%(SHCR+AMAX1 (STC,SRC))
SHG = FS*FM2 /(FLAM*GL*G1*1.5)
SHGR = 1.5* SHG

SRG = BET*FM2/(FLAM*THK*THK)

STG = ((FM2*Y)/(THK**2))-(Z*SRG)
SGRG =.5%(SHGR+AMAX1 (STG, SRG))
SCRC = AMAXI(SHC,SRC,STC,SGRC)
SCRG = AMAX1(SHG,SRG,STG,SGRG)
SCRD = AMAX1(SCRC-SFO,SCRG-SFA)

IF (INT .EQ. 1) GO TO 50
WRITE (6,10) THK,SHCR,SRC,STC,SGRC,SHGR,SRG,STG, SGRG
10 FORMAT(7X,"MIN.THK.OF HUBBED FLANGE=",F7.4,/,7X,
+"STRESSES",/,7X,"HUB" , 7X, "RADIAL" ,5X , "TANGENL" ,4X ,"AVERAGE" ,
+/,14X,"CONDITIONS" ,/5X,4F10.2,/,13X, "GASKET LOADING",/5X,4F10.2)
50 RETURN

END

SUBROUTINE FAC2(F)

COMMON YFLG, T,U,Z,E,D,SFO,SFA, G1,C,GO,H,MFLG,W

XX= G1/GO

W=H/ SQRT(C*GO)

X=ALOG(XX)

TT=.25 - .12%W/.5

SLOPE = 2.00 +TT*W/.5
IF(W .GT. .5) SLOPE = 2.10 + .23*(W-.5)/.3

IF(W.GT. .8) SLOPE = 2.32 + .32*%(W-.8)/ .2

YY = SLOPE* (X-W*(1.15 + .095%W- .020%W*W) )

F=AMAX1( 1.0,EXP(YY))

RETURN

END

SUBROUTINE FACT (F,V)

COMMON YFLG, T,U,Z,E,D,SFO,SFA, G1,C,G0,H,MFLG,W
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DIMENSION A(7,7),B(7),G(49)
E=28.6E6

Al =.01

N=7

DG 10 I"l E)

10 CONTINUE
IF(MFLG .NE. 1) N=5
= ¢/2.
ALPHA =(G1-G0)/GO
PSI = 10.92*(H**4) / (R1*R1*GO*GO)

BETA = (2.73/(RL*R1*GO*GO0))**.25

A(1,1) = .333333 + ALPHA /12.

A(1,2) = .1190476 + .0505952 * ALPHA

A(1,3) = .0047619 + ALPHA/360.

A(1,6) = -(.03055556 +59. *ALPHA/5040. + (1. + 3. *ALPHA)/PSI)
B(1) = (.01111111 +5. * ALPHA/1008. -((1.0 + ALPHA)**3)/PSI)*Al
A(1,7) =-(.00833333 + .003373015 * ALPHA + 1.0/PSI)

A(2,1) = A(1,2)

A(2,2) = .07756133 + .0413961*ALPHA + (60./7. + 225.*ALPHA/14.+

+75.*ALPHA*ALPHA/7. +5.*ALPHA**3/2.)/PSI

A(2,3) = 31./6930. + 128.*ALPHA/45045. + (6./7. + 15.*ALPHA/7.
++ 12.*ALPHA*ALPHA/7. + 5.*ALPHA**3/11.)/PSI

A(2,6) = -(533./30240. + 653. * ALPHA / 73920. +(.5 +33. *ALPHA
+/14. + 39.%ALPHA**2/28. + 25. * ALPHA**3/84.)/PSI)

B(2) = (29./3780. + 3.*ALPHA/704. -(.5 +33.*ALPHA/14. +
+81.*ALPHA**2/28. + 13.*ALPHA**3/12.)/PSI) * Al

A(2,7) = -(31./6048. + 1763.*ALPHA/665280. + (.5 +6.*ALPHA/7.
++15.%ALPHA**2/28. +5.*ALPHA**3/42.)/PSI)

A(3,1) = A(1,3)
A(3,2) = A(2,3)
A(3,3) = 1.0/2925. + 71.*ALPHA/300300. + (8./35. + 18.*ALPHA

+/35. + 156.*ALPHA**2/385. + 6. *ALPHA**3/55.)/PSI

A(3,6) = -(761./831600. +937.*ALPHA/1663200. + (1./35. +
+6.*ALPHA/35. + 11. *ALPHA**2/70. +3.*ALPHA**3/70.)/PS1)
B(3) =(197./415800. + 103.*ALPHA/332640.-(1./35. + 6.*ALPHA
+/35. + 17.*ALPHA*ALPHA/70. + .1*ALPHA**3)/PSI) *Al

A(3,7) = -(233./831600. + 97.*ALPHA/554400. + (1./35. + 3.*
+ALPHA/35. + ALPHA**2/14. + 2.0*ALPHA**3/105.)/PS1)

A(4,1) = Rl

A(4,5) = -1.0

A(5,1) = -R1/H

A(5,2) = R1/H

A(5,7) = -.08333333333 * R1/H
A(5,6) = -.416666666 *R1/H
A(5,4) = -BETA

A(5,5) = -BETA

B(5) = .083333333*A1* R1/H

IF(MFLG .NE. 1) GO TO 444

Ol Ll ‘UL[LI
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444

30

40
100

A(6,4) = -E*(GO**3) * (BETA**2)/ 5.46
A(7,7) = -E*GO*H/R1/PSI

A(7,6) = 3.0 * ALPHA * A(7,7)

A(7.4) = E*(GO**3) * (BETA**3)/ 5.46
A(7,5) = -A(7,4)

CONTINUE

D0 30 J=1,N

D0 30 I= 1,N

NDEX=(N*(J-1)+1)
G(NDEX)=A(1,J)
CONTINUE

CALL SIMQ(G,B,N,KS)
IF(KS.EQ.0) GO TO 100
WRITE(6,40)

FORMAT(5X,"EQUATIONS ARE NOT LINEARLY INDEPENDENT")
STOP

CONTINUE

B(1) = A SUB 1

B(2) = A SUB 2

B(3) = A SUB 3

B(4) = C5

B(5) = C6

B(6) = AO

B(7) = BO

Pl = E*GO*H/R1* ((.5 + ALPHA/6.) * B(1) + (.25+11.*ALPHA/84.)

+*B(2) + (1./70. + ALPHA/105.)*B(3) - (7./120. + ALPHA/36. +
+3.*ALPHA/PST)*B(6) - (1./40. + ALPHA/72.)*Al - (1./60. + ALPHA
+/120. + 1.0/PSI) * B(7) )

THETA =(-B(1)-1.5%B(2)-.2*B(3) + .25*B(6) + .25%Al + .08333333*
+B(7)) * R1/H

F=-P1/A1/ (E*GO*H/R1*2.0*H/SQRT(C*GO)*( (1.0+ALPHA)**3)/PSI)

V= THETA /Al/(R1/H*SQRT(C*GO)/(2.*H)*(1.0+ALPHA)**3)

RETURN

END

SUBROUTINE SIMQ(A,B,N,KS)

DIMENSION A(49),B(7)

FORWARD SOLUTION

TOL=0.0
KS=0

Jd=-N

DO 65 J=1,N
Jy=J+1
JJ=JJ+N+1
BIGA=0
1T=dJ-J

DO 30 I=J,N

SEARCH FOR MAXIMUM COEFFICIENT IN COLUMN
1d=1T+I
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1F (ABS(BIGA)-ABS(A(1J))) 20,30,30
BIGA=A(1J)

IMAX=1

CONTINUE

TEST FOR PIVOT LESS THAN TOLERANCE (SINGULAR MATRIX)

IF(ABS(BIGA)-TOL) 35,35,40
KS=1
RETURN

INTERCHANGE ROWS IF NECESSARY

11=0+N*(J-2)
1T=IMAX-J
DO 50 K=J,N
11=11+N
12=11+IT
SAVE=A(I1)
A(11)=A(12)
A(12)=SAVE

DIVIDE EQUATION BY LEADING COEFFICIENT

A(11)=A(11)/BIGA
SAVE= B(IMAX)

B(IMAX)=B(J)
B(J)=SAVE/BIGA

ELIMINATE NEXT VARIABLE

IF(J-N) 55,70,55

1QS=N*(dJ-1)

DO 65 IX=JY,N

IXJ=1QS+1X

1T=d-1X

DO 60 JX=JY,N

IXJX=N*(JX-1)+1X

JIX=1XIX+IT

A(IXJIX)=A(IXIX)- (A(IXJ)*A(JJX))
B(IX)=B(IX)-(B(J)*A(IXJ))

BACK SCLUTION

NY=N-1
IT=N*N

DO 80 J=1,NY
IA=1T-J
IB=N-J

IC=N
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B(IB)=B(IB)-A(IA)*B(IC)
1A=IA-N
80 IC=IC-1

RETURN

END

Note: Subroutine SIMQ is adapted from the scientific subroutine package,
system 360-CM-03X, by the Courtesy of the IBM Corporation, White
Plains, New York.

OPTION I: DeTERMINE RING THICKNESS

DESIGN PRESSURE(PSI)=  600.00
ALLOW.STRESSES(PSI)

AMBIENT TEMP.OF DESIGN TEMP.OF
FLANGE 17500.00 17500.00
BOLTING 35000.00 35000.00
FLANGE GEOMETRY DATA(INCH)
INNER DIA-----w-----= 44,7500 QUTER DIA--------=  53.0000
EFFECTIVE GASKET DIA=  47.8400 BOLT CIRCLE DIA--=  50.5000
SHELL THICKNESS-----= .8800 MAX HUB THICKNESS=  1.1300
LENGTH OF HUB=--=---=  1.2500
GASKET DATA
WIDTH{INCH)=nm=mmmmmmmm e = .75
DESIGN SEATING STRESS(PSI)= 9000.
GASKET FACTOR=-=remm--mmn-= 3.0

FLANGE IS A WELD NECK

RIB AND INNER RING SEATING FORCE= 0.
GASKET SEATING FORCE ----------- = 414162.

BOLTING DATA

NUMBER - - -~~~ = s2.

NOM DIA(INCH)=1.250

THE NECESSARY TOTAL CROSS SECTIONAL AREA = 35.5479
THE ACTUAL TOTAL CROSS SECTIONAL AREA----= 48.3080
OPERATING LOAD=1244175.25

SEATING LOAD--= 414162.00

OPERATING MODE MOMENT=  .27E+07

SEATING MODE MOMENT--=  .20E+07

INTEGRAL FLANGE FACTORS +

QUANTITY F1G (APPENDIX11) VALUE
F 3240-2 .89791
v 3240-3 .45536
FS 3240-6 1.03680
H/HO - .19919

MIN.THK.OF HUBBED FLANGE= 5.3986

STRESSES

HUB RADIAL TANGENL AVERAGE

CONDITIONS

22960.23 1969.52 12042.41 17501.32
GASKET LOADING

16697.95 1432.34  8757.91 12727.93

RING FLANGE THICKNESS(OPERATING MODE)= 6.29

RING FLANGE THICKNESS(SEATING MODE)--= 5.37

+ REFERENCE (3.5.3)
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OPTION 2:
DESIGN PRESSURE(PSI)=

ALLOW.STRESSES(PSI)
AMBIENT TEMP.OF

600.00

Mechanical Design of Heat Exchangers

CoMPUTE STRESSES FOR A GIVEN RING THICKNESS

DESIGN TEMP.OF

FLANGE 17500.00 17500.00
BOLTING 35000.00 35000.00
FLANGE GEOMETRY DATA(INCH)
INNER DIA--mmmmmmee-= 44,7500 OUTER DIA--------=  53.0000
EFFECTIVE GASKET DIA=  47.8400 BOLT CIRCLE DIA--=  50.5000
SHELL THICKNESS-----= .8800 MAX HUB THICKNESS=  1.1300
LENGTH OF HUB-------=  1.2500
GASKET DATA
WIDTH(INCH) - mmmmmmmmmmmm= .75
DESIGN SEATING STRESS(PSI)— 9000.
GASKET FACTOR--=mmmmmmmmme= 3.0
FLANGE IS A WELD NECK
RIB AND INNER RING SEATING FORCE= 0.
GASKET SEATING FORCE ---ree-n-nn- = 414162.
BOLTING DATA
NUMBER -~ - -~ - =
NOM DIA(INCH)=1. 250
THE NECESSARY TOTAL CROSS SECTIONAL AREA = 35.5479
THE ACTUAL TOTAL CROSS SECTIONAL AREA----= 48.3080
OPERATING LOAD=1244175.25
SEATING LOAD--= 414162.00
OPERATING MODE MOMENT=  .27E+07
SEATING MODE MOMENT--=  .20E+07
INTEGRAL FLANGE FACTORS +
QUANTITY FIG(APPENDIX11) VALUE
F 3240-2 .89791
v 3240-3 .45536
3 3240-6 1.03680
H/HO - .19919
MIN.THK.OF HUBBED FLANGE= 6.0000
STRESSES
HUB RADIAL TANGENL  AVERAGE
CONDITIONS
18728.39  1374.10 11063.99 14896.19

GASKET LOADING

13620.32 999.32  8046.35 10833.34

+REFERENCE (3.5.3)

ol LN EJI_i.Ll
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3.13 STRESS ANALYSIS OF THE WELDING NECK FLANGE

The method of Waters, et al. described in the preceding sections provides
a complete stress analysis of a tapered hub flange. However, the assump-
tions made in the solution process have been subject to a great deal of
critical inquiry [3.13.1-2]. Practical and experimental evidence suggests that
flanges designed using this method are structurally safe; however, difficulty
is frequently encountered in achieving leak tightness in large diameter
flanges operating at high pressures. The simplified analysis for a pair of ring
flanges (Section 3.10) points up the significance of bolt/gasket interaction
effects on the stress level in the flange. Therefore, a stress analysis
procedure which eliminates the important limitations of the Waters, et al.
method can be a valuable design and analysis tool. The method proposed by
Murray and Stuart [3.13.1] is quite adequate in these respects. A brief
outline of this method is presented in the following. The reader is referred
to Rose [3.13.2] for a lucid and concise presentation on this matter.

Assumptions:

(i) The flange hub and shell are modelled by thin shell theory
equations.

(ii) The flange ring is modelled by ring theory rather than plate theory.

(iii) Mean diameters of the shell and hub are assumed to be equal to the
mean shell diameter.

The flange is composed of its three constitutent elements, namely the
shell, hub and ring. It is assumed here that the external loading consists of:
(i), a circumferentially distributed radial couple of magnitude M,,,; (ii), an
axial force W on the shell; (iii), internal pressure p on all inside surfaces.
The solution procedure consists again of writing the structural relationships
for the three elements in terms of unknown constants, which are sub-
sequently evaluated by imposing displacement and traction compatibility at
element interfaces.

i. Shell: Referring to Fig. 3.13.1, the radial deflection (positive if
directed away from the center) of a long thin shell subject to internal

"
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8r

Pﬂ
P, M
M? o/ " Mhl$
- [— M,

o ]

]
am ¥ Xz
. n
X [————‘X

Fig.3:13:1." Stress analysis model.
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pressure p, and edge loads P, and M, is given by (see Appendix A for

derivation).
e . pa,’
Y= 23—30_5 [8 M, (—sin Sx+cos Bx) + P, cos Bx] + E 2, (1-0.5v)
(3.13.1)

where a,, is the mean shell diameter, and 8 and D, are defined by replacing
r, by a,, in Eq. (3.11.30). The last term in the above equation is due to the
dilatation effect of internal pressure. It is to be noted that the term 0.5»
should be set equal to zero in designs where the longitudinal force H =
D» a,/2 is absent (such as the shell flange in Fig. 3.1.1). Note here that in
contrast with Waters analysis, the local pressure on the shell wall is in-
cluded.

ii. Hub: For the hub, Murray and Stuart employ the solution for an
axisymmetrically loaded thin cylindrical shell with linearly varying
thickness. The radial displacement, y,, (positive if directed away from the
center) is expressed in terms of the longitudinal coordinate measured from
the point of zero thickness. Thus, the thickness of the hub at the small end
(equal to the shell thickness) is

8o =7X (3.13.2)
where v is the rate of taper. We have:
ya==x""2cid " (€) +Cay (€) +C3¢5 7 (€)

pa,’
+cd, ()] + (1-0.5v) (3.13.3)
E~x
where:
e=2p0x""? (3.13.49)
d:
. 12(1 - ) 14
= [W] (3.13.5)

¢; (i = 1-4) are constants of integration and the y’s are the so called
Schleicher functions, akin to the well known Kelvin functions. The series
expansion for these functions is given in Appendix 3.B. The bending
moment M, and shear force P follow by successive differentiations of Eq.
(3.13.3). We obtain:

E ~3 2 x\2
- 74’)(/_1‘)——):/2—)_ [c15; (€) +¢,51 (€) +¢384(e) +caS5(e)] (3.13.6)
E 3%\
pa,’y’
+ __6(1—V2) (1-0.5») 3.13.7)

The functions S; (€) are combinations of Schleicher functions and their
derivatives. These are defined in Appendix 3.B.
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We recognize that revolving the hub middle surface about the axis of
revolution gives the frustum of a cone; therefore conical solutions
[3.13.3-4] would have been more appropriate for this purpose. However,
the error introduced due to the use of a tapered cylindrical shell assumption
is negligible in most cases.

iii. Ring: Referring to Fig. 3.13.1, the flange ring is subject to a net
radial couple M given by:

p 1 tr Iy —apy
M=M+ (M, -=7)( - ) (3.13.8)
where M,,, is the external couple due to the combined effect of bolt pull,
gasket reaction, and header pressure load and other effects (such as reaction
due to any metal-to-metal contact F, on an annular portxon of the ring
surface). The rotation of the centerlme of the flange ring, 6,, is given by
(Eq. 3.9.4):

Mr,?
El

0, = (3.13.9)

where:

r, = mean ring radius
E, = Young’s modulus of the ring material
I, = moment of inertia of the ring cross section
U, =b,t%/12)
The radial displacement of the ring centerline due to in-plane loads is given

by:
2
=( ’;‘ )b""E (3.13.10)

Thus, the radial displacement of the ring at its junction with the hub is
given by:

9,¢,
W= W+ 7 (3.13.11)

By matching the displacement, slope, shear force, and bending moment
at the two locations of discontinuity, eight linear algebraic equations are
obtained, which may be written in subscript notation as:

8
Em,.,c,:n,.; i=1,2,...8. (3.13.12)
J=
The unknown vector ¢; consists of the four constants of integration in
Eq. (3.13.3) and four dlscontmulty reactions with the notation,
cs=M,, cs = — Py, =M,, c= - P,
The non-zero element of m; and n; are defined as follows:

2p . .
Mai-n; = :‘/’j’ (6); i=12; j=1,2,3,4
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where va.
e =2pox;"%; i=1,2
x, and x, are shown in Fig. 3.13.1 (hub end coordinates):
1 -1
M= —— M= —57—
15 262 DS 16 263 DS

40
My =(— 1Y 228 (e); i=1,2; j=1,2,3,4
e.

1

m25=ﬁ—1D; Mye = —Mm;s
E.bt%a, ° Eb,t,
-12r,2 —6r,*

my; =

E.bt,> M= bt
m3+2i,j=(—1)/+]‘s4+j(ei); i=12; j=12,3,4
_96p(1—V2)

mss = Ere
Myyy;=8(6); =125 Jj=13
My =8o1(g)s =12 j=2,4

e = —48(1—1%) o = 960(1 — v*)
E, v’ pe, " Er73 €
g = —48(1—1%) " =pa,,,2(1~0.5v)
Expe E,yx,?
" _ pa,’(1-0.5v) B Dy’ 3 6r,>M,,,
** Ewx, b,E.  E,b,t>
L _ Pan’(1-0.5%) 12r,*M,,
e E,yx,® E,b,t}
16pa,,’p(1-0.5v) .
N30 = ; =12
E e

Equation (3.13.12) can be solved using a standard linear equation solver
subroutine. Having determined the discontinuity moments and shears, the
stress fields in the three elements are readily evaluated. The above equations
are programmed in subroutine, FLG, which is utilized in Chapter 4 to
perform a flange-tubesheet interaction analysis. The listing of FLG can be
found in Section 4.8. We delay further discussion of this analysis until
Chapter 4.

3.14 CONTROLLED COMPRESSION JOINT

In illustrating the deflection characteristics of a pair of identical ring
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flanges (Section 3.10), we assumed that the bolt load was completely reacted
by the gasket. In practical designs, it is advisable to provide protection
against overcompressing the gasket, since in most joints the gasket will be
crushed or extruded before the studs will fail in tension. However, in order
to maintain a leak tight joint at the operating pressure, the bolts must be
preloaded to such an extent that the bolt force exceeds the sum of the
required gasket residual load and the header load. For an otherwise suitable
gasket, such a magnitude of bolt preload may exceed its optimum “‘seating
load.”’ This difficulty can be overcome by using the concept of ‘‘controlled
compression.”’ This concept entails machining the mating flange faces in
such a manner that the gasket can only be compressed to a preset value.
Upon application of additional bolt preload, the two flanges develop metal-
to-metal contact over a suitable region, henceforth referred to as the
“land’’ (Fig. 3.5.5). The contact force generated on the land can
significantly modify the deflection characteristics of the flange and its
attributes of leak tightness. We will presently explore the merit of this
concept by treating a pair of identical flanges in some detail.

It is noted that the moment on the flange ring a/ways increases as the
pressure is increased. This is because the load line of the pressure load is
always farther than the effective gasket circle from the bolt load line.
Therefore, the maximum ring stress corresponds to the condition of
maximum pressure. The central design goal lies in selecting a land location
and contact load in such a manner that the residual gasket load, H/;, under
maximum internal pressure, is maximized, while the corresponding ring
rotational moment does not exceed the value for the standard geometry
(treated in Section 3.10). Thus, our analysis will compare the performance
of a ring flange with and without a controlled contact land. At the design
pressure, the unit equipped with a contact land is required to develop an
identical moment to the one without a land. When the condition of
maximum pressure is reached, the load on the contact land should vanish,
thus maximizing the residual gasket load. The initial bolt pull (under seating
condition) is to be adjusted for each design in such a manner that the above
requirements are met. The initial contact load on the land is another
variable which can be suitably adjusted by machining the flange facings
appropriately. With the problem formulated in this manner, we wish to
compare the variation in gasket pressure and bolt load as the internal
pressure in the joint is varied. To simplify the analysis, the gasket loading
and unloading moduli are assumed to be equal to the same constant value of
K.

Under the seating condition, axial force equilibrium yields (Fig. 3.14.1):

W,=H;+H,
where H_ is the contact load on the effective circle of the land region
assumed to be located at an offset 4. from the bolt circle.

The rotation of the flange rings is given by Eq. (3.9.4):

0, =x(Hghg +H_ h.) (3.14.1)
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Fig. 3.14.1. Deflection of one of pair of identical flanges.

where:
rm
" 27E.I,
As the internal pressure is applied, the bolt load, gasket compression load
and contact load change. Let H;, H/ and 6, represent the new gasket
compression load, contact load and flange rotation (with reference to the
undeformed condition), respectively. Referring to the ring moment-rotation
relationship, we have:
0,=x(H,h,+H;hg+Hh.) (3.14.3)
If H' > 0, i.e., contact at the land is not lost, then geometric com-
patibility at the land location requires:

X (3.14.2)

W,
K,
where AW, is the increase in the bolt load. Since AW, = H, + H; + H/ —
H; — H,, we have
H,+H;+H!—H;—H¢
K,

+2(6/—0,)h. =0

+2xh. (H,h,+Hihg +H h. —Hghg —H:h.) =0
(3.14.4)
Let AH, and AH, denote the drops due to H, in the contact load and gasket
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M =H. 1 3.14.5
AHG =HG _Hé ( ) ) )
Equation (3.14.4) yields:
AH.=p,H,—p, AH} (3.14.6)
where:
=f(h.,h h.,h.
P =f(hcth ) /f(hc’hc)
The function fin the foregoing is defined as:
1
S(x,y) = — +2xxy (3.14.8)
K,

Proceeding in a similar manner, geometric compatibility at the effective
gasket circle gives:
AH; H,—-AH,—-AH;
= +2xhg (H,h,— AHgh; — AH h,)
Kq K,

Substituting for AH, from Eq. (3.14.6), and rearranging terms, we obtain:

AH,=yH, (3.14.9)
where
[f(hp’hG) _sz(hc:hc)]
Y= 1 (3.14.10)
K_ +f(hg,he) —pif(hg,h.)
G

It is desirable to have y < <1, since the smaller the value of y, the smaller is
the change in gasket compression load due to fluctuations in the internal
pressure.

For a given contact preload H., contact at the land is lost at H, = H,*'.
We have from Eq. (3.14.6):

AH(‘=HL‘ :pZHp* _plAHG =p2Hp* — Py ‘/’Hp*

or
Hp* =H_./(p, —¥p)
Let
d=p, —¥p (3.14.11)
then
H.=¢H,* (3.14.12)

TAll quantities with * superscript imply that they pertain to the design pressure condition.



148 Mechanical Design of Heat Exchangers

Equation (3.14.12) defines the required contact load at the land under the
seating condition. If the pressure is further increased, an analysis analogous
to the above yields:

AH; = psH,—psH,
1
ps = Shyho) /| ——+/(heho) | (3.14.13)
G

1
pr = Shoihe) /| 2=+ (ho o) |
G

The case for no contact at the land, i.e., H, = 0, follows directly from
Eq. (3.14.13). The expression for AH; becomes:

AHg=p,H, (3.14.14)

We can now compare the controlled compression and uncontrolled com-
pression designs under the condition that both develop identical gasket
compression load, HE, when the pressure load reaches Hj. Identical gasket
compression load means that the bolt loads will be equal. The overturning
couple and hence maximum ring stresses will also be equal.

Uncontrolled Compression:

H{=H;— AHg;
=Hg—p3H,
Therefore:

Hg=Hg—psHy

HG=Hg +p;(H; — H,)
The bolt load under the seating condition is:

W,=Hs;=H§+p; H (3.14.16)
Similarly the bolt load at H), is given by:
W, +AW, = H;+H,

HE +p3Hy +(1-p3)H,
W, +(1-p3)H, ‘ (3.14.17)

(3.14.15)

Controlled Compression:

Gasket compression load at pressure load H, is given by:
H;=H;—-yH,; H,<H;
From Eq. (3.14.9), AH; = yH, — AH§ = yH;
H;=H§+y(H,—H),) (3.14.18)
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Similarly, the bolt load at the seating (unpressurized) condition is:

Wl =HG +Hc
or W,=H§+ (V+¢)H; (3.14.19)

The bolt load under the pressurized condition is:

W] +AW1 = Wl —AHG—AHC+HP
or Wi +AW, =W, +(1—-y—¢)H, (3.14.20)

Figure 3.14.2 shows a schematic representation of the residual gasket load
and bolt load as a function of pressure loads for the two constructions. A
qualitative comparison of the joint performance can be made by con-
sidering the numerical example of Section 3.10.

Table 3.14.1 gives the values of the bolt load and gasket load at the two
end points and the slopes of the bolt load and gasket load lines for three
conditions: (i) no land contact, (ii) land contact at 2. = 0.75”, and (iii) land
contactath, = —1”.

The last case corresponds to metal-to-metal contact outboard of the bolt
circle, whereas case (ii) pertains to contact loading between the gasket and
bolt center lines.

Wi=H&+@¥+9¢)Hp

SLOPE = 1-y—¢

/Hé+H5

Q \
<
S SLOPE = 1~ p3
-
w
N4
(/2]
<
(O]
%
a . . GASKET
< HGg+y¢Hp  LOAD SLOPE = - p3
S
-
-
e
/Hé
SLOPE = —¢
LEGEND:
[Al: NO CONTACT AT “LAND" .
[B]: CONTACT AT “LAND” Hp

PRESSURE LOAD, Hp
Fig. 3.14.2.  Gasketload and boltload plotted as a function of H,.
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Table 3.14.1 is constructed on the assumption that the contact load is set
such that it vanishes as the pressure load reaches its maximurmn design value
H}. Thus, the final gasket pressure A and bolt load are the same in all
cases, resulting in identical ring stress under the condition of maximum
pressure. The gasket load at pressures below the design pressure varies in a
markedly different manner for the three cases. The variation in gasket load
is the minimum in case (ii), and maximum in case (i). This indicates that
case (ii) best protects the gasket from deterioration due to frequent load
variation caused by pressure changes in the pressure vessel. The initial
gasket load (H, = 0) is much less in case (ii) compared to the other cases.
This is consistent with the seating requirements of soft and hollow metal
(tubular) type gaskets. The designer should select the joint construction
which yields the most compatible seating load for the gasket.

The bolt load increases for increasing H, in cases (i) and (iii); and
decreases in case (ii). The rate of variation of bolt load is also found to be
most moderate in case (ii).

This example problem illustrates the relative merits of controlled and
uncontrolled metal-to-metal contact constructions. The central objective in
the design process is to select a joint design which produces maximum
protection against leakage under the condition of maximum pressure, and
protects the gasket from load cycling during pressure fluctuations. The
concept of ‘‘controlled compression’’ appears to be an excellent vehicle
towards such an objective.

The foregoing analysis treats a highly simplified structure, that of two
identical bolted ring flanges. The analysis is much more involved when the
bolted members are of more complicated variety (e.g., welding neck type)
and dissimilar in construction.

In the next chapter we will present a detailed analysis of one such com-
mon construction in heat exchangers to illustrate the significance of the
“‘controlled compression’’ concept.

NOMENCLATURE

N
I

= flangering O.D.
total root area of body bolts
Ay root area of one bolt

>
Il

A, = hub curvature factor at small end
A, ,Ap, = required total bolt root area for seating and pressurized
condition, respectively
a, = mean radius of shell (Fig. 3.13.1)
A, = hub curvature factor at large end

a,,a,,a, = coefficient in hub deflection equation (Eq. 3.11.20)
B = flangering I.D.
B, = shear factor at small end
b = effective gasket width (Eq. 3.5.1)
b, = radial width of ring
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functions of « and « (Eq. 3.11.26) (( = 1,2,3), (j =
1 ’2,3’4’5)6)

constants of integration (i = 1,2 . . . 8)

flexural rigidity of flange ring

flexural rigidity of hub (Eq. 3.11.13)

nominal bolt diameter

inner and outer diameters of the nut bearing surface (Eq.
3.6.4)

dimension across flats in heavy hex nut (Table 3.7.1)

pitch diameter (Table 3.7.1)

wrench diameter (Fig. 3.3.2)

Young’s modulus of hubbed flange material

Young’s modulus of bolt material

decompression modulus of gasket (Eq. 3.5.7)

Young’s modulus of ring material (Eq. 3.9.2a)

minimum radial distance between boit circle and O.D. of
flange (Table 3.7.1)

hub large end shear coefficient (Eq. 3.11.43)

axial load in one bolt

hub stress magnification factor

effective gasket diameter (Eq. 3.5.1)

hub thickness at axial coordinate x (Fig. 3.11.1)

shell thickness (Fig. 3.11.1)

hub thickness at the large end (Fig. 3.11.1)

end header load on the area bounded by flange inside
diameter

seating condition gasket load .

residual gasket load under pressurized condition

axial pressure load in the annulus between effective gasket
diameter and flange I.D.

contact load on the land under seating condition

total header end load (Section 3.10)

hub length

gasket line offset from bolt circle

moment arm of the header load H,

moment of inertia of flange ring cross section in Fig.
3.9.1b about the radial axis of symmetry (y =0)

flange ring O.D./1.D.

bolt (spring) stiffness (Eq. 3.10.4b)

spring stiffness of gasket in unloading

coefficients in the leakage rate equation (Eq. 3.5.3)
effective bolt length under seating

effective bolt length under pressurized condition

free bolt length

total external moment on the flange ring (Section 3.11)
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hub longitudinal bending moment at coordinate x (Fig.
3.11.1)

longitudinal moment per unit circumference at the small
end of the hub

longitudinal moment per unit circumference at the large
end of the hub

radial bending moment in flange ring

radial bending moment per unit circumference at the inside
and outside radius of flange ring, respectively

shell longitudinal moment at coordinate x

tangential bending moment in flange ring

gasket factor (Eq. 3.5.2)

distributed couple per linear length of circumference (Fig.
3.9.1)

number of bolts on the bolt circle

gasket width (Fig. 3.3.3)

number of threads per inch (Table 3.7.1)

internal pressure in the flanged joint

radial shear in the hub (Eq. 3.11.14)

shear at hub/shell junction (P, at £ = 0)

shell radial shear at coordinate x

shear at hub/ring junction (P, at £ = 1)

circumferential bolt pitch (Table 3.7.1)

radial shear in flange ring at radius r

minimum radial distance between bolt center line and
outer hub diameter (Fig. 3.2.1b)

contact force on the land (Eq. 3.5.8)

minimum radial distance (Fig. 3.2.1a)

mean radius of circular ring

inside radius of shell (r, = 0.5B)

outside radius of flange ring

maximum flexural stress in the circular ring (Eq. 3.9.2)
flange ring thickness in Section 3.11

ring thickness (Fig. 3.9.1)

total bolt load (seating condition)

equivalent ring load in Water’s, et al. model (Section 3.11)
ASME Code Seating Stress

radial deflection of the hub (positive if radially outwards)
hub taper factor

mean coefficient of linear thermal expansion of bolt
material

shell attenuation coefficient (Eq. 3.11.30a)

hub coordinate, dimensionless

coefficient determinant (Eq. 3.11.36)

increase in bolt load from seating to pressurized condition
increaserimtheboltload due to joint pressurization
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8. = gasket compression under seating condition
0, = gasket relaxation (Eq. 3.10.6)
6; = initial bolt elongation due to mechanical pre-tensioning
(Eq. 3.6.2)
6,,06, = alateral deflection of the two mating flanges at bolt center
line location
6, = gasket recovery upon unloading
8, = joint separation upon application of pressure
v = slope of hub (Fig. 3.11.1)
¢ = potential energy function for the hub (Eq. 3.11.23)
k¥ = hub modulus (Eq. 3.11.18)
A,N Ay = functions of ¢;;
A = leakage rate (gm/day)
w14, = limiting static coefficient of friction between nut and
flange surface and nut and stud surface, respectively
(Section 3.6)
v = Poisson ratio of flange material
6 = flange ring rotationatr = r,
6, = rotation of a narrow circular ring (Fig. 3.9.1)
f] = rotation of flange ring under pressurized condition
7, = number of turns in spiral wound gasket
p; = function of kand «
o, = grossarea seating stress
Ony»0n, = maximum hub longitudinal bending stress at small and
large end, respectively
7 = torque required to turn the nut on the flange face (Eq.
3.6.3)
71,72,73 = components of 7 (Eq. 3.6.3)
¢ = determinant of c-matrix
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APPENDIX 3.A

DERIVATION OF THE POLYNOMIAL EXPRESSIONS FOR HUB
DEFLECTION (Eq. 3.11.20a)

A polynomial expression for w in terms of £ is sought which satisfies the
following conditions:

d*w d*w

At £=0, "d?‘ =A0, and'?d? =B0
dw
Até=1,w=0, and;gz— =A,
where A,, B, and A, are specified quantities.
Let:
w= Y k& (3.A.1)
i=0

where k; are the coefficients of the polynomial. If n = 5 is selected, then
four coefficients can be determined in terms of the fifth by utilizing the four
conditions mentioned above.

We note that:
i=1
P - (3.A.2)
o= L =Dk £
i=2
Setting n =4, and using the above conditions, we have:
5 1 1
ki=—ky— —A,— —B,——A
! 27 127 127!
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1

k2='2'A0
1
k3=gBo
ks = 1A 1B+1A
TR T

Thus the fourth-order polynomial expression for w becomes:

5 1 1 1
WO =ko(1=§) Ao (5= 5 8+ 5 8') = 5 BolE =28 +£)

~La (t—£9 (3.A.3)
THe ¢ Al

where k, is an adjustable parameter, and the superscript ‘‘1’’ indicates
““first approximation’’ for w.

Two such additional adjustable parameters are required in the expression
for w. In this manner, a total of 3 parameters will be available to be selected
in such a way that w most closely approximates the true displacement field.
In order to obtain the additional parameters, let us superpose on the above
expression for w (Eq. 3.A.3), another 5-term polynomial starting with the
first power of &, i.e. '

w=wh + P, (3.A4)
where:
Py=LE+LE +LE + 1,88+ 18 (3.A.5)

This expression for w should also satisfy the foregoing four conditions.
However, since w' satisfies them identically, the polynomial with coef-
ficients / must satisfy homogeneous conditions, i.e.

At£=0,—2 =0, —2 =0
¢ dg? g’
At£=1,P2=0,—JET=O

This gives:
5 3
12 =0, 13 =O, 14 - - 5[1, lS = 511
so that the polynomial P, is
5.4 3
Pl (§=¢+3¢)
and we can write

5 3
w® = w® 47 (5_ > £+ > g5> (3.A.6)
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where /, is the second adjustable parameter, and the superscript on w in-
dicates that it is the second approximation. A third approximation for w is
obtained by assuming an expression of the form:

w® =w® 4+ P,
where:
Py=my £ +my £ + m&* +msE +mgE’
Proceeding as before, we have:

4
m2=m3=0, m5=_gm4, m6=§m4

P,=m, (g“ - 255 + ggﬁ) G.A7)

Equations (3.A.3), (3.A.6) and (3.A.7) give the required polynomial in
three parameters k,, /,, and m,. These are redesignated as a,, a, and a,,
respectively, in the main text (Eq. 3.11.20a).

It should be noted that this process of generating additional parameters
can be continued ad infinitum. However, each relaxable parameter implies
that the expression for w will be optimized with respect to it. Therefore, a
compromise between the level of accuracy and quantity of algebra has to be
made. For Waters, et al. the optimal number was three.

APPENDIX 3.B

SCHLEICHER FUNCTIONS

The Schleicher functions used in Section 3.13 are directly related to Ber
and Bei functions [3.11.5]. In the interest of completeness, their series
expansions are given below

¥ (0) = ber(x) = kE ) oo

4k

where z=0.5x

4k +2

Y2 (x) = —bei(x) =L(— 1)** (kT DT

2
¥3 (%) =0.5¢, (x) — ;[Rl (X) + ¥, (x)+In 2]

where 3=1.78108 and

1}k "2k+1 Ak +2
Bn= T GV o
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S'h= 2 -

Jj=1

~o | -

2
Ya (%) =0.5¢,(x) + - [R;(xX) + 1 (¥)+Infz]

where
R,= kEO (-1 ————(2[’(‘;:;;;;2 z#+3
Finally the S-functions are defined as follows:
8,0 =Xy, (%) =291 " (%)
8 () =x¢1 (%) + 29, " (%)
S3 () =xs(x) =29 ' (%)
Sa () =xy3(x) +2¢, " (x)
Ss(0) =x " (X) — 4xy, (x) + 8y, ' (x)
Se(0) =" " (x¥) — 4y () — 8¢, ' (x)
S5 () =x " (%) — dxify () + 8¢ * ()
Sg (%) =%y (¥) —4xy5 (%) = 8¢ ' (%)

For small values of x, the series for Schleicher functions converge rapidly.
For large values (x=6), asymptotic approximations given in Ref. [3.11.3,
p. 496] are sufficiently accurate.




4. TUBESHEET SANDWICHED BETWEEN
TWO FLANGES

4.1 INTRODUCTION

Three element bolted joints consisting of an unstayed tubesheet, sand-
wiched between two tapered hub flanges, find extensive use in the heat
exchanger and pressure vessel industries. For example, removable bundle
U-tube heat exchangers, denoted as ‘““‘BEU’’ in the lexicon of the heat ex-
changer trade [4.1.1] utilize this joint detail (Fig. 4.1.1). Figure 3.1.1 shows
another application of this joint in a ‘‘pull through externally packed”’
construction. In view of its widespread use, we focus our attention on this
joint in some depth and present a technique for performing a detailed stress
analysis. The need to evolve a comprehensive solution for this class of joints
is particularly important, since a standard application of the code design
methods may produce grossly erroneous results for the low pressure side
flange. The 1983 issue of the ASME Code [4.1.2] recognizes the quirks in
the structural behavior of such joints, but offers no detailed solution.

The motivation for a comprehensive stress analysis stems from structural
as well as heat transfer considerations. This can be explained by referring to
the heat exchanger of Fig. 4.1.1. As shown in Fig. 4.1.2, a set of common
studs provide the necessary compression load on the two gaskets. The non-
colinearity of the bolt line and gasket compression load line on each flange
causes the flanges to rotate (in the plane of the paper in Fig. 4.1.3). Thus,
under the prestressed condition (denoted as the ‘‘seating condition’ in
reference [4.1.2]), the flanges are subject to some rotation as indicated in
Fig. 4.1.3. The tubesheet may also experience a net axisymmetric moment if
the shell and channel gasket circles are not colinear. When the two
chambers are pressurized (operating condition), the bending moment on the
flanges increases further, causing the flanges to rotate even more. If the
tubeside pressure significantly exceeds the shellside pressure then the
deflected tubesheet surface will be concave to the tubeside chamber. Such a
situation is quite common in nuclear installations. For example, in the
Pressurized Water Reactor system, the exchangers used to transfer heat
between the reactor cooling water circuit and the component cooling water
circuit are subject to large differential pressures, since these independent
circuits operate in quite different pressure ranges.

The crevice formed between the pass partition plate and tubesheet surface
due to ““cupping’’ of the tubesheet and inadequate spring-back of the pass

161
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Fig. 4.1.2. Bolted joint under seating condition.

partition rib is quite small. However, the associated leakage stream (Fig.
4.1.3) can become significant in exchangers with high interpass pressure
drops and multiple tube passes. This tubeside leakage stream is the coun-
terpart of shellside baffle-to-shell bypass stream, designated as the E-stream
by Tinker [4.1.3]. In addition in lowering the tubeside film coefficient, it
also reduces the effective ‘‘Log Mean Temperature Difference (LMTD)”’,
thus derating the overall heat duty. The tubeside leakage stream is con-
sidered to be a veritable nuisance in those process applications where the in-
exchanger tubeside fluid temperature is sought to be closely regulated.
When a considerable leakage stream is present, the downstream gages are
not really monitoring tubeside temperature since a portion of the flow has
bypassed the tubes. Therefore, these downstream gages cannot be used to
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Fig. 4.1.3. Tubeside leakage mechanism in a bolted tubesheet joint.
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reliably determine the tubeside temperature profile inside the heat ex-
changer. Furthermore, with the rapid recent advances in the quality of the
correlations for the shellside film coefficient [4.1.4-5], previously unim-
portant imprecisions in tubeside heat transfer coefficient predictions are
beginning to acquire added significance. Heuristic reasoning suggests that
providing-metal-to-metal-contact-at-the outer edge between the bonnet
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flange and the tubesheet would produce a counteracting moment on the
tubesheet which would reduce its lateral deflection and, therefore, decrease
the area available for the tubeside leakage stream. Metal-to-metal contact at
the outer edge may be effected during the seating condition by suitably
machining the flange faces so that contact occurs prior to reaching the
specified bolt pre-stress. If contact is desired during pressurization, then a
certain edge gap, ¢,, may be prescribed under the seating condition (Fig.
4.1.2) which diminishes to zero and further develops an edge contact load as
the internal joint pressure is applied. This latter case as will be referred to as
a “‘controlled”’ MTM (metal-to-metal contact) condition.

The analysis to be presented here can be readily utilized for determining
the “‘maximum allowable working pressure’’ for tubeside and shellside
chambers. The ‘‘maximum allowable working pressure’’ is the highest
pressure that all pressure parts in a pressure chamber can withstand without
exceeding the relevant ASME Code stress limits.

The foregoing statements suggest the need for a convenient analysis tool
which would enable rapid evaluation of the effect of flange/tubesheet
facing detail, gasket material, available bolt pull, flange geometry
(thickness, shape of hub, etc.), tubesheet thickness, etc., on the stress levels
in the elements of the joint, and on the size of the inter-pass leakage area.
The computer program that will be developed to meet the above goals
should also permit analysis of more specialized joints such as flange-to-
flange, flange-to-flat cover, etc. These design objectives are achieved by the
solution procedure described in this chapter.

The solution procedure developed herein enables the study of the effect
of variation of design variables (flange and tubesheet geometric details, bolt
pre-stress, etc.), on the following principal quantities of interest:

i. Change in bolt tensile stress due to joint pressurization

ii. Residual bonnet and shell gasket surface pressures (ring gaskets only)
ili. Maximum tubesheet stress

iv. Bonnet flange hub and ring bending stresses

v. Shell flange hub and ring bending stresses

vi. Leakage area

Structural relations to characterize the behavior of tube sheet and flange
type members are first outlined, and the solution procedure to determine
their interaction is described. A typical numerical example is then utilized to
demonstrate the usefulness and limitations of the ‘‘controlled MTM”’
concept. The computer program ‘“TRIEL’’ based on this method is also
presented.

Study of a typical ‘‘three element joint’’ presented in this chapter reveals
some aspects of the joint behavior which are not apparent from a direct
application of code rules. The most recent edition of the ASME Code
[4.1.2, p. 412] recognizes the hidden peculiarities of the structural behavior
of the ‘‘three element joint”’.
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As stated before, although the analysis described in this chapter focuses
on the three element joint, solution for other cases, such as two bolted up
flanges, or a flange bolted to a flat cover, can be obtained using TRIEL.
The procedure for solving such specialization of the general solution is
explained in Sections 4.8 and 12.8.

4.2 THE STRUCTURAL MODEL

Figure 4.1.2 shows the structural model of the bolted joint. The tubesheet
is sandwiched between two flanges, which are henceforth referred to as the
““Channel (Bonnet) Flange’’, and “‘Shell Flange’’, respectively. The bolts
pass through clearance holes in the tubesheet. We assume that there are n
bolts, each of root area 4,, prestressed to a certain known stress level, o,. It
is further assumed that the channel flange bears against the gasket on the
tubesheet groove, and it may have an initial edge gap ¢, under the ‘‘seating
condition’’,* or it may develop an edge contact load F,. The edge gap ¢, or
edge contact load F, are design options which can be easily adjusted in a
joint assembly by properly machining the flange/tubesheet surface. The
shell flange, however, is assumed to bear totally against the gasket, i.e., it
does not make metal-to-metal contact during either the seating or the
pressurized stage of joint loading.

The model is equally valid for the case where the shellside design pressure
exceeds the tubeside pressure, and the designer seeks to evaluate the effect
of “‘controlled metal-to-metal’’ contact in the shellside of the joint. The
analysis is fully applicable once the terms ‘‘shellside’’ and ‘‘tubeside’’ are
interchanged.

The formulation presented here assumes the contact load to be exerted at
the outer edge (radius b). The case of a ‘‘land’’ at a radius, r;, to produce
controlled metal-to-metal contact (at radius r;) can also be treated using
this formulation by merely replacing the quantity & associated with F, by r;,
throughout the analysis. The effect of varying r, is treated in Section 3.14.
We fix r, (equal to b) in the present analysis to reduce the number of
parameters. This will help maintain our focus on the variables mentioned in
the foregoing.

In Chapter 5, a parallel analysis of this problem is developed which treats
gaskets of arbitrarily non-linear loading/unloading curves, and finite
widths. The behavior of a joint containing full face gaskets and gaskets with
controlled ““MTM’’ can be studied by following the joint response to in-
cremental increase (or decrease) of pressure. This time step analysis,
however, is considerably more computation intensive than the one
presented in this chapter.

As noted in Section 3.5, the mathematical model for the gasket presents
the greatest problem. A typical spiral wound gasket possesses highly non-

*Used in Ref. [4.1.2] to indicate the condition of bolt prestress.
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linear and non-conservative loading, unloading and reloading charac-
teristics [4.2.1]. Furthermore, the minimum surface pressure on the gasket
to maintain a leak-tight joint depends on a host of parameters, such as
surface finish, groove clearance, gasket strip material, filler material,
loading history, etc. Strictly speaking, if the stress-strain relationship of the
gasket is known, then the ‘‘exact’’ pressure distribution on the gasket can be
determined as a function of the rotation of the mating surfaces. Since the
rotation of the mating flanges themselves will depend on the gasket surface
pressure distribution, an iterative or incremental solution will have to be
devised. Assuming that the gasket is narrow in the radial direction, we
borrow the assumption of the ASME Code [4.1.3] that the gasket pressure
resultant acts at the ‘‘effective gasket diameter’’, irrespective of the flange
rotations. However, the loading and unloading stiffnesses are allowed to be
an arbitrary (known) function of the compression and decompression
history. The case where the gasket is relatively wide, so that the gasket
resultant force moves during the joint loading, is treated in the next chapter.

4.3 TUBESHEET

- The tubesheet contains a perforated interior in which the tube holes are
arranged in a geometric pattern on a specified pitch, P. Following the
ASME Code [4.1.2], we define the outer radius a of the perforated interior
as:
P—h
4

where r,,,, is the radius of the outermost tube center, and 4, is the ligament
width. The ligament efficiency, 7, of the perforations is defined as:

4 4.3.1)

A=y +

D
=7 4.3.2)

We note here that 4, may or may not incorporate some of the tube wall.
We discuss the concept of effective ligament width further in the chapters
dealing specifically with tubesheet design (Chapters 8 through 11).

It is well known [4.3.1, 2, 3] that the perforated region may be idealized
as a homogeneous, isotropic plate with modified elastic constants. The
modified elastic constants are given as function of  and the elastic con-
stants of the plate material for any given tube layout pattern. Thus, the
tubesheet is modeled as a composite plate consisting of two concentric
circular plates bonded at the interface radius a. The inner plate is the
perforated region, while the outer annular plate is the ‘‘untubed rim’’ which
is loaded by pressure and gasket loads.

The following major assumptions are made to simplify modeling and
analysis of the tubesheet:

i. The resistance offered to the bending of the tubesheet by the tubes
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due to their restraint at the baffle location is neglected. Gardner
[4.3.4] has considered this effect and delineated its significance in
practical design applications.

ii. The strengthening effect of the pass partition lanes in the tubesheet is
neglected.

iii. The weakening effect of the bolt holes in the tubesheet is neglected.

A complete analysis of tubesheets for U-tube heat exchangers is found in
Chapter 8. The discussion presented in this section, however, suffices for
analyzing a ‘‘three element joint’’ in U-tube heat exchangers. We begin by
treating the outer plate as an elastic ring. In Fig. 4.3.1, F, and F, denote
the tubeside and shellside gasket reaction resultants, respectively. F,
denotes the potential edge contact load between the channel flange and the

Py Py
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]&[[E[[[[D EQ[HIHIE 1717}

t
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1 w ts
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Fig.4.3.1. Freebody of the tubesheet.

tubesheet. p; and p, are tubeside and shellside pressures, assumed to act up
to radii r, and r,, respectively, where r, and r, are the effective gasket radii.
The mean radius of the rim (point 4 in Fig. 4.3.1) is given by:

a*=0.5(a+b) (4.3.3)
and the width of the ring 4 is given by:
h=(b-a) 4.3.4)
Let the pressure difference across the tubesheet be defined as p;
P=D =P (4.3.5)

Then the shear force Q, at the rim-perforated plate interface follows from
equilibrium:

Qo= — = (4.3.6)
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Furthermore, the net ring moment about point 4 (positive if clockwise in
the plane of the paper) is given by:

Ma h r b
m=e D —F,(@*-r)— +F,(b—a*)—
a* 2a* a* a*
rl—a)Qa*-r, —a
Di(ry ) 1 )+F2(a*—r2)
4a*
p,(r3 —a>)2a* —r, —a)
4.3.7
+ 2 ( )
Thus
a*M=— (M, +x)a (4.3.8)
where:
pa*h
ax=— +F (a*—r)r,—F,(a*—r)r,—F,(b—a*)b
+ Pl(r12 —az)(Za* —r —a) _ 172("22 —a2)(2¢1* —r,—a) (4.3.9)

4 4

The rotation of the rim, 6,, due to M, follows from elementary strength-of-
materials theory [see Section 3.9]:
—12a*a(M, + %)
0, = 4.3.10
E,nt} ( )
Next we set up the governing equations for the perforated interior modeled
as an equivalent solid plate in the manner described before. The governing
differential equation for axisymmetric deflection of circular plates is well
known* [4.3.4]:

(a“ +li)(‘" ML 2 @3.11)
dr* rdr/\df* rdr D, h
where the plate flexural rigidity is defined as:
D, = __E_tsi__ (4.3.12)
T 120 -9,2) -

with E,, », representing the modified elastic constants.
The general solution of Eq. (4.3.11) is shown in Appendix A at the end of
the text to be
4

.
W=, + 7, +yslnr+y, P lnr+ P 4.3.13)

64D,

*The circular plate equations utilized in this section have been derived from first principles in
Appendix A.
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where v; (i = 1,4) are arbitrary constants of integration. For a solid plate
(no hole in the center), finiteness of deflection and slope yield y; = v, = 0.
v: and v, are determined by the boundary conditions. By appealing to
continuity of slope, and traction (radial moment) at » = @, and performing
the necessary algebra, the following results are derived:

_ —6a*a(My+x) pd’

- 4.3.14
7 E,hat} 32D, (4.3.14)
-1 pa*
M,=— (px—PL 4.3.15
0 1+p(px 3 ) ( )
where:
12a*aD, (1 +
p= 247aD\( +1) (4.3.16)

E,hat,?

The details of matching conditions of slope and moment at r=a are
discussed fully in Chapter 8 where we deal specifically with the tubesheet
analysis.

From Eq. (4.3.13), the deflection of the inside edge of the rim is

4
pa
W, =7, +v.a* +
a Y1 Y2 64Dl
Therefore, the deflection of the tubesheet with respect to the inside edge of
the rim is given by:

* __ 2 __p_ 4 _ 4
w* =, (" a)+64Dl (r* —a*) (4.3.17)

Similarly, the deflection of point B (r=r,) with respect to the inside edge of
the rim is 6, (r, — a).

Thus, the deflection of the tubesheet at a radius r with respect to point B
(r = r)) is given by:

=
]

—(ri-a)f,+w* r=<a
—(r, — 10, r=a (4.3.18)
The radial bending moment M, is given by:

3+ 2
M = 2721),(1+p1)+(—1”;)i; r<a (a)
P (4.3.19)
143

The maximum bending stress in the perforated plate, averaged across the
ligament width, is given by [4.1.2]:
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k' 6M

o =—
A

where k' is the ‘‘stress multiplier’’ given in Ref. [4.1.2] as a function of the
radial to tangential stress ratio and M is the larger of the radial and cir-
cumferential bending moments.

(4.3.20)

4.4 FLANGE

The stress analysis method described in Section 3.13 is utilized to model
shell and channel flanges. It was shown that the stress and displacement
fields in a flange are completely described for given external moment M.,
and pressure p. To start, generic variables will be used without subscripts in
this section. In later sections, wherever a distinction is necessary, subscripts
1 and 2 are appended to the variables to indicate the quantities pertaining to
the channel and shell flanges, respectively. As noted previously, we assume
that the shellside of the unit is the lower pressure side.

For a given bolt load B’ per unit circumference, force equilibrium yields
(Fig. 4.4.1):

pr
r,B’ —bFe—rF——z— =0 “4.4.1)
We assume that the edge contact load F, is zero for the flange on the lower
pressure side (shellside). The external moment on the flange ring M., (Eq.
3.13.8), per unit circumferential length at the bolt circle radius, is given by

—F,b(b— Fi 2d
My = E2OZ0) Iy 22
r, r, 2r,
',2___ 2 20 —r—a’
Ll —a)@r ~r=a’) (4.4.2)
4r,

Thus, if the bolt load B’, the edge contact load F,, and the pressure p are
specified, then the gasket linear pressure F follows from Eq. (4.4.1) and the
external ring moment M, from Eq. (4.4.2). The solution procedure of
Section 3.13 can then be used to evaluate the stress and displacement fields
in the flange.

4.5 METHOD OF SOLUTION

The physical dimensions of the bolted joint and its elements are assumed
to be known. The bolts, n in number of root area A, each, are assumed to
be pre-stressed to a desired value g,. The object is to determine the service
bolt stress g, maximum hub and ring stresses in the bonnet and shell flanges,
maximum stress in the tubesheet, and finally, the leakage areas formed by
the deflection of the tubesheet and the bonnet flange when the channel and
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shell chambers are subjected to pressures p, and p,, respectively. Within the
framework of the available data, two design parameters can be varied;
namely the pre-stress o,, and the ‘‘initial edge gap’’ ¢,, between the outer
edges of the bonnet flange and the tubesheet, under the seating condition. ¢,
can be varied by properly machining the faces of the bonnet flange and/or
the tubesheet beyond the gasket seating surface. The influence of these
parameters on the aforementioned quantities of interest can now be
examined.
The force equilibrium Eq. (4.4.1) for the bonnet flange during seating
yields the lineal gasket force F,° on the bonnet gasket*:
0
Fo= oAy _OF @.5.1)
2@, r
F.° is the initial edge contact force per unit circumference. Note F,° = 0 if
the initial gap ¢, > 0. Equation (4.5.1) determines the lineal force on the
bonnet gasket. The lineal compression force F,° on the shell gasket follows

from force equilibrium:

0

no,A,
2 _ —

27, 4.5.2)
The corresponding gasket compressed thicknesses under F;° and F,° are
denoted by 8,° and 6,°, respectively.

Using the method described in Sections 3.13 and 4.3, the rotations of the
bonnet flange 6,°, shell flange 6,°, and tubesheet 6, can be determined
(positive values of 6,°, 6,° imply a movement of the outer edge of the
respective flange towards the tubesheet ring):

010 = El(FlOvOO’FeO)
020 = fz(onyao) (4.5.3)
050 = ‘E: (FlanZO’FeO)

RING

X -—y

Fig. 4.4.1. Flange stress analysis model.

*Recall that we attach subscripts 1 and 2 wherever necessary to distinguish between the
channel and the shellside of the unit.
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The superscript ‘‘0”’ is appended to the quantities to indicate that these
pertain to the seating condition. Thus the effective bolt length under the
prestress condition /; (Fig. 4.1.2) is given by:

Iy =s+f,sech,® + f,sech,® + £;sech,’ — (r, —r,)sing,° — (r, —r,)sind,°
+(ry —ry)sing,® +§,° +6,° 4.5.4)
For small values of §,°, 8,° and 6,°, Eq. (4.5.4) can be further simplified:
b=s+fi+f+t,+8°+8,"—(r,—r)8,° +(r, —r)6,°
— (r,—r)6,° 4.5.5)

where the term s represents the total effect of any difference between the
joint thickness at the bolt center line and at the gasket locations.

Equation (4.5.5) defines the quantity /,. We further note that the initial
edge gap ¢, is given by:

€ =8, +610‘_(b"'r1)(010"'0s0) (4.5.6)

where s, represents the term due to the face machining of the mating
elements. As stated before, ¢, can be set equal to a small positive quantity
(by adjusting s,). Further, ¢, can be zero, and an initial edge contact load
F,° may be developed on the channel flange-tubesheet outer edge. In short,
the initial condition at the outer edge can be suitably prescribed. The object
now is to investigate the behavior of the flanged joint and its constituent
elements when the two chambers are pressurized. If o and F, denote the
“‘correct’’ bolt stress and edge load, respectively, under this condition, then
the channel gasket residual lineal force F, follows from force equilibrium
(Eq.4.4.1):

_naA,7 bF, prn

= - 4.5.7
" 2w, n 2 “-5.7)
Similarly, the residual lineal force F, on the shell gasket is given by:
nO'A b pz r 2
F, = - 4.5.8
2 27(?' 2 2 ( )

Let 6, and 8, denote the channel and shell gasket thicknesses corresponding
to F, and F,, respectively. The magnitudes of 6, and 4, depend on the
gasket stiffness characteristics, as described in Chapter 3.

The solution procedure to determine o and F,, and other field quantities
of interest consists of two major steps which may be stated as follows:

Step I: It is assumed a priori that there is no edge contact under the
pressurized condition; i.e., ¢, > 0, and F, = 0. The appropriate bolt stress
o, under this assumption, is calculated as follows:

(a) Assume a value of ¢ and evaluate F, and F, using Eqgs. (4.5.7) and
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(4.5.8), respectively (F, = 0 in Eq. (4.5.7)). We note that in the first
step, o= g, is a natural choice.

(b) Compute the bonnet flange ring rotation 6, , shell flange ring rotation
0,, and tubesheet rotation 6, by computing the appropriate net ring
moment and using relations between ring rotation and net ring
moment:

01 = El(FlsUaFe)
0, = &(F;,0) (4.5.9)
os = ES(FI ’FZ)

For example, 6, follows from Egs. (4.3.10), (4.3.9), (4.3.15), and (4.3.16).

(c) Evaluate 6, and 6,, corresponding to F, and F,, using the gasket
loading-unloading diagram.

(d) The “‘effective length of the joint’’ / under this assumed condition is
given by Eq. (4.5.5):

1=S+f] +f2 +ts+6l +62_(rb_r1)01 +(r2_r1)95_(rb_r2)62 (4.5.10)

The ““length of the joint’’ is defined as the distance between the back ends
of the two flanges at the bolt circle radius.

(e) Next, assume another value of ¢ (close to the value assumed in (a)),
say ¢’; and, following the steps (a) through (d), compute the
corresponding bolt length /”.

(f) The “‘joint stiffness’’ K is then defined as:

K= 4.5.11)

(g) The correct bolt stress is one for which the ‘‘joint length’’ and ‘“bolt
length’’ are equal. Let (/, + N) denote the correct value of bolt and
joint lengths. The corresponding bolt stress is

0, =0y + >\Kb

Since bolt stress o corresponds to joint length /, the bolt stress
corresponding to /, + Ais

0."=(p+\—DK+o0

g.’ must equal o, for convergence. Hence oy + NK, = o + K ([, +

or
_ K(lo—l)+0'_00

A
Kb _K

4.5.12)
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where the bolt stiffness K, is defined by:

E,
K== (4.5.13)
lo
Thus the corrected bolt stress, g, is given by:
o.=0,+K,\ 4.5.14)

If the gaskets behave as (or are modeled as) linear springs, then Eq. (4.5.14)
gives the correct bolt stress. If, however, the gasket load-deflection
relationship is non-linear, then further iteration is necessary. In the latter
case, ¢ is set equal to ¢, in step (a) above, and the procedure is repeated.
Convergence is obtained when the assumed bolt stress ¢ (step a) equals the
corrected stress o, (step g) within a prescribed tolerance.

We can describe qualitatively our procedure by referring to Fig. 4.5.1
which shows bolt stress o plotted against joint length / and bolt length /,. As
o increases, the joint length / decreases, while the bolt length /, increases
(linearly). The procedure in Step I simply provides a quantitative approach
to finding the intersection of the two curves.

Having determined the correct bolt stress, o, the remaining quantities of
interest, such as 0,, 6, and 6, follow from the ring rotation equations which
are given symbolically in Eq. (4.5.9).

The edge gap ¢, under the service condition can now be determined by
writing

€ =€ +6, ~6,°—(b—r)0,-0,—0,°+6,°) (4.5.15)

where Eq. (4.5.6) determines ¢.

“Joint Length" or Bolt length ——

Bolt stress ——=
Fig.4.5.1. Variation of bolt length and joint length with bolt stress.
If ¢, > 0 then the assumption for zero edge load made in the beginning is

verified, and the results obtained above from Step I are established to be
correct. However, if ¢, < 0, then the edge force F, and corresponding bolt
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stress ¢ have to be determined to satisfy the edge condition of zero
penetration (i.e., ¢; = 0). The method to obtain this is described in Step II.

Step II: As determined above, the bolt stress ¢ may correspond to a
negative edge gap ¢,. We imagine now that the edge gap ¢, is an implicit
function of o and F, and that we will change the negative edge gap ¢, by
‘‘adding’’ an increment Ae, obtained by a change in ¢ and F,. Therefore, it
(e,) is written symbolically as

€1 =Bl (aaFe) (4.5.16)
then
9B, 9B,
+ Ae; = —1 A AF, 4.5.17
€ € =€ + 30 |0 o+ oF, lr,—o &% ( )

Since we wish to determine Ag, AF, to enforce the requirement that ¢, +
Ae, = 0, then the incremental changes must satisfy the equation

), 5
do lo dF,

Similarly, the “‘joint length’’ / is an implicit function of ¢ and F, (via Egs.
(4.5.9) and (4.5.10)). Hence:

AFe= —¢ (4518)

=0

Fe

I=B,(o,F,) 4.5.19)
The bolt length /, corresponding to bolt stress o is
=z (4.5.20)
E,
Hence:
_ (o—a0)ly

r=I1—1,=0,(c,F,) =1, 4.5.21)

E,
At the solution point, the joint length must equal the bolt length; i.e.,
7=0.
Thus the increments in ¢ and F, required to make 7 zero must satisfy the
equation:

B, B,
= 22— 2 VAg+ 2
T <60 E,,> ot oF,

Equations (4.5.18) and (4.5.22) are solved for A¢ and AF,. Then the
corrected value of ¢ and F, are:

AF, (4.5.22)

Fe=0

0. = o+Ac
(4.5.23)
Fe = AFé

If ¢, and 7 are zero (within a specified tolerance) corresponding to the
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corrected values of bolt stress and edge load, then convergence is achieved.
Otherwise, this process is repeated, until convergence is obtained. The rate
of convergence depends on the non-linearity of the gasket stress-strain
curve.

4.6 LEAKAGE AREA

The gasket ribs compressed by the pass partition plates relax when the
tubesheet and the channel flange undergo additional rotations due to the
effect of pressure loadings. The ribs, however, possess limited resilience,
usually in the order of a few thousands of an inch. If the channel pressure is
sufficiently greater than the shellside pressure, then as stated before, a
narrow gap between the pass partition plate and the gasket surface may be
formed. The mathematical expressions to evaluate the leakage area and
magnitude of the associated leakage stream are formulated in the following.
We assume that the flange rotations and the tubesheet displacement have
been determined for the seating condition and for the service condition.

It can be readily verified from Fig. 4.6.1 that the rib thickness under the
seating condition at radius r is given by:

A(N)=8"+w (N +(r,—-1)0,° rza/-0.5
=8," + W0 (N +(r, —a{ +0.54,)6,°; r=a{—0.5t, (4.6.1)

where w°(r) is the tubesheet deflection with respect to the gasket at r=r,,
and 6,° is the rotation of the channel flange. These quantities are defined by

DEFORMED BOLT CENTERLINE

BONNET
FLANGE

DEFORMED
TUBESHEET

Fig. 4.6.1. Rib thickness under seating condition.

Eqgs. (4.3.18) and (4.5.3), respectively. It is to be noted that the superscript
““0”’ is appended to indicate that all these quantities are evaluated for the
seating condition. The distance of the pass partition plate from the gasket
rib seating surface, A(r) under the operating condition is also represented
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by Eq. (4.6.1) with the superscript *‘0’’ deleted. Thus the net gap { at radius
ris given by:

() = AN-A(N-o(0), if §>0
=0 if £<0 4.6.2)

where ¢(r) is the rib “‘spring back’’ at radius . We note that ¢ is usually a
rather complex, and often unknown, function of A°, rib width, filler
material, etc.

Having established the gap width { as a function of r, the net gap area,
A, , under any pass partition plate is given by direct integration. Simpson’s
formula for numerical quadrature [4.6.1] is found to yield quite accurate
results with relatively few (11 to 21) nodal points.

Once the leakage area A, is determined, the leakage rate Q; is given by:

o, =V, A/ (4.6.3)

where V, is the bulk leakage velocity. ¥, depends on the pressure drop
across the gap, the shape of the flow constriction, etc. Its magnitude can be
estimated as follows.

The total pressure drop across the pass partition lane may be viewed as
consisting of three components, namely: (i) friction loss; (ii) contraction
loss; and (iii) expansion loss. Thus;

© (4.6.4)

p 2g

where p is the density of the fluid, D is the characteristic gap dimension
(maximum width) and L is the length of the constriction. For a tubesheet
without pass partition grooves, L is equal to the pass partition plate
thickness. fr denotes the friction factor. Recognizing that the ratio of the
constriction flow area to the channel flow area will be a very small quantity,
the values of K, and K, can be defined by simple expressions. Kays [4.6.2]
has shown that for high Reynolds number and for very small area ratio, the
coefficient K, approaches unity regardless of the shape of the gap. K, may
be approximately defined as:

1-2C.+C.*(2K,—1)
C 2

where, for small area ratios, the jet area ratio C, is equal to 0.6. Sub-

stituting for C, in Eq. (4.6.5) yields:

K.=2K,~1.56 (4.6.6)

K.= (4.6.5)

The momentum distribution coefficient K, is defined by a semi-empirical
relationship [4.5.2] in terms of the friction factor fr; the relation is

K,;=0.75(4fF) +0.024(4/)*° + 1 4.6.7)
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Substituting for K, in Eq. (4.6.6) yields for K, the result

K. =0.44+1.5(4fr) +0.048(4fx)** (4.6.8)
Finally, the friction factor f may be estimated by the expression
fr=0.049Re "2 (4.6.9)

where Re is the Reynolds number associated with the leakage stream. We
note that since fr and K, in Eq. (4.6.4) depend on the flow velocity via the
Reynolds number, the computation of ¥V, requires a trial-and-error
procedure.

4.7 TWO EXAMPLE PROBLEMS

The aforementioned design procedure has been computerized for ef-
ficient design computation. The program is discussed in Section 4.8. Here
we show application of the method to two joint configurations.

4.7.1 Classical Three Element Joint

Consider a typical two-pass U-tube heat exchanger designed in ac-
cordance with conventional codes. The flanges, shell and channel are
designed using the ASME Code Method (Section 3.11) and the tubesheet is
designed in accordance with the TEMA standards [4.1.1]. The following
design data is relevant to the analysis (refer to Figs. 4.3.1, 4.4.1, to the
necessary design equations in the previous sections, and to the nomen-
clature at the end of the chapter):

(a) Channel flange: SA182-F304 material, a,” = 22.81" o, = 0.2, x;, =
4.38”,x, =5.63",f, =6",b,’=4.13",d, = 2.3125", b = 26.5",
E', =30 x 10° psi, »," = 0.3, ¢, = 1.33”, ¢, = 0.88”,r, =
23.92”. We note that this flange was used for illustration of the
ASME Code Method in Section 3.11.

(b) Shell flange: SA105 material, @, = 22.81", o, = 0.22, x; = 1.69”,
x, =281",f,=4.75",b," = 3.88",d, = 2.3125", E,” = 30 X
10% psi, »’, = 0.3,¢c, = 1.33",¢, = 0.375",r, = 23.92”,

(c) Bolts: n = 52, A, = 0.929 sq. in., r, = 25.25”. The bolt seating
stress g, is taken equal to 35,000 psi. Bolt material Young’s modulus
is 30 x 10° psi.

(d) Tubesheet: SA515-Gr70, a = 22.3”, E, = 6.4 x 10° psi, », = 0.39,
E,= 29 x 10° psi, », = 0.3. Allowable stress S for the tubesheet
material = 16,940 psi.

The effective elastic constants E and v are taken from the ASME Code
[4.1.2] and are based on a ligament efficiency equal to 0.283. (0.6718”
(expanded) tube I.D. on 0.9375” pitch).

The TEMA [4.1.1] rule for calculating thickness (for TEMA R, C, or B)



4/ Tubesheet Sandwiched Between Two Flanges 179

for this tubesheet gives ¢, = 1.25 r; (p,/S)” = 5.625”. The tubesheet will
be assumed to be 5.625” thick in both perforated and solid rim regions.

(e) Gaskets: Both gaskets have an effective width of 0.354”, and are
compressed to 0.125” under the seating condition. The unloading
stiffness is based on unloading the gasket linearly to zero stress in
0.01”. The rib relaxation range ¢ (Eq. 4.6.2) is also assumed to be
0.01”.

(f) Miscellaneous: p, = 600 psi, or p, = 150 psi, Ap = 20 psi. Thickness
of pass partition plate, L = 0.5”, p = 62.4 Ib/ft*, u = 0.517 cen-
tipoise.

The solution procedure described in Sections 4.2-4.6, and implemented
in the computer code TRIEL, yields a maximum tubesheet moment at r =
0, equal to 43,440 Ib inch/inch. Using Eq. (4.3.20), the bending stress in the
tubesheet is found to be 29,100 psi. This indicates that the TEMA designed
tubesheet may be overstressed for this class of problems.

Table 4.7.1 gives the longitudinal hub stresses and tangential ring stresses
in the channel and shell flanges for g, = 35,000 psi using the Taylor Forge
Method (ASME Code). The gasket seating stress y and gasket factor m used
to quantify the gasket characteristics are assumed to be 9000 psi and 3,
respectively. The longitudinal hub membrane stress due to internal pressure
is purposely not included in the stress analysis results since the ASME Code
Method does not include it. We note that for o, = 35,000 psi, the channel
flange stresses given by the Taylor Forge Method (ASME Code) are
generally unconservative, but within a tolerable range of error.

The results for the shell flange, however, show a startling discrepancy
between the two solutions. The results of the ASME Code calculation
appear to be serious under-predictions. The reasons for this lie in the basic
assumptions made in the Code flange design practice. The main cause of the
discrepancy in the seating condition stresses is due to the ASME code
sanctioned practice of computing the seating condition moment based on
the average of the required gasket seating load and the available bolt load.
It should be added here that the designer is urged to use the ‘full available
bolt load’’ in computing the seating mode moments whenever the con-
ditions so warrant. Unfortunately, this suggestion is generally unheeded in
the industry, understandably for reasons of economy.

The aforementioned discrepancy under the pressurized condition is
ascribed to a more fundamental reason. The ASME code assumes that the
gasket surface pressure drops to m times the hydrostatic pressure under the
pressurized condition. In a three element joint, this assumption may be
completely untrue for the low pressure gasket (shellside). As a matter of
fact, the shell gasket surface ‘residual’’ pressure may even exceed the
seating condition pressure. This is demonstrated by numerical results later
in this section.

Corresponding to 6, = 35,000 psi, the diametral leakage area A, is
computed to be 1.65 sq. in. Following the method given in Section 4.6, the
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leakage velocity V, is calculated to be approximately 40 ft/sec which yields
a leakage rate equal to 0.11 x 10° pounds per hour. This leakage rate
represents 6% of the total tubeside flow rate in the heat exchanger. The
significance of a leakage ratio of this proportion should not be lost on a
heat exchanger designer. Depending on the degree of co-currency of the
heat exchanging media, traditionally measured by the so-called ‘‘tem-
perature correction factor’’, a leakage rate of this magnitude can drastically
lower the effective log mean temperature difference, and affect the ex-
changer heat duty. Evidently, the quantity of the leakage as well as its
damaging effect will be more aggravating in multiple tube pass exchangers
containing several pass partition lanes.

Table 4.7.1. Comparison of ASME Code Method with Stress Analysis
Method for a Three-Element Joint

Channel Flange Shell Flange
Bolt Hub Long. Flange HubLong. Flange Method of
Condition stress bending ring bending ring  Computation*
Seating ] 35,000 16,580 6,360 31,030 15,690 I
Condition 35,000 13,620 8,046 14,600 9,990 11
Pressurized | 38,470 s 21,900 12,090 34,920 20,050 I
Condition 35,000 18,728 11,063 9,900 6,780 I

* Computation Method I means results are obtained using the stress analysis technique
described in this chapter; more specifically, using computer program TRIEL. Com-
putation Method II means the results are obtained using The ASME Code Method as
programmed in the code FLANGE (Chapter 3).

T Recall that The ASME Code Method assumes that the bolt load remains unchanged when
the joint is pressurized.

4.7.2 Controlled Metal-to-Metal Contact Joint

The foregoing observations illustrate the inherent weaknesses in the
current formula-based design methods for flanges and tubesheets. We will
next explore the relative advantages and disadvantages derived by allowing
“‘controlled”’ metal-to-metal (MTM) contact, beyond the bolt circle,
between the mating surfaces on the high pressure side (channel side).
Physical reasoning suggests that the edge contact force generated by MTM
will reduce the tubesheet deflection, maximum tubesheet stress, and also
channel flange stress. Its effect on the residual bonnet gasket pressure,
however, is not readily surmised. To derive the maximum benefit from the
MTM condition on the high pressure side, the mating surfaces on the low
pressure side (shell side) are assumed to be machined such as to preclude any
metal-to-metal contact beyond the bolt circle.

To fix ideas, we investigate the impact of varying o, and ¢, (edge gap
under the seating condition) on the following field quantities:

@) Service bolt stress o, and edge load, F,
(i) Residual bonnet and shell gasket pressures
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(iii) Tubesheet stress

(iv)  Channel flange hub and ring bending stresses
(v)  Shell flange hub and ring bending stresses
(vi) Leakage area

(i) Service bolt stress o, and edge load F,: The computation of the service
bolt stress is important in the calculation of the fatigue life of the bolts; this
is especially true in the units subject to a high frequency and amplitude of
fluctuations in their operating pressures. Figure 4.7.1 shows the variation of
the bolt service stress with the bolt prestress for the example problem.
Results for different values of the edge gap ¢, are reported. It is observed
that the service bolt stress o may exceed the prestress g, by over 20% for ¢
=0. The increase is smaller for ¢, >0, the minimum increase corresponds to
the no “MTM” condition (not plotted in Fig. 4.7.1). The relationship
between ¢ and o, for a given ¢, is almost linear. This linear result is,
however, due to the piecewise linear gasket stiffness characteristics assumed
in this problem.

These results indicate that the range of bolt axial stress variation is more
severe for the controlled MTM condition than for the no edge contact
condition.

(ii) Residual bonnet and shell gasket pressures: The residual gasket
pressures are the key variables which determine the leakage potential.

43.00

€ =0.005"

41.00

€ =0.006"

39.00

iy

SERVICE BOLT STRESS, o 10-(psi)
37.00

35.00

.00

33

[~]
o
wl .
"b4.00 28.00 32.00 . 36.00 40.00 44.00 48.00
SEATING CONDITION BOLT STRESS, g, x 10-*(psi)

Fig. 4.7.1. Variation of o with o, for various ¢,.
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Figures 4.7.2 a, b show the bonnet gasket lineal force F;, and the shell
gasket lineal force F),, respectively, plotted against the edge clearance ¢,
with o, as the parameter. F, is seen to decrease as the gap ¢, is decreased,
and F, asymptotically approaches the value corresponding to the ‘‘no-
MTM?”’ condition as ¢, is increased. These asymptote values are denoted in
Fig. 4.7.2 a,b. Thus the MTM condition reduces F;; this is a disadvantage
of the concept since F, directly affects the joint leakage. However, this
decrease in F; can be mitigated if o, is increased. F,, however, is a weak
function of ¢,. F, increases with decreasing €, and may indeed exceed the
seating condition value, F,°, in some cases. Thus, although there is no
possibility of leakage past the shell gasket, there may be a possibility of
crushing it due to excessive surface pressure, specially for high o, and small
€o.
(iii) Tubesheet: The maximum moment in the tubesheet (equivalent
plate) under the pressurized condition is always found to occur at the center
(r = 0) in the example considered, indicating that the edge constraint
provided by F, is not strong enough to simulate a built-in edge condition.
Figure 4.7.3 shows that the radial moment M,,,, decreases rapidly in a
linear manner with ¢,. For o, = 35,000 psi, the tubesheet maximum
moment is reduced by approximately 20% from the no-MTM condition to
the condition of zero edge gap, ¢, = 0. Increasing o, is also seen to reduce
Mr(max) .

(iv) Bonnet flange stresses: The maximum longitudinal hub moment,
M, , and the ring tangential bending stress ¢, are plotted in Fig. 4.7.4 a,b for
the pressurized condition. As witnessed in the case of the tubesheet, the
bonnet flange stresses reduce rapidly with reduction in ¢,. For g, = 35,000
psi, the bonnet flange ring and hub stresses are reduced by nearly 25% and
36%, respectively, from the no-MTM condition to the zero edge gap
condition (¢, = 0). Increasing g,, however, increases the flange stresses.

(v) Shell flange stresses: The shell flange hub moments, and ring stresses
under the pressurized condition, are plotted in Fig. 4.7.5 a, b. These plots
show that the shell flange stresses increase with decreasing ¢,. However, the
increase is moderate. For example, for g, = 35,000 psi, the hub moment
and ring stress increase by under 7% for ¢, = 0, over the no-MTM con-
dition.

(vi) Leakage Area: The diametral leakage area is plotted in Fig. 4.7.6. 4,
is seen to decrease rapidly with ¢,. It reaches a minimum at ¢, = 0.

The foregoing observations are based on the numerical study of a typical
bolted joint. Therefore, the conclusions are at best qualitative, since the
joint response is strongly predicated on the physical dimensions of its
elements, and the gasket stress-strain relationships. The inferences derived
herein should not be construed to be of universal applicability, although
they represent the typical behavior of bolted joints used in the current in-
dustrial practice. The important fact is that with the use of the computer to
carry out the various computations, examination of the characteristics of
any joint configuration becomes a routine design effort.
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4.7.3 Observations

The following main conclusions can be derived from the preceding
example problem [4.7.1, 4.7.2].

i. The tubeside leakage stream can be a cause of deterioration in the
exchanger performance. In addition to lowering the tubeside film
coefficient, it also drives down the effective Log Mean Temperature
Difference (LMTD).

ii. The flange for the low pressure chamber (shell side flange in our
model) may be grossly overstressed if sized using the Taylor Forge
Method (see Section 3.11).

iii. The stresses in the high pressure side flange are also generally higher
than those predicted by the ASME Code. The underdesign is more
pronounced if higher (than customary) values of bolt prestress are
assumed.

iv. Increasing the bolt prestress increases the stresses in the flanged joint
elements. It, however, has a minor effect in reducing the leakage
area.

To alleviate the state of overstress in the flanged joints, and to reduce the
leakage area, the concept of controlled metal-to-metal contact can be
utilized [4.7.1-2]. Under the seating condition, a deliberate gap, ¢,, between
the bonnet flange (high pressure side) and tubesheet at their outer edge is
prescribed. Upon pressurization, this gap diminishes. Depending on the gap
size prescribed and on the applied pressures, this gap may diminish to zero,
and an edge contact force may even be developed. This edge contact force
exerts a counter moment on the tubesheet and on the channel flange, and
thus reduces the stress levels in these members. By suitably adjusting ¢,, the
edge contact force may be generated at just the right stage of pressurization.
The MTM condition, however, does reduce the bonnet gasket residual
pressure. This deficiency can be overcome by employing a higher bolt
prestress, or more bolts. The shell flange stresses, however, sustain a
moderate increase as the bolt prestress is increased. The major gain is
registered in drastically reducing the leakage area. The leakage area is found
to be the minimum at ¢, = 0 in the sample problem studied.

In short, the concept of a ‘‘controlled’’ metal-to-metal contact beyond
the bolt circle in conjunction with a high bolt prestress may be utilized to
mitigate the tubeside interpass leakage and to reduce the stress levels in the
bonnet flange and the tubesheet.

The main theme of the utilitarian aspects of the “MTM’’ concept for
three element joints hinges on the fact that the channel pressure is much
higher than the shell pressure, i.e., p, >>p,. However, if the converse is
true (p, >p;), then tubeside leakage is obviously not a problem. In this
latter case, the motivation of the analyst will be to reduce tubesheet and
shell flange stresses by examining ‘‘controlled’’ MTM between these two
members. The analysis procedure will remain unchanged (with subscripts 1
and 2 now_representing shellside and tubeside flange parameters, respec-
tively).
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PROGRAM TRIEL

COMPUTES STRESSES AND DEFLECTIONS IN A THREE ELEMENT JOINT
(TWO FLANGES AND TUBESHEET)

FORTRAN VARIABLES:

***INPUT LIST : INPUT ALL DATA IN CONSISTENT UNITS***

TITLE: TITLE FOR PROBLEM; ANY ALPHANUMERIC-80 CHARACTERS LONG

...FOR BOLT DATA...
MCOND: LOADING OPTION; =1 FOR SEATING CONDITION ONLY,
>1(SAY 2) FOR SEATING AND OPERATING CONDITONS
N : NO. OF BOLTS
SIG : INITIAL PRESTRESS IN BOLTS
AROOT: ROOT AREA OF EACH BOLT
RB : BOLT CIRCLE RADIUS
DSC : OFFSET OF CHANNEL HUB CENTER W.R.T. BOLT CENTERLINE
DSS : OFFSET OF SHELL HUB CENTER W.R.T. BOLT CENTERLINE
EB : YOUNG'S MODULUS OF BOLT MATERIAL
...FCR GASKET DATA...
R1 : EFFECTIVE CHANNEL GASKET RADIUS
ES1 : EFFECTIVE GASKET WIDTH (CHANNEL SIDE)
S1 : MEAN SHELL GASKET RADIUS
GS1 : EFFECTIVE GASKET WIDTH (SHELL SIDE)
STIF1: CHANNEL GASKET STIFFNESS
STIF2: SHELL GASKET STIFFNESS
DELC : THICKNESS OF CHANNEL GASKET UNDER SEATING CONDITION
DELS : THICKNESS OF SHELL GASKET UNDER SEATING CONDITION
...FOR CHANNEL FLANGE DATA...
EC : CHANNEL FLANGE YQUNG'S MODULUS
ASC : CHANNEL MEAN RADIUS
ALFAC: HUB SLOPE (CHANNEL)
X0C : DISTANCE OF SMALL END FROM THE POINT OF ZERO THICKNESS
XHUBC DISTANCE OF LARGE END " "
TC : CHANNEL THICKNESS
FC : RING THICKNESS
...FOR SHELL FLANGE DATA...
ES : SHELL FLANGE YOUNG'S MODULUS
ASS : SHELL MEAN RADIUS
ALFAS: HUB SLOPE(SHELL)
X0S : DISTANCE OF SMALL END FROM THE POINT OF ZERO THICKNESS
XHUBS: DISTANCE OF LARGE END " "
TS : SHELL THICKNESS
FS : RING THICKNESS
..FOR TUBESHEET DATA...
A : INTERFACE RADIUS
B : OUTER RADIUS
T : TUBESHEET THICKNESS
El : EQUIVALENT YOUNG'S MOD. OF PERFORATED REGION
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OOOOOOOCO OO0

OO0

E2 : YOUNG'S MOD. OF TUBESHEET MATERIAL

PR1 : EQUIVALENT POISSON'S RATIO OF PERFORATED REGION
PR2 : POISSON'S RATIO OF TUBESHEET MATERIAL

...FOR PRESSURE DATA...

PC : TUBESIDE PRESSURE

PS : SHELLSIDE PRESSURE

...FOR MISCELLANEQUS DATA...

UNLOAD : GASKET UNLOADING RANGE; ALSO A SENTINEL IF NEGATIVE
EPSO : EDGE SEPARATION IN SEATING CONDITION

FED : EDGE LCAD UNDER SEATING CONDITION

OTHER PRINCIPAL VARIABLES:

BRC : CHANNEL FLANGE RING WIDTH

BRS : SHELL FLANGE RING WIDTH

CSC :RADIAL DISTANCE OF BOLT CENTER LINE FROM EFF. BONN. GSKT CIRCLE
CSS :RADIAL DISTANCE OF BOLT CERTER LINE FROM SHELL GSKT EFF. CIRCLE

***RESULTS HAVE UNITS CONSISTENT WITH THOSE OF INPUT DATA***
hhkhkkhkkhkkkhkhkkkkkdhkhkhkhkkhkhkhkkhkhkkrhkhkhhkhkhkhkhkhkrhkhkkhkkhkkrhkhkhkikkk
DIMENSION DISP(20),GAP(20),RT(20),THICK(20),TITLE(20)
COMMON/KPS/JPAR
COMMON/MJH/DISP
COMMON/FOUR/CED
*hkkkkkkhkkkhkhkkhhkkhkkhhkhkhkhkhrhhkrkhkhkhkhkkhkhkhkhkkhhkhhkhkrkhkkhkhkhkkhkx
...STATEMENT FUNCTIONS...
FF(SIGMA,P,RAD,FEDGE)= (SIGMA*AROOT*N-3.14159*P*RAD*RAD)
1 /(6.283185*RAD) -FEDGE *B/RAD
ELEN(TH1,TH2,THT,DEL1,DEL2) = FC+FS+T -CSC*THL -CSS*TH2 +
1 (S1-R1)*THT + DEL1 +DEL2
EPS(DEL,TH1,THT) =EPSO + DEL-DELC-(CED+CSC)*(TH1-THT-THAL+THAT)

AAKKKK A KKK KKEAKA KKK AR KR AKRARRARA I ARk R h kA kA AR h A kA hhkkhkhkhkhkhhkx

...SET THE FOLLOWING...

TOL = 100.
PRC = .3
PRS = .3

KKK KKEEAKRR KA KRR KA KRR AAR AR A AA R KA A RA KRR KRR A AR KA ARk hkhkhkkhhkdkdk

...GIVE HEADING FOR PROBLEM...

READ(5,5) (TITLE(I),I=1,20)
5 FORMAT(20A4)
**kINPUT DATA***
...FOR BOLTS...

READ(5,*) MCOND,N,SIG,AR00T,RB,DSC,DSS,EB
...FOR GASKET...

READ(5,*) R1,ES1,S1,G651,STIF1,STIF2,DELC,DELS
...FOR CHANNEL FLANGE...

READ(5,*) EC,ASC,ALFAC,X0C,XHUBC,TC,FC
...FOR SHELL FLANGE DATA

READ(5,*) ES,ASS,ALFAS,X0S,XHUBS,TS,FS
...FOR TUBESHEET...

READ(5,*) A,B,T,E1,E2,PR1,PR2
...FOR PRESSURES...
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IF(MCOND .NE. 1) GO TO 40

= 0.0
PC = 0.0
GO TO 43

40 READ(5,*) PC,PS
43 CONTINUE
. .MISCELLANEQUS DATA...
1 READ(5,*) UNLOAD,EPSO,FED
..SET SENTINEL FOR END OF RUN...
IF(UNLOAD.LT.0.) GO TO 1001

Kk hkhkhkhkhkkhkAKhkA KA Rk hkkkhkkhkkhkhkkhhkhhkkhhhkkkkkhkkkhkhrhkhrhhhkdx

..COMPUTE OTHER DIMENSIONS...

CED = B-RB

BRC = B-ASC+0.5*TC

BRS = B-ASS+0.5*TS
C= B-.5*BRC

RMS=B-.5*BRS

CSC = RB-R1

CSS = RB-S1

FhkhkAKKhkhkhhkAkAKXKKAAAAKk KRRk hh kI rhhhkhkkhkkkkkkkkkhkkhkkkhkhhkhxkk

..PR

INT HEADING...

WRITE(6,6) (TITLE(I),I=1,20)

6 FOR
..PR

I
MAT(1H1,5X,20A4)
INT INPUT DATA...

WRITE(6,21) MCOND,N,SIG,AROOT,RB,DSC,DSS,EB,R1,ES],S1,GS1,

+

STIF1,STIF2,DELC,DELS

21 FORMAT(lHO’15X,"***************INPUT DATA***************"//

+20X," BOLT DATA "/

+6X,"LOADING OPTION coviivnescnencnnens ceesssscane .. =",110/
+6X,"NO. OF BOLTS ceeveveececcnccrcnscscsccncncnnnns =",110/
+6X,"BOLT PRESTRESS cevveenrenncsoocsccascnnsanccnns =",F10.1/
+6X,"ROOT AREA PER BOLT ceeveccecnercesceccncccccncs =",F10.3/
+6X,"BOLT CIRCLE RADIUS +eeieereeneronccrnonccsnnans =",F10.3/
+6X,"CHANNEL HUB CENTER OFFSET W R.T BOLT CENTERLINE =",F10.4/
+6X,"SHELL HUB CENTER OFFSET W.R.T BOLT CENTERLINE . =",F10.4/
+6X,"YOUNG'S MODULUS OF BOLT MATERIAL «evevvennncene =”,E10.3//
+20X," ___GASKET DATA "/

+6X,"EFFECTIVE CHANNEL GASKET RADIUS ...veeeecencen. =",F10.3/
+6X,"EFFECTIVE CHANNEL GASKET WIDTH sevvveeeeceecnn. =",F10.3/
+6X,"EFFECTIVE SHELL GASKET =~ RADIUS .eveiieveeeenen. =",F10.3/
+6X,"EFFECTIVE SHELL GASKET  WIDTH ........ ceriaens =",F10.3/
+6X,"CHANNEL GASKET STIFFNESS.civeeeerisrcncccnnenns. =",E10.3/
+6X,"SHELL GASKET STIFFNESS teveieceseereennceanensen =",E10.3/
+6X,"CHANNEL GASKET THICKNESS UNDER SEATING CONDITION=",F10.3/

+6X,

"SHELL  GASKET THICKNESS UNDER SEATING CONDITION=",F10.3/)

WRITE(6,22) EC,ES,ASC,ASS,ALFAC,ALFAS,XOC,XOS,XHUBC,XHUBS,

+ TC,TS,FC,FS

22 FORMAT(15X," CHANNEL AND SHELL FLANGE DATA “/
+6X,"FLANGE YOUNG™S MODULUS : CHANNEL, SHELL ....... =",2E10.3/
+6X,"MEAN RADIUS : CHANNEL, SHELL ..cvevevcannns =",2F10.3/
+6X,"HUB _SLOPE : CHANNEL, SHELL «eccevceaceees =",2F10.3/
+6X,"DISTANCE OF SMALL END OF HUB FROM POINT OF "/
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+6X,"ZERO THICKNESS : CHANNEL, SHELL vuevveecoccnaces =",2F10.3/
+6X,"DISTANCE OF LARGE END OF HUB FROM POINT OF "/
+6X,"ZERO THICKNESS : CHANNEL, SHELL vecevereencncss =",2F10.3/
+6X,"THICKNESS : CHANNEL, SHELL ..evveveecnen ... =",2F10.3/
+6X,"RING THICKNESS : CHANNEL, SHELL wivevrecacnnss =",2F10.3/)

WRITE(6,23) A,B,T,E1,E2,PR1,PR2,PC,PS,UNLOAD,EPSO,FED
23 FORMAT(20X," TUBESHEET DATA "/

+6X," INTERFACE RADIUS +ivevencvereceacsnscsvsnscnnse =" F10.3/
+6X,"OUTER RADIUS tetvveerrecccacosencsncocssnncnnse =", F10.3/
+6X,"THICKNESS teeeereevenscessscosocssacosssnnannns =",F10.3/
+6X,"EQUIVALENT YOUNG' S MOD OF PERFORATED REGION .. =",E10.3/
+6X,"YOUNG'S MODULUS OF TUBESHEET MATERIAL .e.vevew. =",£10.3/
+6X ”EQUIVALENT POISSON'S RATIO OF PERFORATED REGION =",F10.3/
+6X,"POISSON'S RATIO OF TUBESHEET MATERIAL +vvivevees =",F10.3//
+20X," PRESSURES '/

+6X,"TUBESIDE PRESSURE 4evieeececsnncncscscscansosnes =",F10.1/
+6X,"SHELLSIDE PRESSURE +.vvverereenecanencscansonne =", F10.1//
+20X," MISCELLANEOUS DATA "/

+6X, "GASKET UNLOADING RANGE «eevvveeensnssocescennne =",F10.3/
+6X,"EGDE SEPARATION UNDER SEATING CONDITION ....... =",F10.3/
+6X,"EDGE LOAD UNDER SEATING CONDITION sieevececocss =",F10.1//
+6X , ok kAR AAAAR A A AR KA A A AR KA Ak hkhk kA khkkkkhkkkhkkhhkhkhhkhkhkhkkhrk!! )

C

JPAR= 0
WRITE(6,6) (TITLE(I),I=1,20)
C  CALCULATE ROTATION OF BONNET FLANGE
WRITE(6,51)
51 FORMAT(lHO s 1 5X , “***************RESULTS***************“//
+21X, "ttt
+21X,"+++ SEATING CONDITION +++"/21X,"+++++++++ttttttttttttt+++"//)
WRITE(6,52)
52 FORMAT(1HO,5X,"(A) BONNET FLANGE"/10X,"============="/)
45 FFCO = FF(SIG,0.,R1,FED)
CALL FLG(EC,PRC,ASC,0.0,ALFAC,X0C,XHUBC,TC,BRC,FC,CSC,FFCO
1 ,DSC,THALl,FED,RMC,RB)
C  CALCULATE ROTATION OF SHELL FLANGE
WRITE(6,61)
61  FORMAT(1HO,5X,"(B) SHELL FLANGE"/10X,"============"/}
FFSO = FF(SIG,0.,S1,0.)
CALL FLG( ES,PRS,ASS,0.,ALFAS,X0S,XHUBS,TS,BRS,FS,CSS,FFSO,DSS,
1 THA2,0.,RMS,RB)
C CALCULATE TUBESHEET ROTATION

CALL TSHEET(O.,0.,FFCO,FFS0,A,B,R1,S1,T,E1,E2,PR1,PR2,THAT,FED)
C COMPUTE SEATED GASKET THICKNESS

RCI = ASC-.5*TC
DELCO = (R1-RCI)*(THAL-THAT)+DELC
WRITE(6,72).

72 FORMAT(LHO,10X,"THICKNESS PROFILE OF GASKET"/

+ 11X, "o mmmmmmm e "
+ 11X," RADIUS",9X,"GASKET THICKNESS")
DO 70 I=1,11

RT(I) = (I-1)*.1%A
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THICK(I)= DELCO +DISP(I)
70 WRITE(6,71) RT(I),THICK(I)
71 FORMAT(2E20.6)
C  CALCULATE BOLT LENGTH FOR SEATING CONDITION
ELO = ELEN(THA1,THA2,THAT,DELC,DELS)
WRITE(6,62) ELO
62 FORMAT(1HO,5X,"SEATING CONDITION BOLT LENGTH=",F15.6)
C ELO IS ORIGINAL BOLT LENGTH
C COMPUTE OPERATING CONDITION LENGTH (BY ITERATION)
IF(MCOND .EQ. 1) GO TO 1000
I=0
WRITE(6,81)

81 FORMAT(1HL,10X,"++++++++++tttttttttttttttttttttttttttttttttsttt'"/
+11X,"+++PRESSURIZED CONDITION:UNCHANGED EDGE LOAD+++"/
+11X,"+++++++++++++++++++++++++++++++++++++++++++++++")

AKB = EB/ELO
C ESTABLISH PRELIMINARY K
JPAR =1
SIGMA= .9*SIG
FFC = FF(SIGMA,PC,R1,FED)
FFS = FF(SIGMA,PS,S1,0.)
CALL FLG (EC,PRC,ASC,PC,ALFAC,X0C,XHUBC,TC,BRC,FC,CSC,FFC,DSC,THL,
/ FED,RMC,RB)
CALL FLG(E?,PRS,ASS,PS,ALFAS,XOS,XHUBS,TS,BRS,FS,CSS,FFS,DSS,THZ,
/ 0.,RMS,RB
CALL TSHEET(PC,PS,FFC,FFS,A,B,Rl,Sl,T,El,E2,PR1,PR2,THT,FED)
CALL GASKET(FFC,FFCO,UNLOAD,DELC,STIF1,ESL,DEL])
CALL GASKET(FFS,FFSO,UNLOAD,DELS,STIF2,GS1,DEL2)
EL = ELEN(TH1,TH2,THT,DEL1,DEL2)
FUNC = EPS(DEL1,TH1,THT)
SIGMAP = SIGMA
SIGMA = SIG
100 1= I+1
IF (I .GT. 10) GO TO 1000
102 CONTINUE
FFC = FF(SIGMA,PC,R1,FED)
FFS = FF(SIGMA,PS,S1,0.)
IF(JPAR.EQ.0) WRITE(6,52)
CALL FLG (EC,PRC,ASC,PC,ALFAC,X0C,XHUBC,TC,BRC,FC,CSC,FFC,DSC,THL,
+ FED,RMC,RB)
IF(JPAR.EQ.O) WRITE(6,61)
CALL FLG(ES,PRS,ASS,PS,ALFAS,X0S,XHUBS,TS,BRS,FS,CSS,FFS,DSS,TH2,
+ 0.,RMS,RB)
CALL TSHEET(PC,PS,FFC,FFS,A,B,R1,S1,T,E1,E2,PR1,PR2,THT,FED)
CALL GASKET(FFC,FFCO,UNLOAD,DELC,STIF1,ES1,DELL)
CALL GASKET(FFS,FFSO,UNLOAD,DELS,STIF2,GS1,DEL2)
IF(JPAR .NE. 0) GO TO 106

DELCC = (R1-RCI)*(THL-THT)+ DEL1
WRITE(6,101)
101 FORMAT(1H0,18X,"GAP PROFILE"/19X,"-----n=cmu- "y
+ 12X,"RADIUS",15X,"GAP")
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DO 105 J=1,11
GAP(J)= DELCC +DISP(J)-THICK(J)-.01
IF(GAP(J) .LT. 0.) GAP(J)=0.
WRITE(6,71) RT(J),GAP(J)
105  CONTINUE
CALL ALEAK(RCI,A,GAP)
106  IF(JPAR .EQ. 0) GO TO 875

ELL= ELEN(THL,TH2,THT,DEL1,DEL2)
FUNCC= EPS(DEL1,TH1,THT)
AK = (SIGMA~SIGMAP)/(ELL-EL)
DELTA= (AK*(ELO-ELL)+SIGMA-SIG)/(AKB-AK)
EL = ELL
FUNC = FUNCC
SIGMAP = SIGMA
ELL = ELO+DELTA
SIGMA = SIG+AKB*DELTA
DEV=ABS((ELL-EL)/EL)*EB
IF (DEV-TOL ) 205,205,100
205 1F(FUNC.LE.0.) GO TO 875
JPAR=0
GO TO 102
875  CONTINUE
C  DETERMINE IF THE EDGE GAP IS POSITIVE
IF(FUNC.GT.0. .AND. JPAR.EQ.0) GO TO 900
C  OTHERWISE DETERMINE EDGE LOAD FED AND BOLT STRESS SIGMA
FEDP = .O1*FFC+FED
220 WRITE(6,221)
221 FORMAT(LHO,15X,"..... THERE IS EDGE CONTACT..... "/)
SIGMAP = 1.01*SIGMA
C  ESTIMATE DERLVATIVES

ITIME = 0
TAU = 0.
EL = ELL

225 ITIME = ITIME +1

FFC = FF(SIGMA,PC,R1,FEDP)

FFS = FF(SIGMA,PS,S1,0.)

JPAR =1

CALL FLG (EC,PRC,ASC,PC,ALFAC,X0C, XHUBC,TC,BRC,FC,CSC,FFC,DSC,THL,
+ FEDP,RMC,RB)

CALL FLG(ES,PRS,ASS,PS,ALFAS,X0S,XHUBS,TS,BRS,FS,CSS,FFS,DSS,THZ,
+ 0.,RMS,RB)

CALL TSHEET(PC,PS,FFC,FFS,A,B,R1,S1,T,E1,E2,PR1,PR2,THT,FEDP)

CALL GASKET(FFC,FFCO,UNLOAD,DELC,STIF1,ES]1,DELT)

CALL GASKET(FFS,FFSO,UNLOAD,DELS,STIF2,GS1,DEL2)

ELL= ELEN(TH1,TH2,THT,DEL1,DEL2)

FUNCC= EPS(DEL1,TH1,THT)

A12 = (FUNCC-FUNC)/(FEDP-FED)
A22 = (ELL-EL)/(FEDP-FED)

FFC = FF(SIGMAP,PC,R1,FED)
FFS = FF(SIGMAP,PS,S1,0.)

CALL FLG (EC,PRC,ASC,PC,ALFAC,X0C , XHUBC,TC,BRC,FC,CSC,FFC,DSC,THL,
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+ FED,RMC,RB)
CALL FLG(ES,PRS,ASS,PS,ALFAS,X0S,XHUBS,TS,BRS,FS,CSS,FFS,DSS,TH2,
+ 0.,RMS,RB)
CALL TSHEET(PC,PS,FFC,FFS,A,B,R1,S1,T,E1,E2,PR1,PR2,THT,FED)
CALL GASKET(FFS,FFSO,UNLOAD,DELS,STIF2,GS1,DEL2)
CALL GASKET(FFC,FFCO,UNLOAD,DELC,STIF1,ES1,DEL1)
ELL= ELEN(TH1,TH2,THT,DEL1,DEL2)
FUNCC= EPS(DEL1,TH1,THT)
A1l = (FUNCC-FUNC)/(SIGMAP-SIGMA)
A21 = ((ELL-EL)/(SIGMAP-SIGMA))- (EL/EB)
DETER = Al1*A22 - A21*Al2
DELSIG = (-FUNC*A22-TAU*A12)/DETER
DELF = (A21*FUNC +A11*TAU)/DETER
SIGMAC = SIGMA+DELSIG
FEDC = FED+DELF
FFC = FF(SIGMAC,PC,R1,FEDC)
FFS = FF(SIGMAC,PS,S1,0.)
CONTINUE
IF(JPAR.EQ.0) WRITE(6,52)
CALL FLG (EC,PRC,ASC,PC,ALFAC,X0C,XHUBC,TC,BRC,FC,CSC,FFC,DSC,THL,
+ FEDC,RMC,RB)
IF(JPAR.EQ.0) WRITE(6,61)
CALL FLG(ES,PRS,ASS,PS,ALFAS,X0S,XHUBS,TS,BRS,FS,CSS,FFS,DSS,TH2,
+ 0. ,RMS,RB)
CALL TSHEET(PC,PS,FFC,FFS,A,B,R1,S1,T,E1,E2,PR1,PR2,THT,FEDC)
CALL GASKET(FFS,FFSO,UNLOAD,DELS,STIF2,GS1,DEL2)
CALL GASKET(FFC,FFCO,UNLOAD,DELC,STIF1,ES1,DEL1)
FUNCC= EPS(DEL1,THL,THT)
IF(JPAR .NE. 0) GO TO 306
DELCC = (R1-RCI)*(TH1-THT)+ DEL1
WRITE(6,101)
DO 305 J=1,11
GAP(J)= DELCC +DISP(J)-THICK(J)-.01
IF(GAP(J) .LT. 0.) GAP(J)=0.
WRITE(6,71) RT(J),GAP(J)

CONTINUE

CALL ALEAK(RCI,A,GAP)

CONTINUE

IF(JPAR .EQ. 0) GO TO 800
ELL= ELEN(TH1,TH2,THT,DEL1,DEL2)
ELLB = ELO +(SIGMAC-SIG)*ELO/EB
TAU = ELLB-ELL
DEV = ABS(AKB*TAU)

WRITE(6,750) ITIME,ELL,EL,FUNCC,FUNC,SIGMA,SIGMAC
FORMAT (LHO14,6E17.8)
DEVFUN = ABS(AKB*FUNCC)
IF(DEVFUN  .LT. TOL .AND. DEV .LT. TOL) JPAR = 0
IF(JPAR .EQ.0) GO TO 250
EL = ELL
FUNC = FUNCC
SIGMA = SIGMAC
FED = FEDC
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FEDP = FED*1.01
SIGMAP = 1.01*SIGMA
IF(ITIME .GT. 20) GO TO 1000
GO TO 225
800 WRITE(6,801) ELL,SIGMAC,FEDC,DEL1,FFC,DEL2,FFS
801 FORMAT(1HO,5X, “FINAL RESULTS ARE: "/6X "BOLT LENGTH =",E15.8,

1 6X,"BOLT STRESS =",E12.5,6X,"CONTACT LOAD =",E12. 5/6X
2 "COMPRESSED BONNET GASKET THICKNESS =",E12.5,6X,
3 "COMPRESSED BONNET GASKET LOAD =",E12. 5/6X
4 "COMPRESSED SHELL GASKET THICKNESS =",E12.5,6X,
5 "COMPRESSED SHELL GASKET LOAD =",El2. 5)
GO TO 1000
900 WRITE(6,901)
901 FORMAT(1HO,6X,"..... NO EDGE CONTACT..... ")
1000 GO TO 1
1001  STOP
END
G Fkkkkokkkhdkddkk kb dokkkkddok ok ok ok ok ddkokokkkkk ke ok ko kR Rk kA kA kk kR E R R A RAK AR Ak

c
SUBROUTINE TSHEET(P1,P2,F1,G1,A,B,R1,S1,T,E1,E2,PR1,PR2, THETA,FED)
C  CALCULATES DEFLECTION PROFILE OF U TUBESHEET IN A 3 ELEMENT JOINT
DIMENSION DISP(20) , AMR(20)
COMMON/KPS/JPAR
COMMON/MJH/DISP
COMMON/FOUR/CED
AM(R) = -D1*2.*BETA*(1.+PR1) -P*R*R*(3.+PR1)/16.
W(R) = BETA*(R*R - A%A) + P*(R**4-A%*4) /(64.*D1)
P = P1-P2
= B-A
ASTR = .5*(B+A)
Z1 =.25%P*A%H + (F1*(ASTR-R1)*R1-GL*(ASTR-S1)*S1+.25%(R1**2-A%*2)*P]+
1 (2.%ASTR-R1-A)-.25%(S1**2-A**2)*p2*(2 ,*ASTR-S1-A)-FED*(B-ASTR)
1 *B)/A
Dl = E1*T**3 /(12.*(1.-PR1*PR1))
RO = 12.*ASTR*D1*(1+PR1)/(E2*H*T**3)
AMO = (RO*ZI - .125%*P*A*A) /(1. + RO)
BETA = 6.%(AMO -Z1) *ASTR/(E2*H*T**3) - (P*A*A/(32.*D1))
THETA = 12.*ASTR*A* (AMO-Z1) /(E2*H*T**3)
AMRI=AMO-Z1
IF(JPAR .EQ. 1) GO TO 95
WRITE(6,110) F1,61
110 FORMAT(1HO,5X,"(C) TUBESHEET"/10X,"========="//
+6X,"BONNET SIDE UNIT GASKET FORCE =",F10.2/
+6X,"SHELL SIDE UNIT GASKET FORCE =",F10.2)
WRITE(6,120) THETA,AMRI
120 FORMAT(1HO,5X,"RING ROTATION = ",E10.4,5X,"RING MOMENT =",E10.2/)
WRITE(6,130).
130 FORMAT(1HO,8X,"DEFLECTION PROFILE OF TUBESHEET"/
+ 9K Y e e e ny
+6X, "RADIUS", 3X, "DISPLACEMENT", 3X, "RADIAL MOMENT")
DO 100 I=1,11
R= (I-1) *.1*A
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DISP(I) = W(R)
AMR(I) = AM(R)
WRITE(6,30) R,DISP(I) , AMR(I)
100 CONTINUE
95  CONTINUE
30 FORMAT(1X,F10.2,2E15.4)
RETURN
END

C FhKAK KKK IR A IKAKRKKRAKRKKKA KR A KA AR R Ak hkhhhkhhhhkhhkhhkhhkhkhhkhkkhkhkkkhkkik

C
SUBROUTINE GASKET(F,FO,UNLOAD,DELO,STIF,ES,DEL)
C LINEAR LOADING AND UNLCADING MODULI
IF(F .GT. FO) GO TO 20
AMOD = FO/(UNLOAD*ES)
DEL = DELO+(FO-F)/(AMOD*ES)
GO TO 30
20 DEL = DELO-(F-FO)/(STIF*ES)
30  RETURN
END

C KKKKKIRKKIKKKRK KAk A AAkkhkhkkhkhkhkkhkhkhhhkhhhkhkhkhkhkkhhkhkhkkhkhkhkhkhkhkhhkhhk

SUBROUTINE FLG(E,PR,AS,P,ALFA,X0,XHUB,T,BR,F,CS,FF,DS, THETA
1 ,FED,RM,RB)

DIMENSION A(8,8), B(8),G(64)
COMMON/ONE/S1,52,53,54,55,56,57,58
COMMON/TWO/S11,DS11,S12,DS12,S13,DS13,514,DS14
COMMON/THREE/B, PRES
COMMON/KPS/JPAR
COMMON/FOUR/CED
EPS(X) = 2.%*RO*X**.5

C  SHELL PARAMETERS

D= E*T**3/(12.%(1.-PR*PR))

BETA = (3.%(1.-PR*PR)/(AS*AS*T*T))** .25

RO =(12.*(1.-PR*PR) /(ALFA*ALFA*AS*AS))** .25

C  INITIALIZE MATRIX ELEMEMTS

D0 100 I=1,8

B(I) = 0.

DO 100 J=1,8

100 A(I,J) =0.
C  DEFINE MATRIX ELEMENTS

XA= EPS(X0)

CALL SERIES(XA,6)

A(l 1) = 2.*RO*DSI1/XA

2 *RO*DSI2/ XA

2 . *RO*DSI3/XA

2 *RO*DSI4/XA
= 1./(2.*BETA*BETA*D)
-1./(2..*BETA**3%D)

4 *RO**3*S]/XA**3

-4 FRO**3%S2/XAX*3

4 *RO**3%S3/ XA**3
-4 FRO**3*S4 / XAX*3
1./(BETA*D)

B

n o n

3

2
3
4
5
6
1
2
3
4
5

A(1,2)
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1,4)
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A(2,6) = -A(1,5)

A(3,7) =( 6.*RM*RM/(E*BR*F*F))*RM/(RB-DS)

A(3,8) =( 4.*RM*RM/(E*BR*F))*RM/(RB-DS)

A(4,7) =( -12.*RM**2/ (E*BR*F**3))*RM/(RB-DS)

A(4,8) =( -6.*RM*RM/(E*BR*F*F))*RM/(RB-DS)

A(5,1) = S5

A(5,2) = -S6

A(5,3) = S7

A(5,4) = -S8

A(5,5) = 96.*RO*(1.-PR*PR) /(E*ALFA**3*XA)

B(5) = 16.*P *AS*AS*RO*(1.-.5*PR)/(E*ALFA*XA)

A(6,1) = S2

A(6,2) = S1

A(6,3) = S4

A(6,4) = S3

A(6,6) = -48.%(1.-PR*PR)/(E*ALFA**3*R0O*XA)
C  REDEFINE XA

XA = EPS(XHUB)

CALL SERIES(XA,6)

A(7,7) = 96.*RO*(1.-PR*PR) /(E*ALFA**3*XA)

A(8,8) = -48.%(1.-PR*PR) /(E*ALFA**3*RO*XA)

A(3,1) = 2.*RO*DSI1/XA

A(3,2) = 2.*RO*DSI2/XA

A(3,3) = 2.*RO*DSI3/XA

A(3,4) = 2.*R0O*DS14/XA

A(4,1) = 4.*¥RO**3%S1/XA**3

A(4,2) =-4 *¥RO**3%S2/XA**3

A(4,3) = 4.*RO**3*S3/XA**3

A(4,4) =-4 . *%RO**3*S4/XA**3

A(7,1) = S5

A(7,2) = -S6

A(7,3) = S7

A(7,4) = -S8

B(7) = 16.*P *AS*AS*RO*(1.-.5*PR)/(E*ALFA*XA)

A(8,1) = S2

A(8,2) = S1

A(8,3) = S4

A(8,4) = S3

PRES = P*AS*AS*(1.-.5*PR)/(E*ALFA)

B(2) = -PRES/(X0*X0)

C ADD THE ANNULAR PRESSURE TERM TO GASKET LOAD
AMEX= (FF*CS*(RB-CS)/RM)+.5%P*( (RB-CS)**2- (RB-DS)**2) /RM

1 -FED*CED* (RB+CED)/RM+( .5*P*AS*AS*DS/RM)
B(3) = (PRES/(XHUB)) - (P*RM*RM/(E*BR))
1 -(6.*RM*RM* AMEX/ (E*BR*F*F))
B(4) = -(PRES/(XHUB*XHUB)) +
1 (12.*RN**2 *AMEX /(E*BR*F **3))

C  CONVERT A TO A COLUMN VECTOR
DO 200 J=1,8
DO 200 1=1,8

200 G((J-1)*8+I) = A(I,J)

CALL SIMQ(G,B,8,KS)



200 Mechanical Design of Heat Exchangers

IF(JPAR .EQ. 1) GO TO 95
WRITE(6,20) BR,FF
20 FORMAT(6X,"RING WIDTH =",F10.3,5X,"GASKET LOAD =",F10.2////
+10X,"SOLUTION FOR FLANGE. CONSTANTS"/

WRITE(6,250) (B(1),I=1,8)

250 FORMAT(6X,"C1=",E12.4,5X,"C2=",E12.4,/,6X,"C3=",E12.4,5X,
+"C4=" E12.4,/,6X,"M0O=",E12.4,5X,"QU=",E12.4,/,6X,"M3=",E12.4,
#5X,"Q3=" JE12 .4, /6K, o mmmm e m e "/

CALL HUB(RO,X0,XHUB,ALFA,AS,P,E,PR)
95  CONTINUE
CALL RING(DS,F,BR,AS,THETA,AMEX,P,E,PR,RM,RB)
RETURN
END
C Khkhkkkhkhkkhkhkkhkkkhkkhkhkkkhkhkkkkhkhkhkhkkhkkkhkhkhkkhkhkhkkhkkkkhkkkhkkhkkkhkkkkk
c
SUBROUTINE HUB(RO,XO,XHUB,ALFA,AS  ,P,E,PR)
C  COMPUTES DEFLECTION AND STRESSES IN THE HUB
DIMENSION B(8)
COMMON/ONE/S1,52,53,54,55,56,57,58
COMMON/TWO/SI1,DSI1,S12,D512,513,DS13,514,DS14
COMMON/ THREE/B ,PRES
EPS(X) = 2.*RO*X**.5
WRITE(6,10)
10 FORMAT(1HO,20X,"HUB DEFLECTION AND STRESSES'/
+ 21X, e mm e ny
+4X,"LOCN OF POINT",2X,"DISPLACEMENT",5X,"ROTATION",
+5X,"SHEAR FORCE",2X,"BENDING MOMENT",2X,"LONG.BEND. STRESS"/)
XLEN = XHUB-XO
D0 30 I=1,6
X= X0+(I-1) *XLEN*.2
ES = EPS(X)
THIK=ALFA*X
CALL SERIES(ES,6)
DEFF = E*ALFA**3/(48.%(1.-PR*PR))
DISP = ((B(1) *DSI1 + B(2) *DSI2 + B(3) *DSI3 + B(4)*DSI4)*X**(-.5
1 ))-(PRES/X)
ROTN = ((B(1) *S1-B(2)*S2 + B(3)*S3 -B(4)*S4)* .5% 1.0/(X**1.5) )
1 +(PRES/(X*X))
AMX = -DEFF*X**.5%(B(1)*S5 -B(2) *S6+B(3)*S7-B(4) *S8)
)/(6.%(1.-PR*PR))
)*S2 + B(2)*S1 +B(3)*S4 + B(4)*S3)

1 +P*AS*AS*ALFA*ALFA*(1-.5%PR
QX = DEFF*2.*RO*RO*X** 5% (B(1
BENSTR=6.*AMX/ ( THIK*THIK)
WRITE(6,20) X,DISP,ROTN,QX,AMX,BENSTR

20 FORMAT(6E15.5)
30 CONTINUE
RETURN
END

C dkhkhkhkhkhkkhkhkhhhkhkhkhkhkhkhhhhkhhkkhhkhhkhkhhhkhhkhkhkkkhkhkkkkhhkhkkkkhkx
C

SUBROUTINE RING(DS,F,BR,AS,THETA,AMEX,P,E,PR,RM,RB)
DIMENSION B(8)
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C COMPUTES STRESSES IN THE RING
COMMON/THREE/B,PRES
COMMON/KPS/JPAR
W= P*AS*.5
AM =( B(7) + B(8)*.5*F)*RM/(RB-DS)+AMEX
THETA = 12.*RM*RM*AM/ (E*BR*F**3)
SIGTB = 6.*AM*RM/ (BR*F*F)
IF(JPAR .EQ. 1) GO TO 95
WRITE(6,10) AM,THETA,SIGTB
10 FORMAT(1HO,/,6X,"TOTAL RING MOMENT = ",5X,E15.5,/,6X,"RING ",
+“ROTATION =",10X,E15.5,/,6X, "MAX CIR BENDING STRESS = ",E15.5,//)
95 CONTINUE
RETURN
END
C IAAKKK KA I AAKAK K hA A Ak ARk kA hkhkAhkhhkhhkkkhhhkhkkhkhkhhhkrhhkhhkhkkkrrhikk
C
SUBROUTINE ALEAK(RCI,A,GAP)
C  CALCULATES NET FLOW AREA AVAILABLE ACROSS A DIAMETRAL LINE
DIMENSION GAP(20)
H= .1*A
SUM = 0.
DO 10 1=2,8,2

10 SUM = SUM +4 . *GAP(I)+2.*GAP(I+1)
SUM = ((SUM+GAP(1)+GAP(11)+4.*GAP(10))*H/3.) +GAP(11)*(RCI-A)*.5
SUM = SUM*2.
WRITE(6,100) SUM
100  FORMAT(1HO,6X,"..... DIAMETRAL LEAK AREA..... =",E15.5)
RETURN
END

C FEKKKKKAIAAKR A KRR ARKRKRAAAR KA AAKR A KA RAARRAR Kk hhhkkkhhkhkhhrhdhhhkhhhd

C
SUBROUTINE SERIES(X,NTERM)
EXTERNAL ASUM,FCTL
DIMENSION C(4,50) , R(4)
COMMON/ONE/S1,52,53,54,55,56,57,58
COMMON/TWO/SI1,DSI1,512,DS12,S13,DS13,514,DS14

PII= .392699
IF(X .GT. 6.) GO TO 400
XP= .5*X

CALL BESSEL(X,BERO,BER1,BEIO,BEI1)
C  EVALUATE R FUNCTIONS

DO 10 I=1,4

R(1) = 0.

DO 10 J=1,NTERM

10 C(I,J) =0.0

DO 100 J=1,NTERM,2

M=J-1

FS= FCTL(2*M+1)

FSS = FCTL(2*M+2)

C(1,d) = (ASUM(2*M+1) -XP**4 *ASUM(2%M+3) /((2*M+3)

1 *(2*M+2) ) **2) % (XP** (2%M+1) /FS) **2

C(2,d) = (ASUM(2%M+2) -XP**4*ASUM(2*M+4) /
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1 ((2%M+4) *(2%M+3))*%2)  *(XP**(2%M+2)/FSS)**2
c(3,d) = ((ASUM(2*Me1) *(2#041)) - ASUM(2*%M+3) *XP**4
L /((2%Me3) *(2¥M42) *%2)) *(XP**(25M+.5)/FS)**2
C(4,9) = ((ASUM(2#M2) *(2¥M52)) -ASUM(24Me4)*XP**4
1 /((2%M+4)*(2%Me3) *%2)) *(XP**(2*M+1.5)/FSS)**2
CONTINUE
DO 200 I=1,4

DO 200 J=1,NTERM,2
R(1) = R(I) +C(I,J)
SI3= .5*BERO - .6366197*(R(

1) -ALOG(XP*1.78108) *BEIO)
SI14 = -.5*BEIO + .6366197*(R

R

*

) -
(2) + ALOG(XP*1.78108)*BERO)

(3) -BEI1*ALOG(XP*1.78108) -(BEIO/X ))
(R(4) + BER1 *ALOG(1.78108*XP)

DSI3 = .5*BERL -.6366197 *(
DSI4 = -.5*BEIl + .6366197
1 +(BERO/X))

Pon

SI11 = BERO
DSI1 = BER1
SI2 = -BEIO
DSI2 =-BEIl
GO TO 450

XS= .7071067*X

FAC= 1./SQRT (6.283185 *X)
ES= EXP(XS)

ESI= EXP(-XS)

SI1 = FAC*ES*COS(XS-PIT)
SI2 =-FAC*ES*SIN(XS-PII)

DSI1 = FAC*ES*COS(XS+PII)
DSI2 = -FAC*ES*SIN(XS+PII)
SI3 = 2.*FAC*ESI*SIN(XS+PII)

S14 = -2.*FAC*ESI*COS(XS+P1I)
DSI3 = -2.*FAC*ESI*SIN(XS-PII)
DSI4 = 2.*FAC*ESI*COS(XS-PII)
CONTINUE

S1 = X*S12 -2.*DSI1

§2= X*SI1+2.* DSI2

§3= X*S14-2.* DSI3

S4= X*SI3+2.* DSI4

S5 = X*X*DSI2 - 4*X*SI2 + 8*DSI1
S6 = X*X*DSI1 - 4*X*SI1 - 8*DSI2
S7 = X*X*DSI4 - 4*X*SI14 + 8*DSI3
S8 = X*X*DSI3 - 4*X*SI4 - 8*DSI4
RETURN
END

Ak kkhkkhkkkkhkhkrhkhkkkkkhkhkhkkkkkkhkhhkhhhhhhhkkhkkkhrkkkhkhkkhhkkrkx

SUBROUTINE BESSEL(XP,BERO,BER1,BEIO,BEIL)
DIMENSION G(4),A(4),B(4),C(4)
EXTERNAL CALC



4/Tubesheet Sandwiched Between Two Flanges

DO 200 I=1,51,2
K=I-1

300 G(J)=6(J)

301 C(J)=ABS(C
IF (AMAX1(C

200 F=F*(2*1+1

400 BERO= a( )
BER1=-G(2)*(X**3)
BE10=G(3)*X*X
BEI1=G(4)*X
RETURN
END

C ARKKKAKRKAKIARA AR kA Ak hkkhkhkhkkhkkhkkkkhkhhkhhkkhhhhkhkhkhhhkhkhkkkk

SUBROUTINE CALC(K,A,F)

DIMENSION A(4)

A(1)=1.0/(F*F)

A(2) = 2.%(K+1)/ ((F*(2%K+1)*(2%K+2))**2 )
A(3)=1.0/ ((F*(2%K+1))**2)

A(4) =(2.* K+1)*A(3)

RETURN

END

C KAAEKKR KKK KAIAIIIIAA R A AR AR A AAR KAk kA khkhkhkhkhkkhkkkhkkhkkAxhhkkkk

FUNCTION ASUM(N)
ASUM =0.
DO 10 1=1,N
10 ASUM = ASUM + 1./FLOAT(I)
RETURN
END
FUNCTION FCTL(N)
COMPUTES FACTORIAL
SUM = 1.0
DO 10 1=1,N
10 SUM = SUM*I
FCTL=SUM
RETURN
END

(]

G(J))
€(2),C(3),C(4)) .LT. .00001) GO TO 400
*1+2)

203

Note: Subroutine SIMQ used in this program is listed with program

FLANGE in Chapter 3.



204 Mechanical Design of Heat Exchangers
4.8.2 Two Flanges Bolted Together

Two flanges are often utilized to connect two piping runs. TRIEL can be
used to compute the stress and deflection in these flanges by making the
following provisions in the input data.

(i) Input the geometric data for the two flanges by treating them as bonnet
and shellside flanges, respectively.

(ii) Set shell and tubeside pressures equal to the joint pressure.

(iii) Specify the shellside and tubeside gasket effective widths equal to the
joint gasket effective width. Specify their loading and unloading
stiffness equal to twice the joint gasket loading and unloading stiffness,
respectively.

(iv) Set the tubesheet to be very thin (say, 0.1”) and set the seating con-
dition gap ¢, large enough to simulate a raised face condition (no MTM
condition).

Following the above procedure, the stress field in bolted raised face hubbed
flanges can be found using computer program ‘“TRIEL”’.

4.8.3 Other Applications

“TRIEL”’ can be used to analyze a bolted joint consisting of a flat cover
and a welding neck flange. The appropriate input data provision to simulate
such joints is described in Section 12.8.
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